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fully developed turbulent flow, Nu, vs. non-dimensional axial distance, x/D.
Straight pipe of circular cross section. Constant heat transfer rate. Pr =
0.01. Results are shown for different Reynolds numbers, Re. Calculated by
the compiler after Kays (1966) [L1OL1]........uuuriiiieiiiiiiiiiiieieee e 81

Figure 6-26: Ratio of thermal entry length Nusselt number, Nuy, to Nusselt number for
fully developed turbulent flow, Nu, vs. non-dimensional axial distance, x/D.
Straight pipe of circular cross section. Constant heat transfer rate. Re =
10°. Results are shown for different Prandtl numbers, Pr. Calculated by the
compiler after Kays (1966) [10L].....ccuuuuiiiiireeiiieiiiiiis e e eeeeeeeiiien s e e e e e eeennnn e e e e e eeenes 82

Figure 6-27: Ratio of thermal entry length Nusselt number, Nuy, to Nusselt number for
fully developed turbulent flow, Nu, vs. non-dimensional axial distance, x/Dkg.
Parallel plates at distance 2Dg, one of them insulated. Constant heat
transfer rate. Also shown the influence coefficient, Z. Results are shown for
three different Prandtl numbers, Pr, and two Reynolds numbers, Re.
Calculated by the compiler after Kays (1966) [101]........ccooeeeiiiiiiiiiiiiieeee 82

Figure 6-28: Nusselt number, Nu, vs. Reynolds number, Re. Flow of a fluid having
constant physical properties over a constant temperature circular cylinder
whose axis is hormal to the incoming flow. From ESDU 69004 (1969) [50]. ....... 84

Figure 6-29: Effect of variable fluid properties, (a) and (b), and of inclination angle, (c),
on the Nusselt number corresponding to the flow of a fluid over a constant
temperature cylinder. Nuy, (Nuge-) can be deduced from Figure 6-28. From
ESDU 69004 (1969) [50]. 1oeeeeiiiiieiieereeeeeessiiieeeeeeeeeeaesssnseeeeeeeeeeessnnnseeeeeeeaeesannnnes 85
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Figure 6-30: Guide for the selection of the curves given in Figure 6-31 and Figure 6-32
concerning in-line tube banks of different relative pitches. From ESDU
T303L (LO73) [57]. ceeeeuurtteeieeee e ettt et e e e e e e e e e e e e s e e e e e e e s 86

Figure 6-31: Reference Nusselt number, Nu,, for Pr, = 1, as a function of Reynolds
number, Re. In-line tube banks. See Figure 6-30 for the meaning of the
numbers which appear on the curves. From ESDU 73031 (1973) [57]. c.vvvn...... 87

Figure 6-32: Reference Nusselt number, Nu,, for Pr, = 1, as a function of Reynolds
number. Re. In-line tube banks. See Figure 6-30 for the meaning of the
numbers which appear on the curves. From ESDU 73031 (1973) [57]. c.vuvn...... 88

Figure 6-33: Reference Nusselt number, Nu,, for Pr, = 1, as a function of Reynolds
number. Re. In-line tube banks. Staggered tube banks. From ESDU 73031
(L973) [B7]. weeeeeeee et e e e e e e e e e e e e e e aaaaaeaeaaaan 89

Figure 6-34: Effect of the Prandtl number, Pry, on the reference Nusselt number, Nu;,
for both in-line and staggered tube banks. From ESDU 73031 (1973) [57]......... 89

Figure 6-35: The factor F; to account for variable fluid properties. From ESDU 73031

(1973) 57 weeeeeeeeeeiitt ettt ettt e et e e e e e e et e e e e e e e e eeeaeeeaaann 90
Figure 6-36: The factor F, accounting for abnormal number of rows vs. that number, N.

From ESDU 73031 (1973) [D7]. eeeeeeeeeeeeiaiiiiiieieieeeeeaesiiiiieieaeeeeesssnnnnneeeeeeeeesannnes 90
Figure 6-37: The factor F3 accounting for the effect of yaw vs. the inclination angle, 6.

From ESDU 73031 (1973) [S7]. eeveeeeeeeeiiiiiiiiiiiiieeeeeaeeiiiiieeeaee e e e e ssnnnnneeeeeeeeesannnnes 90
Figure 6-38: The factor F, for estimating the Nusselt number of the n-th row. From

ESDU 73031 (1973) [B7] cvevereeeeeerrieieeeeeeseteeeeseeesesee e e eennenns s s s enenenens 91

Figure 7-1: Friction characteristics associated with four types of roughness geometry.
Notice that the equivalent roughness is different in every case. From
REYNOIAS (L974). ..ot 96

Figure 7-2: Friction factor, A, as a function of Reynolds number, Re, for different
values of the relative roughness, e/D: Cylindrical tubes of circular cross
section. From Idel'cik (1969) [97]....cceiiriiiiiieeeee e 105

Figure 7-3: Correction factor, K, to be used when the cross section of the duct is not
circular. Laminar flow. K = 1 for turbulent flow through hydraulically smooth

ducts. From ESDU 66027 (1966) [46]. .....ceoiiiiuriiiiiiieeeeeiiiiiieiie e 105
Figure 7-4: Boundary between short and long circular arc bends. From ESDU 67040

(LOBT7) [AT7]. oottt 106
Figure 7-5: Boundaries between laminar, transitional and turbulent flows in long circular

arc bends. From ESDU 67040 (1967) [47]. «oeeeeeeee e 106

Figure 7-6: Pressure loss coefficient per unit bend angle, ck/é, as a function of the
dimensionless radius of curvature of bend centerline, R/D, for different
values of Reynolds number, Re. Either circular or square cross section.
From ESDU 67040 (1967) [47]. w.veveveeeeeeeeeeeeeeeeeeeeeeeeeseeeseseesesee e eneneneeeees 107

Figure 7-7: Pressure loss coefficient, ck, as a function of the dimensionless radius of
bend centerline, R/D, for different values of Reynolds number, Re. Laminar
flow through short circular arc bends. From ESDU 67040 (1967) [47]. ............. 108

Figure 7-8: Pressure loss coefficient, ck, as a function of the dimensionless radius of
bend centerline, R/D, for different values of bend angle, 6. Turbulent flow
through short circular arc bends. Either circular or square cross section.
From ESDU 67040 (1967) [A7]. .eeeieiiiiieeeiieee ettt 109
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Figure 7-9: Pressure loss coefficient, ck, for short circular arc bends, having a short
downstream tangent of length, Ly, as a function of Ly/D, for different values
of the dimensionless radius of bend centerline, R/D. Turbulent flow. Either

circular or square cross section. From ESDU 67040 (1967) [47]. .ccvvvvveeeeeennnnns 110
Figure 7-10: The factor a4 to account for the aspect-ratio of the bend cross section.

From ESDU 67040 (1967) [A7]. cuuueeeeiiieee e eiiie e sitie e e st e e s stee e e e sntaee e e s nnnnnaaeens 110
Figure 7-11: The factor a, to account for the bend angle. From ESDU 67040 (1967)

4 SRR 111

Figure 7-12: Pressure loss coefficient, ck, for single mitre bends, as a function of bend
angle, g, for different values of the dimensionless length, Ly/D, of the
downstream tube. Turbulent flow. Either circular or square cross section.
From ESDU 67040 (1967) [A7]. euveeeeeeeeeiieiiiiieee et siraran e e e e 111

Figure 7-13: Factor g, which account for the interaction between two 90° -circular arc
bends-, as a function of the dimensionless distance between both bends,
Lo/D. From ESDU 68035 (1968) [49]. ..oeeiiieiiiiiieieeeeeesiiiieeee e e e eiiinneeee e e e 112

Figure 7-14: Factor g, which account for the interaction between two mitre bends, as a
function of the dimensionless distance between both bends, L./D. From
ESDU 68035 (1968) [49]. ..eeeiiiiiiiiiiieee e e e e ettt e e e e e st e e e e e e e s esararaaeeeeeeaaaan 113

Figure 7-15: Total-pressure loss coefficient, ck;, as a function of Reynolds number,
Repl, for different values of the area ratio, . Enlargement with a duct
downstream 4D, long. Uniform incoming flow at low Reynolds number.

From ESDU 72011 (1972) [54]. .ueeeeieee ettt 113
Figure 7-16: Different velocity profiles upstream of a sudden enlargement. From ESDU
72011 (1972) [BA]. weeeeeeieeeiee ettt et et et e et e et e e b e e aneeeeanes 114

Figure 7-17: Total-pressure loss coefficient, ck;, as a function of area ratio, .
Enlargement with a duct downstream 4D, long. Numbers on curves indicate
the velocity profile in Figure 7-22 for which the curve applies. From ESDU
72011 (1972) [BA]. woveeeeeeeeeee oo n s st 114

Figure 7-18: Static-pressure loss coefficient, -cks, as a function of area ratio, .
Enlargement with a duct downstream 4D, long. Numbers on curves indicate
the velocity profile in Figure 7-22 for which the curve applies. From ESDU
(L972) [BA]. eeeiieee et a e 115

Figure 7-19: Total-pressure loss coefficient, ck;, as a function of Reynolds number,
Repy, for different values of the area ratio, . The pressure loss coefficient
is expressed in terms of the dynamic pressure at clause 6. From Idel'cik
(L969) [97]. eerrrnnetinet 115

Figure 7-20: Reference values of the pressure loss coefficient, ck, as a function of the
ratio, ¢, of the area available for fluid flow to the total area of the duct cross

section. Perforated plates and orifices. From ESDU 72010 (1972) [53]............ 116
Figure 7-21: The factor as to account for the effect of plate thickness when t/d < 0,8. cko

is given in Figure 7-19. From ESDU 72010 (1972) [53]...uevveeeeeiiiiiiiiieeieeeeneee 117
Figure 7-22: The factor a4 to account for the effect of plate thickness when t/d > 0,8.

Cko,s IS given in Figure 7-19. From ESDU 72010 (1972) [53]. «ceeeeeveeeeeeeeeeeeeeeennn 118

Figure 7-23: Comparison between the pressure loss coefficients, cy, in the intermediate
region calculated by assuming either of the two extreme cases, fully-
separated or reattached orifice flow. From ESDU 72010 (1972) [53]......ccccc..... 119
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Figure 7-24: Reference pressure loss coefficient, ck,, as a function of porosity, ¢.

Round-wire gauzes. From ESDU 72009 (1972) [52]. ...uvvvvveeeeiiiiiiiiiiiieeeeeeeeae

Figure 7-25: Factor a5 to account for low Reynolds number effects in round-wire
gauzes. Reynolds number based on the wire diameter. From ESDU 72009

(1972) [B2]. cveveereeeeeeeeeeeeeeeeeseeseeeeee e eeees e e e s ees s eee e s ees e s es e eee e e s esere

Figure 7-26: Reference pressure loss coefficient, ck,, as a function of Reynolds
number, Re, for diaphragm and butterfly valves fully open. Prepared by the

compiler after ESDU 69022 (1969) [51]...cceieviieeeiieeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeee

Figure 7-27: Factor as, which accounts for the partial opening of the valve, as a
function of the degree of valve opening, 6. dis defined as the ratio of valve
control travel from closed position to total valve control travel. From ESDU

69022 (1969) [BLL +vvevererereeereeeeeeeesseeeeeseeseeseeeeeeseeseeseeseesesseesesseeseesesseeseere.

Figure 7-28: Graphics for estimating the pressure loss coefficient, c, for in-line tube
banks of several relative pitches, s, s;, and yaw angles, 6. The influence of
the heat exchange on the pressure loss is taken into account through the
tube bank inlet and exit temperatures, T; and T,, respectively. From Idel'cik

[O7 . e eveeeeeeeeeeeeeeeee e e eeeeeeeeeee e e ee e ee s ee e e s e et et ee e e et e e et e e en e

Figure 7-29: Graphics for estimating the pressure loss coefficient, ck, for staggered
tube banks of several relative pitches, s, s, and yaw angles, 6. The
influence of the heat exchange on the pressure loss is taken into account
through the tube bank inlet and exit temperatures, T; and T,, respectively.

From 1del'Cik (1969) [97]. .uuuuurrneei s

Figure 7-30: Pressure loss coefficient, ck, as a function of the ratio of lateral to total
mass flow rates in branching tubes. The mixed confluence-branching case

is not considered. From Idel'cik (1969) [97]. ....covvvriiiiiii e,

Figure 8-1: The ratio 2St/f, for turbulent flow in constant wall temperature cylindrical
tubes, as calculated by use of several expressions, vs. the Reynolds
number, Re. E: Correlation of experimental results. From Goldstein (1950)
[73]. R: Reynolds Analogy. P: Prandtl Analogy. K: von Karman Analogy.

Calculated by the cComPpiler. ...

Figure 9-1: Constant power heat transfer ratio, (h,-ho)p, vs. Reynolds number based on

non-augmentative conditions, Re,. From Bergles (1969) [8]. .........ccevvevvvvnnnnnn.

Figure 9-2: Roughness function u.*(e*)for Nikuradse's sand roughness. (1)
Hydraulically smooth. (2) ue" = 8,48, completely rough. From Schlichting

(L960) [157]. +vvereeeeeeeeeereeeeseeeseeseeeeeeeeeeeeseeeeeeseeseeseeeeesees e seesees s ee e ereese s

Figure 9-3: Constant power heat transfer ratio, (h,-ho)p, vs. Reynolds number based on
non-augmentative conditions, Re,. Curves A to D are from Bergles (1969)
[8], curves E and F have been calculated by the compiler after Webb,

Eckert & Goldstein (L971) [186]......uuuuuuuunueniniiiiiec e

Figure 9-4: Roughness function ue*(e*,b/e) for repeated-rib roughness. From Webb et

A, (1971) [186]....veeeeeeeeeeeeeeeeeeeee e eeee e ee e ee e ee e e e

Figure 9-5: Flow pattern near the wall for different values of b/e. ...........cccccieii i,

Figure 9-6: Constant power heat transfer ratio, (h,-ho)p, vs. Reynolds number based on
non-augmentative conditions, Re,. Curves A, B, C are from Bergles (1969)
[8], curves D to G have been calculated by the compiler after Sheriff &

GUMIEY (L966) [LB6]. ..ccceeeeeee i

Figure 9-7: Roughness function, u.’(e*,b/e), for wire coil roughness. Plotted by the

compiler after Sheriff & Gumley (1966) [166]. .........ceeeeeeeeeeeeeeiieeeeee
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Figure 9-8: Velocity and Temperature distributions across the annulus. ...............cccvvveee... 147

Figure 9-9: Constant power heat transfer ratio, (ha/ho)p, vs. Reynolds number based on
non-augmentative conditions, Re,. From Carnavos (1974) [19]........ccccccvvvvvnnns 149

Figure 9-10: Constant power heat transfer ratio, (ha/ho)p, VS. Reynolds number based
on non-augmentative conditions, Re,. From Carnavos (1974) [19]................... 151

Figure 9-11: Constant power heat transfer ratio, (ha/h,)p, VS. Reynolds number based
on non-augmentative conditions, Re,. From Carnavos (1974) [19]..........cc....... 153

Figure 9-12: Constant power heat transfer ratio, (h./h,)p, vs. Reynolds number based
on non-augmentative conditions, Re,. From Bergles (1969) [8].......ccccccceeeenn.n. 156

Figure 9-13: Constant power heat transfer ratio, (ha/ho)p, VS. Reynolds number based
on non-augmentative conditions, Re,. Calculated by the compiler after
Hong & Bergles (L1976) [91]. ..vvuii i e e 157

Figure 9-14: Constant power heat transfer ratio, (ha/ho)p, VS. Reynolds number based
on non-augmentative conditions, Re,. Curves A to | are from Bergles
(1969) [8], curves J to M have been calculated by the compiler after
Thorsen & Landis (1968) [178]. ...ceuvuriiiiieiiieeiiiii i ee et e e e e e e e eeaeens 160

Figure 9-15: Isothermal Nusselt number, Nu,,. divided by the ratio of friction factors, T,
vs. the Reynolds number, Rey, for different values of the Prandtl number,

Pr. Calculated by the compiler after Thorsen & Landis (1968) [178]. ................ 163
Figure 9-16: Constant power heat transfer ratio, (he/h,)p, vs. Reynolds number based
on non-augmentative conditions, Re,. From Bergles (1969) [8]........cccccceeeennen. 164

Figure 9-17: Constant power heat transfer ratio, (ha/ho)p, VS. Reynolds number based
on non-augmentative conditions, Re,. Curves A, B, C from Bergles (1969)
[8], curves D, E, F from Bergles, Lee & Mikic (1969) [9].......cccceeviiiiiriiiiiniiinneenn. 167

Figure 10-1: Product of cooling effectiveness, F, of several fluids times the equivalent
length of the loop, Lg, as functions of the difference between the heat
source and the inlet temperature, Ts- T;, for the following reference values:
Inner diameter of the duct, D = 10 m. Diabatic length of the duct, L = 1 m.
Heat flux, g = 250 W.m for Air, Carbon Dioxide, Carbon Tetrachloride,
Hydrogen and Nitrogen, g = 1000 W.m™ for Ethylene Glycol, Flutec PP50
and Water. Calculated by the compiler. ..., 171

Figure 10-2: Schematic representation of the fluid loop considered for estimating the
L8 1o edo o] 1o =] 1 {=Toa 117 =T 0TI 172

Figure 10-3: Graphical method allowing for values of heat flux, g, and inner diameter of
the duct, D, different from those used in Figure 10-1. ...........ccccccvvvviiiiiniinnnnnnn. 174

Figure 10-4: Graphic for estimating the product of the fluid cooling effectiveness, F,
times the equivalent length of the loop, Lg, as a function of the difference
between the heat source and the inlet fluid temperature, Ts- T;. Fluid: Air.
Reference values: D =10%m, L =1 m, g = 250 W.m™. Values FLg for
different D and g, yet L = 1, can be calculated graphically as is indicated in
the text. Prepared by the compiler. ..., 175

Figure 10-5: Graphic for estimating the product of the fluid cooling effectiveness, F,
times the equivalent length of the loop, Lg, as a function of the difference
between the heat source and the inlet fluid temperature, Ts- T;. Fluid:
Ethylene Glycol. Reference values: D = 10°m, L =1 m, g = 1000 W.m?,
Values FLg for different D and q, yet L = 1, can be calculated graphically as
is indicated in the text. Prepared by the compiler. ...........cccccciiiiiiiiiiiiininne. 176
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Figure 10-6: Graphic for estimating the product of the fluid cooling effectiveness, F,
times the equivalent length of the loop, Lg, as a function of the difference
between the heat source and the inlet fluid temperature, Ts- T;. Fluid:
Flutec PP50. Reference values: D = 10?m, L =1 m, g = 1000 W.m™.
Values FLg for different D and q, yet L = 1, can be calculated graphically as
is indicated in the text. Prepared by the compiler. ..., 177

Figure 10-7: Graphic for estimating the product of the fluid cooling effectiveness, F,
times the equivalent length of the loop, Lg, as a function of the difference
between the heat source and the inlet fluid temperature, Ts- T;. Fluid:
Water. Reference values: D =102 m, L =1 m, g = 1000 W.m™. Values FLg
for different D and g, yet L = 1, can be calculated graphically as is indicated

in the text. Prepared by the compiler. ..., 178
Figure 10-8: Vapor pressure, psa, of Water vs. temperature, T. From Vargaftik (1975)

S 1 RSP 186
Figure 10-9: Density, p, of Water vs. temperature, T. From Vargaftik (1975) [183]. ............ 186
Figure 10-10: Specific heat, c,, of Water vs. temperature, T. From Vargaftik (1975)

RS 1 RO 186
Figure 10-11: Thermal conductivity, k, of Water vs. temperature, T. From Vargaftik

(L975) [183B]. woevveeeeeeeeeeeeeee ettt e e en s sttt ettt 187
Figure 10-12: Dynamic viscosity, x4, of Water vs. temperature, T. From Vargaftik (1975)

RS 1 PP 187
Figure 10-13: Vapor pressure, psa;, Of Carbon Tetrachloride vs. temperature, T. From

Vargaftik (L1975) [L83]. .ottt 187
Figure 10-14: Density, p, of Carbon Tetrachloride vs. temperature, T. From Vargatftik

(1975) 183 wereeeeeiiietiiit et e e e e ettt e e e e e e e e e e e e e et e e e e e e e e e e araaaaaaaeaaas 188
Figure 10-15: Specific heat, c,, of Carbon Tetrachloride vs. temperature, T. From

Vargaftik (L1975) [L83]. oot e e e e e e e e e 188
Figure 10-16: Thermal conductivity, k, of Carbon Tetrachloride vs. temperature, T.

From Vargaftik (1975) [183]. ... uuiieeiiiiieiiiiiieie e 188
Figure 10-17: Dynamic viscosity, u, of Carbon Tetrachloride vs. temperature, T. From

Vargaftik (L1975) [L83]. ..o oiiiiieiiee ettt e e e e e e e e e e e e e e e e e e e nnneeees 189
Figure 10-18: Vapor pressure, psa;, of Coolanol 15, 25, 35 and 45 vs. temperature, T.

From Filippi & Guerra (1977) [B4]. ....uuvruurriurenuiininiiineiniie e 189
Figure 10-19: Density, p, of Coolanol 15, 25, 35 and 45 vs. temperature, T. From Filippi

& GUEITA (LO77) [BA]. ettt 189
Figure 10-20: Specific heat, c,, of Coolanol 15, 25, 35 and 45 vs. temperature, T. From

Filippi & GUErTa (L1977) [B4]. wuueueiie et e e e 190
Figure 10-21: Thermal conductivity, k, of Coolanol 15, 25, 35 and 45 vs. temperature,

T. From Filippi & Guerra (1977) [B4]. ...coevveieieieeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeeee 190
Figure 10-22: Dynamic viscosity, u, of Coolanol 15, 25, 35 and 45 vs. temperature, T.

From Filippi & Guerra (1977) [B4]. ....uuuuuuenuneinniiniiie e 190
Figure 10-23: Kinematic viscosity, v, of DC 200 vs. temperature T. Numbers on curves

indicate the standard viscosity in cs. From DOW CORNING (1972) [38]........... 191
Figure 10-24: Freezing point, T, of Water/Glycol Solutions vs. Glycol mass fraction, s.

From Filippi & Guerra (1977) [64]. ...cooeeeiiiiiiiieeeee e 191
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Figure 10-25: Vapor pressure, psa, of Water/Glycol Solutions vs. temperature, T.
Numbers on curves indicate Glycol mass fraction, c. From Filippi & Guerra
(ZOT77) [BA]. weeeeieeeeeeeee ettt e e et e e e e e a e e as 192

Figure 10-26: Density, p, of Water/Glycol Solutions vs. temperature, T. Numbers on
curves indicate Glycol mass fraction, c. From Filippi & Guerra (1977) [64]....... 192

Figure 10-27: Specific heat, c,, of Water/Glycol Solutions vs. temperature, T. Numbers
on curves indicate Glycol mass fraction, c. From Filippi & Guerra (1977)
(B4 e 193

Figure 10-28: Thermal conductivity, k, of Water/Glycol Solutions vs. temperature, T.
Numbers on curves indicate Glycol mass fraction, c. From Filippi & Guerra
(LOT7) [B4]. oottt 193

Figure 10-29: Dynamic viscosity, u, of Water/Glycol Solutions vs. temperature, T.
Numbers on curves indicate Glycol mass fraction, c. From Filippi & Guerra
(L977) [BA]. v e e ettt enenen e 194

Figure 10-30: Vapor pressure, psa, Of Flutec PP-2, PP-9 and PP-50 vs. temperature, T.
Data are from Dunn & Reay (1976) [40] except those corresponding to
Flutec PP-50 which are from Wyn-Roberts (1974) [193]. .....ccooviiiiiiiiieiieeeniis 194

Figure 10-31: Density, p, of Flutec PP-2, PP-9 and PP-50 vs. temperature, T. Data are
from Dunn & Reay (1976) [40] except those corresponding to Flutec PP-50

which are from Wyn-Roberts (1974) [193]. c..uceiii i 195
Figure 10-32: Specific heat, c,, of Flutec PP-50 vs. temperature, T. From Wyn-Roberts
(1974) [193]. oo e n ettt ettt 195

Figure 10-33: Thermal conductivity, k, of Flutec PP-2, PP-9 and PP-50 vs. temperature,
T. Data are from Dunn & Reay (1976) [40] except those corresponding to
Flutec PP-50 which are from Wyn-Roberts (1974) [193]. ......coooviiiiiiieiieeeniins 196

Figure 10-34: Dynamic viscosity, u, of Flutec PP-2, PP-9 and PP-50 vs. temperature, T.
Data are from Dunn & Reay (1976) [40] except those corresponding to

Flutec PP-50 which are from Wyn-Roberts (1974) [193]. ......cuvvvverrermrernniinnnnnnns 196
Figure 10-35: Vapor pressure, psa, Of Freon 11, 12, 13, 21, 22, 113, 114 and 142 vs.

temperature, T. From Vargaftik (1975) [183]. .....cociiiiiiiiiieeeeieee e 197
Figure 10-36: Density, p, of Freon 11, 12, 13, 21, 22, 113, 114 and 142 vs.

temperature, T. From Vargaftik (1975) [183]. .....ccocviiiiiiiieeeeeieeeee e 197
Figure 10-37: Specific heat, c,, of Freon 11, 12, 13, 21, 22, 113, 114 and 142 vs.

temperature, T. From Filippi & Guerra (1977) [64]. «.covvvvvveeviieiiieiiieeieeeeeeeeeeeee, 197
Figure 10-38: Thermal conductivity, k, of Freon 11, 12, 13, 21, 22,113, 114 and 142

vs. temperature, T. From Vargaftik (1975) [183]...cccevviiiiiiiiiiiiiiieiiieeeeeeeeeeeeeeeee 198

Figure 10-39: Dynamic viscosity, 4, of Freon 11, 12, 13, 21, 22, 113, 114 and 142 vs.
temperature, T. Data are from Vargaftik (1975) [183] except those

corresponding to Freon 13 which are from Filippi & Guerra (1977) [64]............ 198
Figure 10-40: Vapor pressure, psa, Of Freon E1, E2, E3, E4 and E5 vs. temperature, T.

From Filippi & Guerra (1977) [B4]. ...uuuuuuuenuneinneiniie e 199
Figure 10-41: Density, p, of Freon E1, E2, E3, E4 and E5 vs. temperature, T. From

Filippi & GUEITa (L1977) [B4]. wuvvneiii e e e e e 199
Figure 10-42: Specific heat, c,, of Freon E1, E2, E3, E4 and E5 vs. temperature, T.

From Filippi & Guerra (1977) [B4]. ...oooeeeiiiiiiiieieee et 199

16



ECSS-E-HB-31-01 Part 13A
/ E CSS 5 Decembael; 2011

Figure 10-43: Thermal conductivity, k, of Freon E1, E2, E3, E4 and E5 vs. temperature,

T. From Filippi & Guerra (1977) [64]. ..cccoeeviieeiiii et e et e e eeaeens 200
Figure 10-44: Dynamic viscosity, u, of Freon E1, E2, E3, E4 and E5 vs. temperature, T.

From Filippi & Guerra (L1977) [B4]. ..coevvureiei e 200
Figure 10-45: Vapor pressure, psa, Of FC 75 vs. temperature, T. From Filippi & Guerra

(LO77) [B4]. weeeeeeeeeeeette ettt ettt e e e e e et e e e e e e e et e e e e e e e e e e nnnrneeaeeaeeeaans 200
Figure 10-46: Density, p, of FC 75 vs. temperature, T. From Filippi & Guerra (1977)

. RSP 201
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Figure 11-4: a) Shell-and-tube exchanger with two shell passes and four tube passes.
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Figure 11-20: Heat transfer effectiveness, ¢, vs. number of heat transfer units, Ny, for
different number of shell passes, in a multipass exchanger with R = 1. The
case R = 0 is also shown for comparison. Calculated by the compiler after
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exchangers in parallel, vs. effectiveness, ¢, of a single exchanger.
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Figure 11-33: Relative capacity, £Q,/Q, of a simple two fluid heat exchanger vs. the
maldistribution parameter, ¢, for several values of the nominal number of
heat transfer units, Ny. From Weimer & Hartzon (1973) [187]. ......cvvvvvvvvvvvvnnnns 256
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Figure 12-3: Characteristic curves of SEALED MOTOR CONSTRUCTION Centrifugal
Pumps Cadet "Mini" and Cadet "S" pumping water. From Wyn-Roberts
(L973) [194]. oottt et e e e e e e e e e e 295
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Figure 14-4: Gas phase pressure loss multiplier, @, vs. Lockhart - Martinelli
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Figure 14-5: Liquid fraction, 1-«, vs. Lockhart - Martinelli parameters, X. From Wallis
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Figure 14-21: Liquid fraction, 1-¢, as a function of vapor quality, w, for annular flow of
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Figure 15-19: Radiator mass, Mg, of four typical systems (see text above) for different
values of the heat rejection rate, Q. Calculated by the compiler. ...................... 387
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1

Scope

Fluid loops are used to control the temperature of sensitive components in spacecraft systems in order
to ensure that they can function correctly.

While there are several methods for thermal control (such as passive thermal insulations,
thermoelectric devices, phase change materials, heat pipes and short-term discharge systems), fluid
loops have a specific application area.

This Part 13 provides a detailed description of fluid loop systems for use in spacecraft.

The Thermal design handbook is published in 16 Parts
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3
Terms, definitions and symbols

3.1 Terms and definitions
For the purpose of this Standard, the terms and definitions given in ECSS-S-ST-00-01 apply.

3.2 Abbreviated terms

The following abbreviated terms are defined and used within this Standard.

A/D analog-to-digital converter

ARS atmosphere revitalization subsystem

ATCS active thermal control system

BOL beginning of life

CACSD computer-aided control system design

CAD computer-aided design

CAPL capillary pumped heat transport loop

CPL capillary pumped loop

Cru central processing unit

D/A digital-to-analog converter

DCR direct condensation radiator

ECLA experiment cooling system with liquid to air heat
exchanger

EDHX experiment dedicated heat exchanger

EOL end of life

FCL freon coolant loop

FL fully developed flow

GSE ground support equipment
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HP
HPSTM
HTEL

HX

I/0
Mac
MBA
MPU
NPSH

OAO

PC
PCCP
PCM
PD

PI
PID
S/H
SLMS
STS
TED
TEL
TMS
TS

VCHP

heat pipe

high power spacecraft thermal management
combined hydrodynamical and thermal entry length
heat exchanger

integral controllers

input/output

maximum allowable concentration
multiple berthing adaptor

microprocessor unit

net positive suction head

orbiting astronomical observatory
proportional controllers

phase change

prototype capillary cold plates

phase change material
proportional-derivative controllers
proportional-integral controllers
proportional-integral-derivative controllers
sample-and-hold

seal leakage management subsystem

space transportation system

thermoelectric device

thermal entry length

thermal management system

thermal storage

variable conductance heat pipe
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3.3 Symbols
A

ArL

Arr

C>(-

Cost nu

Dr

DEu

Dwm

D

EL

heat transfer surface area, [m?]

internal cross-sectional area of a duct. [m?]. Also called
free flow area

frontal area of a heat exchanger core, [m?]
gas filled part of the cross-sectional area of a duct. [m?]

liquid filled part of the cross-sectional area of a duct,
[m?]

fin area, [m?]

wall cross-sectional area for longitudinal heat
conduction, [m?]

Clause 9: inside wall heat transfer surface area, [m?]
Clause 11: average wall area, [m?]

Chaps 5 and 11: capacity rate of a flow stream, [W.K™]
C=mcy

Clause 14: Chisholm parameter. Eq. [14-9]

Clause 15: electrical capacitance, [F]

capacity rate of the in parallel stream, [W.K™] refers to
assemblies of heat exchangers in parallel in one of the
streams

degradation in the heat exchanger thermal
performance, Costnm =1 — (Nuef/Nu)

diameter, [m]

equivalent or hydraulic diameter of a duct of Non-
Circular Cross Section. [m]. De = 4Ari/11.

equivalent or hydraulic diameter of a finned duct, [m]

inner diameter of a rough tube defined on a
volumetric basis, [m] Dm = (4v/zL)'2

diameter of the largest cross section in an axial
displacement heat transfer enhancement device. [m]

no-shear diameter in the flow through an annular
duct, [m]

emissive power, [W.m™72]

specific energy lost by a pump, [J.kg™] it is defined per
unit liquid mass
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Ex

Es

Eo

FLow

FE

F:

F

F;

F:

Gr

Gz

Le

Lent

specific energy developed by a pump, [J.kg™] it is
defined per unit liquid mass

specific energy supplied to a pump, [J.kg™] it is
defined per unit liquid mass

specific suction energy of a pump, [J.kg™] it is defined
per unit liquid mass

Clause 9: fin factor. ratio of the total convective heat
transfer to that transferred through the tube walls
alone, Clause 10: cooling effectiveness of a fluid

fraction of channels carrying lower-than-average flow
on the nonuniform side of a split counterflow heat
exchanger (fleming's model)

froude number, Fr = V2/gD

factor in tube banks, it accounts for variable fluid
properties

factor in tube banks, it accounts for abnormal number
of rows, (N = 10)

factor in tube banks, it accounts for the effect of tube
yaw

factor in tube banks, it gives the row to row variation
of heat transfer coefficient

ﬂgDépzh—w _Tb|
2

Y7,

Grashof number. Gr =

Graetz number, Gz = 7De/4LPr Re = mcp/kL.

Clause 12: head, [m]
Clause 14: liquid level in stratified flow, [m]

thermal capacitor stored energy, [J]

Clause 6: dean number, K = Re (#/R)'2
Clause 7: correction factor, it accounts for the fact that
the cross section of the tube is not circular

length, [m]
equivalent length, [m]
entrance length, [m]

Clause 7: mach number, M = V/a
Clauses 13 and 15: system mass, [kg]
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Mcr
Mp
Msp

MwL

N

Ntu

Now,

Nu
Nur

Nuq

Nu

Nuz

Pr

Q)

cold plate mass, [kg]

fluid driver mass, [kg]
solar panel mass, [kg]
(wet) plumbing mass, [kg]

mass penalty if a fluid loop, [kg] it includes the
equivalent mass due to pumping power

Clause 6: number of rows in tube banks, the rows are
counted in the flow direction

Clause 11: passage count of a heat exchanger core,
[m™]

parameter in the Taitel-Duckler limit for stratified
flow, Eq. (10.42)

number of heat transfer units

overall number of heat transfer units, refers to a
liquid-coupled system of heat exchangers

-1
Ne :[L+LJ
Ntul NtuZ

Nusselt number, Nu = hDk/k.
Nusselt number for constant wall temperature

Nusselt number for constant heat flux through the
wall

Nusselt number for the inner wall of a cylindrical
annulus when the outer wall is insulated

Nusselt number for outer wall of a cylindrical annulus
when the inner wall is insulated

power supplied to a pump, [W]
Peclet number, Pe = PrRe.
Prandtl number, Pr = ucp/k.
heat transfer rate, [W]

convective heat transfer rate in a tube, from onset of
heat transfer to station x, [W]

thermal capacitor energy storage rate, [W]

radius of the centerline in curved pipes, [m]
Clauses 5, 11 and 13: capacity ratio, R = C1/C2< 1
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Sf

St

Tr

Ts

Tuv

T

Tbum

Te

Tsut
Tw
Ts

T+

Wicks-Dukler entrainment parameter, [m2.s] Eq.
(10.29)

Reynolds number, Re = pVDr/u

suction specific speed of a pump at given operating

o(m/ p)”

conditions, S = 7
EV

e
CpL (Tsat _Tw)

Stanton number, St = Nu/PrRe = h/pVcy

Stefan number, Sf =

temperature, [K]

reference temperature, [K]
Clause 15: radiator temperature, [K]

source temperature, [K]

[TdA,
fluid average temperature, T, = e
Ar
j uTdA;,
fluid bulk temperature, T, = S
VA-

arithmetic mean bulk temperature [K], Toam = (Tvi +
Tbu)/ 2

Clauses 5, 11, 13 and 15: cold temperature, [K]
Clause 9: cooling water temperature, [K]

liquid-vapor temperature, [K]

wall temperature, [K]

fluid film temperature, [K], T's = (Tw + Tv)/2
dimensionless temperature, T+ = pu*cp/h

overall thermal conductance, [W.m2.K™], U= g/(Tx -
T.).

mean fluid velocity, [m.s™]
Weber number, We = pcV2D/o.

Lockhart-Martinelli parameter. Eq. [14-3]
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CK

Cp

e+

~

influence coefficient, it relates the one-surface-heated
Nusselt number for the cylindrical annulus to Nusselt
numbers on both surfaces when they are heated with
any ration of heat fluxes.

Clause 7: velocity of sound, [m.s™].
Clauses 11 and 13: wall or plate thickness, [m]

parting sheet thickness, [m]

protrusion spacing, [m] it can be measured in either
axial or circumferential direction

mass fraction of a given species, when several species
are present

pressure loss coefficient, ck = (p1 — p2)/(1/2pV?)

constant-pressure fluid specific heat, [J.kg™.K™] for
gases ¢y is used in distinction to ¢, the constant-
volume specific heat

Clause 7: diameter of an orifice, wire or tube placed
inside a duct, [m]

Clause 11: cell height, [m]

Clause 15: interplate distance of a capacitor [m]

roughness height, [m]

dimensionless roughness height, e* = eu*/v =
(e/D)Re(f/2)'>

fanning friction ractor, f= /4

fanning friction factor for the homogeneous core
mixture flowing alone in the duct

fanning liquid film friction factor at the wall, annular
flow with entrainment

fanning core friction factor at the interface, ideal
annular flow

fanning core friction factor at the interface, annular
flow with entrainment

fanning liquid film friction factor at the wall, ideal
annular flow

fanning friction factor at the wall, two-phase mixture
model

acceleration due to gravity, [m.s™?]
Clause 5: dimensionless heat transfer similarity
function
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he
hfg

h's

ns

Psat

pt

rf

convective heat transfer coefficient, [W.m 2.K™]
thermal joint conductance, [W.m2.K™]
heat of vaporization or condensation, [J.kg™]

heat of condensation corrected by partial subcooling
effect, [J.kg™] Eq. (10.34)

colburn factor for heat transfer, j = StPr2?

thermal conductivity, [W.m™.K™]
Clause 7: incremental pressure loss factor, it accounts
for entrance effects

fluid mass flow rate, [kg.s™]

Clauses 6 and 9: exponent, it appears in the loading
factor accounting for the influence of fluid
temperature on heat transfer

mass flow rate of the fluid entrained in the core,
[kg.s'] annular flow with entrainment

mass flow rate of the liquid remaining in the film,
[kg.s'] annular flow with entrainment

Clause 6: number of tubes in tube banks, also number
assigned to the nth row tubes in tube banks

Clause 7: number of wires per unit length of wire
gauze, [m™!] exponent

Clauses 11 and 13: number of assembled heat
exchangers

Clause 12 and 15: rotating speed, [revolutions per
minute]

(optimum) specific speed of a pump, [m¥4.57%2]

. n(m/p)1/2

S 4
H3/

opt
pressure, [Pa]

liquid-vapor pressure, [Pa]
total pressure, [Pa]

heat flux, [W.m™]

radius or radial coordinate, [m]
fouling resistance, [K.m2.W™]

protrusion thickness, [m] it is measured in axial
direction
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Utc

u+

x+

ATw

SRS

longitudinal pitch in tube banks, [m]
diagonal pitch in staggered tube banks, [m]

transverse pitch in either in-line or staggered tube
banks, [m]

Clauses 7 and 9: thickness, [m]
Clause 11: temperature, [K]
Clause 15. time, [s], [min], [h] or [yr]

local fluid velocity [m.s™]

friction velocity, [m.s-1], u* = (w/p)"2.
dimensionless velocity, u* = u/u*

dimensionless friction factor similarity function
volume, [m3]

vapor quality

axial distance, [m]
Clause 11: mass flow fraction

dimensionless axial distance to duct entry, x*=
(x/r)/PrRe = 7/2Gz

Clause 9: tube diameter per 180° fin or tape twist
Clause 14: distance to the wall of the duct, [m]

vertical distance above arbitrary datum plane, [m]
mean wall-to-fluid bulk temperature differential, [K]
pressure loss, [Pa]

radiator area density, [kg.m™]

longitudinal wall conduction parameter, A= (k/L)Ax/C1
wetted perimeter of a duct, [m]

Chaps 5, 7 and 11: ratio of free-flow area to total
frontal area, also called porosity

Clause 14: Lockhart-Martinelli pressure loss multiplier
Eq. [14-2]

upstream to downstream area ratio, refers to sudden
area changes in ducts, factor in tube banks, it accounts
for the effect of tube yaw on pressure loss

(optimum) specific speed of a pump, ECUACION
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ai

a2

as

Qb

Ols

o€

Clause 11: area density, [m2m™3], ratio of total heat
transfer area on one side of a closed-type heat
exchanger or recuperator to total exchanger volume,
in the case of periodic type exchangers or regenerators
o is based on the area of both sides

Clauses 14 and 15: void fraction

factor in bends, it accounts for the aspect-ratio of the
bend cross section

factor in bends, it accounts for the bend angle

factor in orifices, it accounts for the relative thickness
of an orifice plate when #/d <0,8

factor in orifices, it accounts for the relative thickness
of an orifice plate when t/d > 0,8

factor in screens, it accounts for low Reynolds number
in round-wire gauzes

factor in valves, it accounts for partial opening
solar absorptance

Clauses 5 and 11: area density, [m2.m™] ratio of total
heat transfer area on one side of a plate-fin closed-type
heat exchanger or recuperator to the volume between
the plates on that side, in the case of periodic type
exchangers or regenerators fis based on the area of
both sides

Clauses 6 and 9: coefficient of volumetric thermal
expansion, [K™]

Clause 7: factor in bends, it accounts for the
interaction between two circular arc bends having a
bend angle of 90° each

Clause 15: 90° minus the angle between the line to the
Sun and the normal to orbit plane

Ratio of specific heats in a gas

Clause 7: ratio of valve control travel from closed
position to total valve control travel

Clause 8: laminar sublayer thickness, [m]

Chaps 14 and 15: film thickness, [m]

correction to allow for differences between
dimensionless temperature and dimensionless
velocity in the fully turbulent core in pipe flow, see
clause 13.2.

decrease in effectiveness of a heat exchanger because
of longitudinal wall conduction
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Eep

&t

r

Ty

AB

dimensionless film thickness, & = ou*/v

Clauses 5, 11 and 13: exchanger heat transfer
effectiveness

Clause 9: radial gap between the twisted-tape insert
used for enhancing the heat transfer and the tube wall,
[m]

Clause 15: hemispherical total emittance

Clause 15: dielectric permittivity, [F.m™]

cold plate effectiveness

dielectric permittivity of vacuum, & = 8,8542 x 102
Fm™

overall heat transfer effectiveness of an association of
heat exchangers

heat transfer effectiveness
fin effectiveness
overall efficiency of a pump

Clause 6: yaw angle, [angular degrees]
Clause 7: total angle turned through by a bend,
[angular degrees]

friction factor
baker parameter

fluid dynamic viscosity, [Pa.s] it is also known as
viscosity coefficient

fluid kinematic viscosity, [m?2.s71]
fluid density, [kg.m™]

surface tension, [N.m™]
Clause 15: Stefan-Boltzmann constant, o= 5,6697 x 1078
W.m2.K™

shearing stress, [Pa]

Clause 11: flow maldistribution parameter, it is
defined, although not in a unique fashion, in terms of
the mass flow rate

Clause 14: polar angle of stratified flow interface,
[angular degrees]

baker parameter

rotating speed, [radians per second]
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Subscripts

Low

SG

SL

TP

am

av

liquid film, annular flow with entrainment

Clause 7: gross value
Clause 14: gas

gas at the interface
affected by hall's transformation

refers to channels with higher-than average flow on
the nonuniform side of a split counterflow heat
exchanger (fleming's model)

Clause 7: refers to length L

Clause 11: refers to liquid stream in liquid-coupled
heat exchanger

Clause 14: liquid

refers to channels with lower-than average flow on the
nonuniform side of a split counterflow heat exchanger
(Fleming's model)

phase-change

net value

evaluated at constant pumping power
radiator

refers to heat source

gas flowing alone in the duct

liquid flowing alone in the duct

refers to total (axial plus spiral) values in spiralling
flow

two phase in the mixture theory

heat transfer enhanced date
Clause 15: Earth Albedo.

arithmetic mean value
average value
fluid bulk properties

Clauses 5, 11, 13 and 15: cold stream
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equiv

im
ir

Im

max

opt

tt

tv

vt

\'A%

Clause 7: cylindrical tubes
Clause 14: core, annular flow with entrainment

downstream tangent of a bend

spatial and temporal mean conditions at the tip level
of the roughness elements
Clause 15: space environment condition

equivalent
refers to fin or twisted-tape
hot stream

Clauses 5, 6 and 15: inlet conditions
Clause 14: interface

inlet mean value
infrared
logarithmic mean value

mean value between commencement of heat transfer
and station x

maximum value
refers to the nth component of an ensemble

outlet conditions
Clause 9: heat transfer nonenhanced data

optimum conditions

reference value for given thermal and/or geometrical
characteristics of a system, it is omitted when no
correction is made

refers to static pressure
Clause 15: solar

refers to total pressure
turbulent liquid, turbulent gas
turbulent liquid, laminar gas
upstream tangent of a bend
laminar liquid, turbulent gas

laminar liquid, laminar gas
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0,8

Superscripts

wall conditions
local conditions at section x of a duct

conditions at the edge of the laminar sublayer

refers to an orifice plate of zero relative thickness
refers to an orifice plate if relative thickness t/d = 0,8

Clauses 5, 11 and 13: conditions for the stream with
smaller capacity rate

Clauses 6 and 9: inner wall conditions in a cylindrical
annulus

Clause 7: upstream reference conditions

Clauses 6 and 9: outer wall conditions in a cylindrical
annulus

Clause 7: downstream reference conditions

Clause 11 conditions for the stream with larger
capacity rate

mean value

entrainment effects included
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4
General introduction

Fluids can be used to protect from thermal loads sensitive components of spacecraft systems.
This protection can be achieved on the basis of two completely different procedures.

1) The fluid is at rest although changing its phase, storing heat through melting (or evaporation) when
the temperature increases, and restoring it through freezing (or condensation), for dissipation at a
later time, when the temperature decreases. This is typical of phase change capacitors whose main
features are discussed in ECSS-E-HB-31-01 Part 10.

Single phase fluids at rest are not used for thermal control purposes because of the far better qualities
of solid materials, either as thermal) insulators or as thermal conductors.

2) The fluid is in motion, absorbing the heat at a relatively steady rate from the component whose
temperature is controlled, transferring it to a heat sink which can be placed fairly apart from the
source.

Heat transfer can be achieved either through sensible heat change or through phase change (latent
heat):

2.1) Sensible heat change. A liquid or gas phase is used to transfer heat according to the equation Q =
mcpAT. In order to increase the heat transfer rate, Q, either the mass flow rate, m, or the temperature
difference, 4T, is increased for a particular fluid. The specific heat, cp, is more or less the same for all
liquids and gases at normal conditions.

2.2) Phase change. The heat transferred is used to evaporate the working liquid according to the
equation Q = mhys, where hy is the latent heat of vaporization. Now the heat transfer is much higher
than in 2.1 for the same mass flow rate and the same type of fluid, whereas the temperature gradient
along the duct is much smaller (system isothermality which allows the maintenance of isothermal heat
load interfaces).

Forcing of the fluid through the duct can be performed by use either of:

2.3) A pumping device, centrifugal or positive displacement pump, normally driven by an electric
motor, as in the case of both single and two phase fluid loops which are the subject of this Part.

2.4) Capillary forces, as in Heat Pipes. Such devices are discussed extensively in ECSS-E-HB-31-01 Part
8.

A capillary pumped loop (CPL) is a two-phase heat transfer system whichconsists of multiple parallel
evaporators and where the pumping function is achieved through a fine pore size capillary structure.
Unlike conventional) evaporators where heat is transferred through a liquid layer to the evaporating
surface, in the CPL evaporator the heat is transferred directly to the vaporization surface. These
devices present the same boiling, priming and capillary pressure limits associated with heat pipes (see
ECSS-E-HB-31-01 Part 8, clause 5.2).
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2.5) Short-term discharge of a stored fluid. This may be accomplished by use of either of (see ECSS-E-
HB-31-01 Part 14, clause 5.3):

2.5.1) Sudden expansion of a gas stored in a high-pressure bottle, with the associated decrease in total
temperature (Joule-Thomson process).)

2.5.2) Boiling of liquids such as water or cryogenic fluids. These liquids are selected on the basis of
their high latent heats and (or) their low boiling points.

2.5.3) Sublimation of solids.

Because the large volume ratio associated with these open cycle processes, the fluid is vented out of
the vehicle once it has absorbed the heat.

4.1 Fluid loops

The aim of the fluid loop, as of any other thermal control system, is to keep the temperature of a given
component within the range which secures its correct functioning. To this goal, the heat flow rate
evacuated should be equal to the heat rate dissipated by the component plus that coming from
external sources.

According to their working mode, fluid loops may be either considered as:

1. Thermal insulators, the aim of which is to protect the component against a thermally
hostile environment, or

2. Thermal acceptors transferring the exceeding thermal energy from the component to the
thermal sink.

The coolant may circulate through a single-walled chamber enclosing the component, or through a
double-walled component heat exchanger package. The single-walled jacket affords more efficient
heat transfer than the heat exchanger, but the fluid can contaminate, corrode or chemically react with
the materials of the component which is being thermally controlled.

Dual-loop configurations, consisting of two circulating coolant loops coupled by an interloop heat
exchanger, are used very often. A dual-loop configuration offers a more precise temperature control
than could a single-loop; in addition, it provides more flexibility to accommodate changes in the heat
dissipating elements, spacecraft thermal loads, and coolant inlet temperature requirements.

The heat rejection depends on whether the coolant is expendable or non-expendable. An expendable
coolant is rejected from the vehicle once it has accomplished its mission, while a non-expendable
coolant is recirculated again after losing its thermal energy excess; in the last case the excess heat is
radiated to the space via a radiator.

Single-phase fluid loops incorporating space radiators are fairly simple but massive. Two-phase
systems are less massive and more flexible in the accommodation of system growth or changing heat
loads, but require careful design to work properly under reduced gravity conditions (phase
separation, good heat transfer, appropriate condensation rates, ...). Mass saving of two-phase systems
are confined to pumps, fluid inventory and plumbing. Pipe diameters are also smaller than those
corresponding to a single-phase liquid line, providing the possibility of retrofitting an existing single
phase system to two-phase operation (Sadunas, Lehtinen & Parish (1985) [153].

Major disadvantages of the two-phase pumped loop system are the lack of long-life qualified pumps
and potentially complex valving, metering and control algorithms (Wise (1986) [192]).

When cryogenic cooling below 70 K is required, the direct radiation to the space is hardly possible,
then the fluid loop incorporates a refrigerating system (Brayton, Stirling, or Vuilleumier cycles) which
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compresses the gas at ambient temperature and then expands it at a lower temperature. During the
expansion, heat is added to the gas providing the required cooling. This heat is radiated to the space.
Several refrigerators used onboard satellites are described in ECSS-E-HB-31-01 Part 14, clause 5.2.

4.2 Comparison between fluid loops and alternative
systems

In order to define the field of application of fluid loops it should be convenient to compare them
briefly with alternative insulating or refrigerating systems.

421 Passive thermal insulations

Fairly sophisticated, highly reliable, and extremely efficient passive thermal insulations are available
for use in spacecraft. Data in ECSS-E-HB-31-01 Part 7 are referred to for details on the subject.
Although these systems can be used in conjunction with component precooling, they cannot insulate
for long times components having low thermal capacity, unless requiring prohibitively thick
insulations. Among these low-thermal- capacity components, mention should be made to heavy
electronic devices, such as batteries and tape recorders, which have a specific heat of the order of ¢ =
850 J.kg'.K?, common to many electronic systems (Werth et al. (1966) [189]. In addition, thermal
insulations are not appropriate for controlling components which operate in repeating on-off cycles,
since in these cases it is required both to keep off the heat flowing outside and to evacuate the heat
dissipated from inside.

In addition to being well suited to thermal protection of electronic and similar components, fluid
loops afford a very precise control of the thermal energy being evacuated, and the flexibility to be
adapted to a previously defined geometrical configuration.

4.2.2 Thermoelectric devices

Thermoelectric devices (TEDs), also called Peltier-effect devices, are low-voltage, high-current active
thermal control modules that provide heating or cooling with the reliability associated with a purely
electrical device. The relatively low performance efficiency of TEDs in conjunction with its high mass
have prevented previous spacecraft application as a prime active thermal control system.

The comparison of TEDs with fluid loops within the normal range of application of these last devices
makes little sense, the fluid loops being far superior. Nevertheless TEDs present several features
which fluid loops cannot match. A few typical values could substantiate these assertions.

1. A typical thermoelectric module having an area of 0,03 m x 0,03 m pumps 5 W of heat
through a 50 K temperature differential (Scott (1974), p. 216). Assuming that the
thermally controlled area equals the thermoelectric pellet area, the heat flux would be 5,5
x 10> W.m?2. This figure looks, however, very biased in favor of TEDs since several
modules are placed a bit apart from each other on the surface to be controlled; a value of
110 W.m?2 is quoted as typical by Chapter & Johnsen (1973) [24]. On the other side, the
laminar single-phase flow of water through a tube of cylindrical cross section, with an
internal diameter of 5 x 10® m could remove 30 x 10> W.m? from the tube wall whose
temperature is assumed to be 50 K above that of water, and this figure can be improved
with turbulent single- phase flow and with two-phase flow.

2. A useful measure of the efficiency of a TED module is the "coefficient of performance",
ratio of the heat pumped to the power that is supplied to operate the module. This
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coefficient is of the order of unity for a typical TED (Scott (1974) [161], p. 221), whereas it
could be as large as 400 for a single-phase fluid loop (see Figure 13-5 in this Part).

3. The comparison is somewhat more favorable for TED when the penalties associated with
mass and volume are taken into account. Werth et al. (1966) [189] performed a trade-off
analysis in which they considered the cooling, either by a moving fluid or by a
thermoelectric device, of a cubical component, at uniform temperature, having a side of
0,3 m. The heat flux was of the order of 700 W.m? for a surface temperature of 310 K.
Mass and volume of the power system, supporting structure, bracketry, fittings, ... were
neglected in both cases. The study showed that the ratio of TED controlled to fluid loop-
controlled required mass was 1,5, and the ratio of required volumes 2,7.

Studies to reduce TED mass and to formulate large-scale manufacturing procedures to permit direct
application of TEDs to spacecraft thermal control have been sponsored by NASA. These studies were
concentrated on the development of thin film coatings that utilize vacuum deposited semiconductor
materials.

TEDs on their part present the following advantages:

1. Thermoelectric devices operate on electronic principles. They require no pump, valves,
piping, coolants and the fixtures associated with fluid loops.

2. Thermoelectric devices provide variable heat pumping by varying the input current. This
allows for programmable internal temperatures through current modulation.

Needless to say that the heat transfer rate can be increased in a fluid loop by increasing
the fluid mass flow rate, but this requires either a variable speed pump or an electrically
controlled throttle.

3. Heating or cooling can be provided by reversing the current. The fluid loop does not
exhibit a similar feature.

4. A given heat transfer rate can be pumped no matter how small the source to sink
temperature difference could be, whereas in single-phase fluid loops it is not feasible to
reduce the source to sink temperature difference, for a given heat removal rate, by
increasing the coolant mass flow rate beyond a certain value. Two-phase fluid loops do
not present this limitation to the same extent.

Summarizing, under present state of development TEDs are only suited for heat conditioning small
components which require very close temperature control.

4.2.3 Phase change materials (pcm)

Although PCM systems are normally used to absorb the abnormal heat dissipation peaks of an
equipment which transfers somehow the heat that it dissipates to a sink, they are used sometimes as
the sole heat sink for achieving the thermal control of solitary equipment. See ECSS-E-HB-31-01 Part
10.

Werth et al. (1966) [189] showed that the required mass of the PCM cell (radiator excluded) is of the
order of twice the mass of the cooling jacket of the) fluid circulation cooling system evacuating the
same heat flow rate. This indicates that the PCM system is competitive, on a mass basis, when it is
used to protect components which are so small that the mass of the cooling jacket becomes of the
order of the mass of the pump, valves and piping associated with this system.

Substantial gains in system mass, through radiator area savings can be achieved by incorporating
thermal capacitors in the loop. This occurs in systems which are subject to alternant heating and
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cooling regimes or when the radiator area grows to cope with o degradation (Lehtinen & Sadunas
(1985) [114].

4.2.4 Heat pipes
Heat pipes are considered in ECSS-E-HB-31-01 Part 8.

The constant conductance heat pipe is a very powerful heat transfer device, which is basically simple
although complex to manufacture and of) limited reliability.

Compared with constant conductance heat pipes, which normally do not require auxiliary power, and
which are best suited for long mission on relatively simple satellites, the fluid loops presents the
following advantages:

1. The heat flow rate can be controlled through the fluid flow rate, by use of appropriate
temperature-controlled valves as has been already said.

2. The loop can be adapted to fairly complicated and relatively large configurations,
although this advantage may be at the expense of increased power requirements. The
idea of matching fluid loops and heat pipe radiators to decrease loop tubing and
associated power requirements has been often set forth. However, heat pipe radiators
require an additional heat exchanger to produce a temperature jump across the heat
exchanger-radiator interface, resulting in larger system mass.

3. Different temperature levels, suited to each individual component, can be achieved by
using regenerative heat exchangers. These are devices in which the heat exchanging
surfaces come in contact successively with fluid media at different temperatures.

The noncondensable gas generated in a constant conductance heat pipe represents a problem; in a
variable conductance heat pipe (VCHP), however, it is purposefully introduced (see ECSS-E-HB-31-01
Part 8, clause 7) to provide a variable blockage of the condenser region and then to varythe
conductance as a function of the heat load.

As the required heat transfer rates increase and remote and (or) deployable radiators are being
considered, the limits of current heat pipes are exceeded. Pump-assisted heat pipes are being
considered at present.

4.2.5 Short-term discharge systems

Open cycle discharge systems are normally used to absorb short term peak thermal loads. Although
these devices look simple, a fairly complex shielding system is required to avoid direct impinging of
the coolant on the component. When cryogenic boiling liquids are used, this direct impinging results
in very extreme local cooling effects.

In open-cycle high-pressure gas systems, high-pressure gas provides the necessary cooling. When a
real gas is expanded at constant enthalpy (Joule-Thomson or throttling process) the total temperature
of the gas decreases when the pressure decreases, provided that gas temperature is below a certain
"inversion temperature". This effect results in cooling. Notice that under normal pressure and
temperature conditions the gas behaves as a perfect gas and there is no total temperature change
during throttling, thence no cooling effect would appear. Details concerning Joule-Thomson open
refrigerators, as well as other discharge systems, can be found in ECSS-E-HB-31-01 Part 14, clause 5.3.

Discharge systems are uneconomic under orbital operation. In addition, the propulsive effect of the
ejected fluid on the spacecraft flight trajectory should not be overlooked. For example, Nast, Barnes &
Wedel (1976) [131] report the temporary upsetting of the Nimbus F spacecraft because of the venting
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of cooling methane and the subsequent impingement of the exhaust plume on the spacecraft. In spite
of these drawbacks, discharge systems could be useful in some cases, for instance, thermal protection
during reentry of reusable space vehicles can be improved by means of expendable coolant systems
(Helenbrook, Anthony & Fisher (1971) [84].
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5
Analysis of a fluid loop

51 General

The purpose of this clause is to describe the way in which a fluid loop is analyzed and to show how
the data presented in the following clauses may be used to this end.

A very simple fluid loop is considered for convenience. It consists of a circuit formed by fluid-carrying
tubes which connect a heat sink to a heat source. A circulation pump moves the fluid through the loop
so that heat is transported from source to sink by forced convection. Figure 5-1 is a schematic
representation of the fluid loop.

Figure 5-1: Schematic representation of the fluid loop.

The heat source could be an energy dissipating component such as electronic equipment, an
experimental module involving exothermic reactions or any other heat-producing device. In some
applications the heat source element is mounted on and thermally linked to a could plate, and the
coolant flows through the latter, in which case the cold plate may be considered as the heat source. In
the following analysis the heat source is simply identified by its heat production rate, Q, and no
consideration is given to the details of the heat transfer mechanism from source to coolant fluid.

The heat sink can be a heat exchanger, in which case heat is transferred to a "cold" fluid circulating in
another loop (dual loop configuration), or it may be a radiator which rejects the heat directly to deep
space. In the present example transfer to a second loop through an interface heat exchanger is
considered.

The procedure presented in this clause to analyze the fluid loop in Figure 5-1 may be easily
generalized to other systems.

The following data are assumed to be known:

1. General layout of the fluid loop, including heat exchanger surface geometry and
dimensions.
2. Heat flow rate to be evacuated, Q.
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3. Mass flow rate in each loop: mu, .
4. Inlet temperature of the cold fluid, T

From these data, the temperatures throughout the loop and the pumping power requirements are
computed. The mass flow rate through the cold fluid loop is often determined by means of some
optimization procedure (see Clause 13). In the present analysis, however, only the performance of the
fluid loop for a given mass flow rate is considered.

5.2 Thermal performance

Assuming, 1) thermally insulated tubes for the fluid transport between heat source and heat sink, 2)
no temperature increase in the circulation pump, and 3) no temperature increase due to friction, the
temperature at the entrance of the sink, T, equals the temperature at the exit of the source, and the
temperature at the exit of the sink, Ti, equals the temperature at the entrance of the source (see Figure
5-1).

To calculate the temperature Tw, Th,, and Tw, the following equations for the heat flow rate may be
used:

Q=sC,(T, -Ty) [5-1]
Q=C, (Thi _Tho) [5-2]
Q = Cc (Tco _Tci ) [5-3]

where C1 is the smallest of C» and C..

Eq. [5-1] describes the heat transfer rate from hot fluid to cold fluid in the heat exchanger, in terms of
the heat transfer effectiveness, & (see Eq. [5-4] of clause 11.2.2 where a slightly different nomenclature
has been used for convenience). Egs. [5-2] and [5-3] are simply an energy balance for the hot and cold
fluid, respectively. From Egs. [5-1] to [5-3], the temperature through the loop are obtained.

T =T-+g [5-4]

Q

T, =Ts+— .
hi ci SCl [5 5]
1 1
Too =Ta + Q[— - —j [5-6]
sc, ¢,

If the heat source is a could plate, there is an additional equation to describe the heat transfer process
at the plate, namely
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Q =54,¢,(Ts =Ty, [5-7]

where &y is the effectiveness of the heat transfer surface at the heat source, and Ts is the temperature of
the source. Eq. [5-7] determines the temperature at the source.

Summarizing, to compute the temperatures in the loop, the heat transfer effectiveness of the heat
exchanger must be calculated. The following steps are needed to this end:

1. Compute heat transfer areas, free flow areas and frontal areas, for the hot side and the
cold side of the exchanger. To describe a heat transfer surface the following parameters
are often used:

A, Total heat transfer area on one side.[m?2].

ArL, Free flow area on one side.[m2].

AFr, Frontal area on one side.[m?].

Dk, Hydraulic diameter. [m].

L, Flow length on one side. [m].

Q, Ratio of total heat transfer area on one side of a closed-

type exchanger or recuperator to total exchanger
volume. [m2.m?]. This ratio is called "area density «".

D, Ratio of free-flow area to frontal area of one side of
exchanger. This ratio is called "porosity".

The following equations relate surface factors with core factors, for each side of the
exchanger, and may be used to calculate heat transfer areas and free-flow areas,

D = 4L% [5-8]

—=— [5-9]

2. Compute fluid properties. The fluid properties are evaluated at an arithmetic mean
temperature as follows,

T.+T _Thi+ThO

4 5-10
c 5 5 [5-10]

54



ECSS-E-HB-31-01 Part 13A
/ E CSS 5 Decembael;‘ 2011

or

where T and T are given by Egs. [5-4] and [5-5] respectively, and Ti may be computed
from Eq. [5-6] assuming a heat transfer effectiveness ¢ = (,8. This estimation has to be
verified a posteriori.

See clause 6.2.4 for further details on the evaluation of the average temperature.

The following fluid properties are needed: density, p, specific heat, ¢y, thermal
conductivity, k, dynamic viscosity, 4 and Prandtl number, Pr = ucy/k. Table 10-1 gives the
values of these properties for relevant liquid coolants.

Compute Reynolds number. The Reynolds number is given by

mD¢

Re =
ALt

[5-11]

It is computed for each side of the exchanger.

Compute the Nusselt number Nu and the convective heat transfer coefficient, h.

The thermal analysis developed in Clause 6 presents data to compute the Nusselt number
as a function of the Reynolds number, Prandtl number and geometry (Figure 6-1 to
Figure 6-38), for most basic configurations. These figures may be also used to estimate the
Nusselt number in more complicated geometries.

If the heat transfer surface is one of those presented in clause 11.3, the Nusselt number
may be obtained from figures given by Kays& London (1964) [102], which relate the
Stanton number.

Nu

St=——
PrRe

[5-12]

to the Reynolds number, for many different heat exchanger surfaces.

Clause 9 presents data to estimate the Nusselt number, when turbulence promoters or
other type of heat transfer enhancement devices are used.

The convective heat transfer coefficient, , is given by

h_ kN
D, [5-13]

C
h=—-5St [5-14]

Compute the temperature effectiveness of the surface due to fins, 7. The temperature
effectiveness is given by Eq. [5-3] of clause 11.2.2, where fin effectiveness’s, 7, for typical
fins are given in Figure 11-7 and Figure 11-8.

Compute the overall thermal conductance, U, for each side of the exchanger.
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This coefficient is given by Eq. [5-2] and of clause 11.2.2, in terms of both the hot and the
cold side of the exchanger. When fouling has to be considered, the above equation should
be replaced by the equation which appears in clause 11.6.2.

7. Compute the number of heat transfer units, N, as defined in Eq. [5-5] of clause 11.2.2.

8. Compute the exchanger effectiveness, .

The heat transfer effectiveness, ¢, of the exchanger is presented in Clause 11 as a function
of the number of heat transfer units, N, capacity rate ratio, R, and flow arrangement. The
results are given in graphical form, for many different arrangements, in Figure 11-9 to
Figure 11-28. These figures may be also used to estimate the heat transfer effectiveness for
many flow arrangements not explicitly considered in Clause 11.

In some instances, particularly for heat exchangers of very high heat transfer effectiveness, the effects
discussed in clause 11.4 should be taken into account.

If the resulting effectiveness is very different from the one used in point (2) to compute the fluid
properties, the steps just described should be repeated.

Once the heat transfer effectiveness is known, Eqgs. [5-4] to [5-6] yield the temperature through the
loop.

5.3 Power requirements

The power, P, which is supplied to the circulation pump can be expressed as

P=—Ap— [5-15]

where 7, is the overall efficiency of the pump, 4p the pressure loss through the loop, m the fluid mass
flow rate and p the fluid density at the location of the pump. m/p is then the fluid volume flow rate
through the pump. Equations and graphics to evaluate the pressure loss are given in Clause 7. Values
of 7, for typical spaceborne pumps can be found in Clauses 12 and 9. Generally, the pressure loss may
be split into the following terms:

1. pressure loss in the supply plumbing;
2. pressure loss in the return plumbing;
3. pressure loss in the heat source, and
4. pressure loss in the heat sink.
To compute these losses, the following steps are needed.

1. Compute the Reynolds number in the supply and return plumbing,

Re=4 m

2D [5-16]
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where Dk is the diameter of the tube and u the fluid viscosity. Since the viscosity is
temperature dependent the Reynolds number is different on each leg of the plumbing.

2. Compute the friction factor A for the straight parts of the ducts, from Figure 7-2 and
Figure 7-3 in Clause 7. The friction factor is a function of the Reynolds number and
should be computed for the supply and for the return plumbing.

3. Compute pressure loss due to friction along the tube walls,
L1
Ap=A—=pV? 517
P=b, 2 17
4. Compute pressure loss for each one of the bends of the circuit,
1 42
Ap=C, EpV [5-18]

where Ck can be obtained by use of Figure 7-4 to Figure 7-14 in Clause 7.

5. Compute pressure loss in valves, manifolds, entrances, etc. by using Figure 7-15 to Figure
7-27 or the data submitted by the manufacturer of the particular component. Data for
entrance effects can be found in clause 7.2.5.

6. Compute pressure loss in heat source and heat sink. This pressure loss may be estimated
from Figure 7-2 to Figure 7-30 in Clause 7. If the heat source or sink is a heat exchanger
with a core-surface geometry like the ones presented in Clause 11.3, the friction factor
may be obtained from figures given by Kays & London (1964) [102].
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6
Thermal analysis

6.1 General

Data concerning the convective heat transfer between a fluid and the tube wall surface are presented
in this clause. These data can be used, together with the heat exchanger theory presented in clause 11.2
for the analysis of heat exchangers.

The data are divided into two main parts. The first part concerns internal flows, i.e., configurations
where the fluid flows inside the domain bounded by the heat transfer surface. In the second part
external flows are considered, i.e. configurations where the fluid flows outside of the domain
bounded by the surface.

Data for both laminar flow and turbulent flow are presented.

Concerning the heat flux distribution, two cases are considered, constant wall temperature and
constant heat transfer rate per unit length. The case of constant heat transfer rate can be easily dealt
with theoretically, nevertheless most experiments are performed under nearly constant wall
temperature. In practical instances the constant wall temperature boundary condition is applicable in
such heat exchangers as evaporators, condensers and in any heat exchanger where one fluid has a
very much higher capacity rate that the other. The constant heat transfer rate boundary condition is
applicable in counter flow heat exchangers, when the fluid capacity rates are similar. These two
boundary conditions cover the usual extremes met in heat exchanger design.

The data for constant heat flux may be applied directly to other boundary conditions provided that
the real variation of the heat transfer rate, Q(x), is smooth enough or, more precisely, that the
following inequality

—~ <<= [6-1]

is satisfied. Additional comment on this point are given in clause 9.1.4.

6.2 Analytical background

6.2.1 Heat transfer coefficient

The convective local heat transfer between the tube wall and a fluid moving relative to the wall can be
calculated in term of the temperature difference, Tw-Tb, and a local heat transfer coefficient, hx, by
means of the following expression:
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q, =h(T,-T,), [6-2]

Usually the wall temperature, Tw, and the local heat transfer coefficient are uniform at each section, x,
of the tube, while the fluid bulk temperature is given by the expression:

T =T. _} _
b =i mc, [6-3]

The definition of the bulk temperature in terms of the local properties is given in clause 6.2.4.

Sufficiently far from the tube entrance, the fluid velocity and temperature profiles for conditions of
constant wall temperature and of constant heat rate become self-similar. The non dimensional
temperature profiles are invariant with the axial distance x, and therefore the heat transfer coefficient
hx becomes independent of x.

The heat transfer up to the station x is evaluated by using the mean heat transfer coefficient /i

Q(x)=h, AT, xaD [6-4]

where hn is defined by the following averaging process:
X
hm ATm X= J‘ hx (TW _Tb )x dx [6-5]
0

Three terms of the coefficient h» may be used, according to the following three definitions of
temperature difference, ATm:

1. Inlet mean temperature difference:
ATy, =(T, =T,), [6-6]
2. Arithmetic mean temperature difference:

ATam _ (Tw _Tb )i —'2_(TW _Tb )o [6-7]

3. Logarithmic mean temperature difference:
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AT = (Tw _Tb )i +(Tw _Tb )o
" (T,—T), [6-8]

6.2.2 Dimensionless groups

It is customary to introduce the following dimensionless parameters, which are defined either locally
or through some averaging process.

1. Nusselt number

hD,
k

Nu =

[6-9]

The Nusselt number indicates what multiple of mere thermal conduction is transferred
by convection. It is usually defined in terms of the equivalent or hydraulic diameter, Dk.

2. Prandtl number

Pr = ﬁ [6-10]
k
which measures the ratio of fluid viscous to thermal diffusivities.
3. Reynolds number
VD
Re="¢ [6-11]
)7

giving the ratio of inertia to viscous forces.

Sometimes the heat transfer depends on the product PrRe and the Graetz number is used
to present the available data.

_7De

Gz PrRe [6-12]

From the Nusselt, Prandtl and Reynolds numbers the Stanton number is deduced.

Nu

St=——
PrRe

[6-13]
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Grashof number

_ /BgDI:;pzrrw _Tb|
= luz

Gr [6-14]

The Grashof number expresses the ratio of buoyancy to viscous forces.

A dimensional analysis indicates that the heat transfer coefficient may be related to the
fluid properties and flow parameters in the following way.

Nu = f(Pr,Re,Gr,x/Dg) [6-15]

6.2.3 Simplifying assumptions
The following simplifying assumptions are introduced:

1. Buoyancy can be neglected, especially during orbital flight, ever for very low fluid mass
flow rates; Gr = 0. Nevertheless, buoyancy can be introduced intentionally, by swirling of
the flow, in order to enhance the convective heat transfer (see clause 9.1.1 and Figure 9-8
to Figure 9-11).

2. Fluid properties are evaluated at some reference temperature. The resulting values are
assumed to prevail through the fluid bulk. This assumption is discussed in clause 6.2.4.

3. The effect of surface roughness on heat transfer is neglected. Sometimes surface
roughness is created intentionally to enhance the heat transfer (see clause 9.1.1 and
Figure 9-1 to Figure 9-9).

4. The fluid configuration is steady.

6.2.4  Temperature-dependence of fluid properties

The heat transfer data presented in this clause are based on the assumption that the fluid properties,
which are evaluated at a reference temperature, are temperature independent. In applications where
temperature differences between the fluid and the surface are large, the variations of fluid viscosity,
thermal conductivity and density ought to be taken into account.

The variation of fluid properties differs substantially for gases and liquids. For gases, thermal
conductivity, viscosity, and density all vary with temperature to a considerable degree. For liquids, on
the other hand, the only property that is highly temperature dependent is viscosity, which varies with
temperature much more than any of the gas properties.

Temperature-dependence effects at a particular flow cross section can usually be compensated for by
evaluating certain or all of the properties at the fluid bulk temperature, Ti, for this cross section,

Tb — ArL [6'16]
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where u and T are the local velocity and local temperature, Ari is the surface area of the cross section,
and V the mean fluid velocity. Tr is sometimes termed the mixing-cup temperature.

In many cases the mean film temperature, the arithmetic average of Tw and Ty, is used as reference
temperature.

There are cases in which the use of a reference temperature is inadequate, for example when the wall-
to-bulk temperature ratio differs greatly from one. The problem is then approached by introducing
into the transfer law a loading factor of the form (Tw/Tr)™ or (uw/ur)", where Tr is the reference
temperature independently of the way in which it has been defined.

It is not to be expected that the correction has the same form for gases and liquids, nor for fluids of the
same phase but widely differing Prandtl numbers, nor for different transferred entities (heat or
momentum), nor for laminar and turbulent flow.

For gases at wall-to-bulk temperature ratios in the range 0,5 < Tw/Tt < 2, the effect on the heat transfer
coefficient of radial property variations does not exceed 10 per cent (ESDU 68006 (1968) [48]). Values
of the exponent m for a wider range of Tw/Ts, for several physical situations, and for both heat transfer
and friction, can be found in Kays & London (1964) [102], p. 88.

In the case of liquids, the viscosity is normally a strongly decreasing function of temperature. When
the wall-to-bulk temperature difference is large, the fluid velocity near the wall departs from that
calculated assuming uniform viscosity. This distortion of the velocity profile changes the heat transfer
coefficient. Experimental data indicate (ESDU 68006 (1968) [48]) that this effect can be accounted for
by means of the following formula

N 0,14
BAUN _| [6-17]
Nub ﬂw

in the range 0,004 < /0 < 20. This expression, extensively quoted, was suggested by Deissler for
laminar flow in circular ducts. Exponents for turbulent flow, deduced after experiments by Deissler,
are given in Kays & London (1964) [102], p. 90. In all these cases the reference temperature is Tb.

In many applications, temperature variations along the tube are more pronounced than those over the
cross section, and a mean temperature with respect to the tube length ought to be used to evaluate
fluid properties. This reference temperature is identified as Tom.

The evaluation of Tim is not an easy task, and the designer should exercise his judgments for avoiding
fairly tedious trial-and-error procedures. Tim depends on the variations of heat flux and temperature
differential along the tube. Several typical cases are considered:

1. For constant heat flux, the wall-to-bulk temperature difference remains nearly constant,
and since the wall temperature usually varies linearly, the mean fluid temperature is
merely the arithmetic average of inflow and outflow temperatures.

[6-18]
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2. Constant wall temperature. The fluid temperature variation along the tube will be close

to exponential, provided that the heat transfer coefficient does not vary markedly with
tube length.

Too ~ Ty
T =T — bo bi ~
b = W 4L/ D, )st [6-19]

where St is estimated beforehand.

3. When the heat transfer coefficient decreases with tube length, as occurs with laminar
flow, the true mean temperature with respect to tube length is close to the fluid exit
temperature, since the large heat transfer rates upstream are responsible for the
comparatively sharp changes in the fluid bulk temperature near the tube entrance.

6.2.5 Laminar versus turbulent fluid flow
The characteristics of the fluid flow in a pipe depend on the Reynolds number.

The motion is laminar for sufficiently low values of the Reynolds number, becoming turbulent when
some transition value is exceeded.

For fluids flowing through pipes the transition Reynolds number is normally of the order of 2400. In
the range 2000 < Re < 2800 the fluid flow is characterized by an intermittent turbulence which takes the
form of alternating slugs of laminar or turbulent fluid moving down the pipe. For Re ~ 4000 the
turbulent regime is fully developed.

The disorder associated with the turbulence improves the heat transport process at the cost of a larger
energy dissipation.

Several considerations concerning laminar versus turbulent fluid flow should be made.

1. Normally laminar flow should be preferred because the power requirements are lower
than in the turbulent case. Nevertheless, the low velocities required for laminar flow,
together with low thermal conductivity of most fluids (particularly gases) result in low
heat transfer rates per unit surface area. Thus, large surface areas are required.

2. Low velocity flow are more sensitive to control than the high velocity ones.

3. Transitional flow with the associated intermittency should be, as a general rule, avoided.
In compact-heat exchanger applications, however, the Reynolds-number range of interest
is usually about 500 to 15000; thus the transition region can hardly be avoided.

4. If the Reynolds number must be decreased preserving the flow rate, the inner diameter of
the tube must be increased, and conversely.

6.2.6 Heat transfer to internal flows

Data on convective heat transfer to internal flows are presented in Clause 6.3 (Figure 6-1 to Figure
6-27). The data are given in terms of the Nusselt number, Nu, either local, averaged or both. The heat
transfer coefficient, h, is deduced from the value of Nu, the fluid thermal conductivity, k, and the
hydraulic diameter of the duct, De.
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The sequence of figures is arranged as follows:

1.

Figure 6-1 to Figure 6-12 concern laminar flow (clause 6.3.1.1), and Figure 6-14 to Figure
6-27 turbulent flow (clause 6.3.1.3). The prediction of Nusselt numbers in the transitional
flow regimen (2000 < Re < 4000) is difficult and thus the available information is fairly
limited in scope (clause 6.3.1.2). Figure 6-13, which shows a typical range of local Nusselt
numbers for transitional gas flow, is intended to indicate that the Nusselt numbers are
somewhere between the laminar and turbulent values.

Within each flow regime the first few figures apply to the region far removed from the
entrance to the tube, where both a fully developed velocity profile and a fully developed
temperature profile exist. This is the case of Figure 6-1 to Figure 6-5 for laminar flow, and
Figure 6-14 to Figure 6-22 for turbulent flow.

The next group of figures in either the laminar or turbulent regime apply to the case in
which the velocity profile is fully developed and remains fixed, while the temperature
profile develops. In these configurations the fluid temperature upstream of some section
is assumed to be uniform and equal to the wall surface temperature, there being no heat
transfer in this region. Following the mentioned section heat transfer takes place. These
thermal-entry-length solutions only apply rigorously when a hydrodynamic starting
length is provided so that the velocity profile is fully developed before heat transfer
starts, a condition rarely encountered in practice. However, when the temperature
change is concentrated near the wall (Pr >> 1), the temperature gradient at the wall reacts
quickly to changing conditions, and these solutions are excellent approximations to the
real cases.

Finally, Figure 6-10 to Figure 6-12 apply to the case of combined hydrodynamic and
thermal entry length; that’s, when both the velocity and the temperature profile are
uniform at the entrance of the tube. The relevant variable for these thermal entry length
solutions is the non-dimensional axial distance

. o xXlr o
PrRe 2Gz [6-20]

which is related to the inverse of the Graetz number, Gz.

Most of the data refer to cylindrical tubes of circular cross section. For turbulent flow these data can be
applied to other cross-sectional shapes provided that the equivalent or hydraulic diameter, D, is used
as characteristic length.

Exceptions to this rule concern the heat transfer to a fluid flowing through a cylinder of annular cross
section or between two parallel plates (which is a limiting case of annulus). These are the simplest
geometrical configurations allowing different heating rates from different walls of the same cross
section of the duct. Only two fundamental solutions suffice to obtain the solution for any combination
of heat fluxes through these walls. The mentioned fundamental solutions are: a) inner wall heated
with outer insulated (subscript 11), b) outer wall heated with inner insulated (subscript 22). The heat
transfer coefficients on the inner and outer tubes, i1 and h2, are defined as follows:

0, = h].(Tl _Tb) v U= hz(Tz _Tb) [6-21]

64



ECSS-E-HB-31-01 Part 13A
/ E CSS 5 Decembael;‘ 2011

and the Nusselt numbers as:

. Nu,= [6-22]

These Nusselt numbers can be calculated from the fundamental solutions for any heat flux ratio,
through the relationships

Nu Nu
Nu =— 11 Ny =— 2 623
' 1-(q,/9,)Z, ? 1-(q,/9,)Z, 16-23]

where Z1 and Z: are the influence coefficients which may be evaluated from the fundamental
solutions. The values of Nun, Nux, Zi, Z> are presented in graphical form in Figure 6-3, Figure 6-4,
Figure 6-8 and Figure 6-18 to Figure 6-21 for annuli. Similar data, for parallel plates, are given in
Figure 6-6, Figure 6-7, Figure 6-12, Figure 6-16, Figure 6-17 and Figure 6-27.

Curved ducts are widely used in heat transfer equipment. In these ducts the heat transfer (and the
friction) is augmented by secondary flows which appear because of the fact that the radial pressure
gradient imposed by the high velocity core is not balanced by the local centripetal acceleration. The
effect of the secondary flow is accounted for through an additional dimensionless parameter, the Dean

number, K, which is defined as:
r
K= Rewl— [6-24]
R

where r is the radius of the tube cross section and R the radius of the coil.

It should be said that the onset of turbulence in coiled pipes is delayed owing to the suppression of
transverse motions of fluid elements by centrifugal forces. Kubair & Kuloor (1966) [111] propose the
following formula to predict the critical Reynolds number for transition from laminar to turbulent
flow,

2
Re = 1,273><104(%j [6-25]

Figure 6-5, Figure 6-9 and Figure 6-22 present data on the heat transfer to fluid moving through tube
coils.

6.2.7 Heat transfer to external flows

In many configurations of practical interest the heated or cooled surface is submerged in the fluid
instead of bounding it.
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The convective heat transfer rate between the external surface of a cylinder and a fluid moving
relative to it can be calculated in terms of the temperature difference, Tw-Tb, and a mean heat transfer
coefficient, i, by using the following expression:

Q=hDL(T,,-T,) [6-26]

where D is a characteristic length of the cylinder cross section, L is the cylinder length, Ts is the bulk
temperature corresponding to the undisturbed fluid, and Twn is a mean temperature of the outer
surface of the cylinder. A perimeter-mean value of Tw is normally used, although different definitions
of the average value may be considered without substantially influencing the experimental data on
Nusselt numbers.

A dimensional analysis indicates that the heat transfer coefficient can be related to the fluid properties,
cylinder geometry and flow parameters in the following way:

Nu = f(Pr,Re,Gr,L/D,6) [6-27]

Obeing the inclination of the cylinder axis to the incoming flow.

The influence of Grashof number can be neglected as above, whereas end effects are insignificant for
L/D greater than about 3.

Figure 6-28 and Figure 6-29 (clause 6.3.1.2) give data for a constant temperature circular cylinder.

The problem is far more complicated in the case of tube banks. The convective heat transfer rate
between a fluid and a tube bank constituted by n circular cylinders of length L and diameter D is
given by

Q=nhDL(T,, -T,) [6-28]

where h is the mean heat transfer coefficient for the particular tube bank under consideration.

A dimensional analysis shows that, when free convection can be ignored, the mean Nusselt number,

NU, of a tube bank is related to the flow parameters, fluid properties and geometry by the expression

Nu = f(Re,,Pr,,Pr,,s,/D,s /D,N,L/D,6) [6-29]
where in this instance
V_ D
Reb = PoVmax 2 [6-30]
Hy

and Ve is based on the minimum free area available for fluid flow, regardless of whether this
minimum area occurs in the transverse or diagonal openings.
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It is customary, ESDU 73031 (1973) [57], to base heat transfer data on a Nusselt number, Nur, which
corresponds to the following reference conditions:

1. Constant fluid properties.

2. Number of rows in the tube bank, N = 10 with at least 6 tubes in each row.
3. Cylinder axis normal to flow, 6 = 90°.

4. L/D>5.

Reference Nusselt numbers, Nu:, vs. Reynolds number, Res, are shown in clause 6.3.2.2. Figure 6-31
and Figure 6-32 are for in-line tube banks, and Figure 6-33 for staggered tube banks. The fluid bulk
Prandtl number, Prs, is assumed to be equal to one in all these three figures. Corrections for Prandtl
number effects can be deduced from Figure 6-34.

Once Nur is known, the Mean Nusselt number, NU, is expressed in the simplified form,
Nu = Nu,F,F,F, [6-31]

where the factor F1 takes into account the variation of the fluid properties, F is a correction factor for a
bank having N # 10, and Fs corrects for the yaw angle of the bank. These three correction factors are
given in Figure 6-35, Figure 6-36 and Figure 6-37, respectively.

To calculate the heat transfer for a particular row (the nth) a new factor, Fs, relating the performance of
that row to the average for the 10 rows bank is used (Figure 6-38).

Nu, = Nu,FKF, [6-32]

Heat transfer data for other exchanger configurations can be found in Kays & London (1964) [102].
Geometrical descriptions of the many configurations tested by these authors are given in Clause 11.3.

Each group of figures giving the data for both internal and external flows is preceded by tables
allowing a quick assessment of the content of each figure. The table in the next page is for internal
flows. The table for external flows is placed immediately before the corresponding figures.
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6.3 Thermal performance data

6.3.1

The following summarizes the data presented in the following pages.

Heat transfer to internal flow

The data are categorized according to: flow characteristics, heat flux distribution, and duct geometry.

The labels used to distinguish these categories are the following:

. Type of flow: L, laminar. T, turbulent. IT, transitional.

. Degree of flow development: FL, fully developed flow. TEL, thermal entry length. HTEL,
combined hydrodynamical and thermal entry length.

. Heat flux distribution: g, constant heat transfer rate. T, constant wall temperature.
Type | Flow | Heat flux Geometry Input Variables Output Fig. | References
of |devel. | distribution
flow
L FL q&T Several Geometry Nug, Nur Figure [Kays &
6-1 London(1964)
. . [102]
Straight tube of  |a/b Nug, Nur  |Figure
rectangular cross 6-2
section
q straight tube of  |ri/r2 Nuii, Nuz  |Figure
annular cross 6-3
section 71, 2 Figure
6-4
Coil K, Pr=0,1,0,2,0,7, 1,4, |INu Figure [Mori et al.
10 6-5 (1965) [128]
TEL [T Circular cylinder, [x* Nux, Nuin  |Figure [Kays (1966)
parallel plates, 6-6 [101]
straight tube of
rectangular cross
section
q Circular cylinder, N, Z Figure
parallel plates 6-7
Straight tube of  [x*, r1/r=0,1,0,5 Nuii, Nun, |Figure
annular cross Z1, 72 6-8
section
T Coil x*, /R =0,025,0,1 Nix Figure |Kubair et al.
6-9 (1966) [111]
HTEL Circular cylinder |x* Nux, Nuim  |Figure |[ESDU 68006
6-10  |(1968) [48]
q x*, Pr=0,01,0,7,10 Nuix Figure |Heaton et al.
6-11  [(1964) [82]
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Type | Flow | Heat flux Geometry Input Variables Output Fig. | References
of |devel. | distribution
flow
Parallel plates N, Nuz Figure
6-12
1T FL T Circular cylinder [Re, Pr=0,7 Nuix Figure [ESDU 68006
6-13  |(1968) [48]
T FL q Re, Pr=0,7,1,3,10, 50, [Nu Figure |Petukhov &
102, 103, 104, 10° 6-14 [Roizen
(1975) [143]
ratio Re, Pr=0,0,005,0,01, [Nug Nur Figure |Sleicher &
Nug/Nur 0,02, 0,03, 0,04, 0,10, 6-15  |Tribus(1957)
0,718 [167]
q Parallel plates Re, Pr=0,01,0,03,0,7, |Nu Figure |[Kays (1966)
3,10, 30, 102, 103 6-16  [[101]
Z Figure
6-17
Straight tube of  [Re, Pr=10,01,0,7,10, Nui, Z1 Figure
ann}llar Cross r1lr2 = 0,2 6-18
section Nuz, 72 Figure
6-19
Re, Pr=0,01,0,7,10, Nui1, Z1 Figure
ri/r2=0,5 6-20
Nuz, 72 Figure
6-21
Coil Re, r/R =0,05,0,1 Nu Pro4 Figure |Seban et al.
6-22  |(1963) [162]
TEL |T Circular cylinder [x/D, Re=0,5x105, 105,  [Nux, Nutim Figure [Kays (1966)
2x10°, Pr=0,01 6-23  |[101]
x/D, Re = 0,5x105, 105, Figure
2x105, Pr=0,7 6-24
q Nux/Nu Figure 6-25
x/D, Pr=0,01,0,7,10, Figure 6-26
Re =105
Parallel plates x/De, Pr=0,01,0,1,10  |Nux/Nu,Z  |Figure
Re =7096,73612 6-27
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6.3.1.1 Laminar flow
SHAPE (L/DE > 100) Nu, Nu:

Circle 4,364 3,66
Equilator Triangle 3,00 2,35
Square 3,63 2,89
Parallel lines 8,235 7,54
Parallel lines, one of them 5,385 4,86
insulated

Figure 6-1: Nusselt numbers, Nu, for fully developed laminar flow through
straight pipes of several cross-sectional shapes. Nu is the Nusselt number for
constant heat transfer rate along the duct, and Nur that for constant wall

temperature along the duct. From Kays & London (1964)
8

Nud_ k‘;ﬂ\ |
u \‘“--————

0 2 v E.] 4 1

a

[102]. b

Figure 6-2: Nusselt numbers, Nu, vs. ratio, a/b, of short side to long side for fully

developed laminar flow through straight pipes of rectangular cross section. From
Kays & London (1964) [102].

V] @
e

Figure 6-3: Nusselt numbers, Nu, vs. ratio of inner to outer diameter, r1/r2, for fully
developed laminar flow in concentric- circular-tube annuli. Constant heat transfer
rate. From Kays & London (1964) [102].
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Figure 6-4: Influence of coefficients, Z, vs. ratio of inner to outer diameter, r1/r2, for
fully developed laminar flow in concentric-circular-tube annuli. Constant heat
transfer rate. From Kays & London (1964) [102].
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Figure 6-5: Nusselt number, Nu, vs. Dean number, K, for fully developed laminar
flow in curved pipe of circular cross section. Constant heat transfer rate. Results
are shown for different Prandtl numbers, Pr. Calculated by the compiler after Mori
& Nakayama (1965) [128].
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Figure 6-6: Thermal entry length Nusselt numbers, Nu, vs. non-dimensional axial
distance, x*, for laminar flow through straight pipes. Constant wall temperature.
Calculated by the compiler after Kays (1966) [101].

2 - | ]
"l\.‘:‘h-‘ | I
LTSN e e, YN | f-"'".
Ny, 25~.:;—.ﬁ__ :
.l: - ”‘:-"‘"--.---"_
- W
= ‘_.-r'
2| . N
1 [ L Liil 1 Liil L &
-n-l 1 1 ] lln-l *r 3 [ I“-l 1 1 §
xl'-'
b

Figure 6-7: Thermal entry length Nusselt number, Nu., vs. non-dimensional axial
distance, x*, for laminar flow through straight pipes. Constant heat transfer rate.
Also shown the influence coefficient, Z, for laminar flow between parallel plates
with one side insulated. Calculated by the compiler after Kays (1966) [101].
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Figure 6-8: Thermal entry length Nusselt numbers, Nux, and influence coefficients,
Z, vs. dimensionless axial distance, x*, for laminar flow in concentric-circular-tube
annuli. Constant heat transfer rate. Calculated by the compiler after Kays (1966)
[101].
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Figure 6-9: Thermal entry length Nusselt number, Nux, vs. non dimensional
distance along the coil centerline, x*, for laminar flow through a coil. The results
are given for two values of the ratio, /R, between the cross-sectional radius and

the coil radius. Constant wall temperature. Calculated by the compiler after Kubair
& Kuloor (1966) [111].
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Figure 6-10: Nusselt numbers, Nu, vs. non-dimensional axial distance, x*, for the
combined hydrodynamical and thermal entry length. Laminar flow through
straight pipes of circular cross section. Constant wall temperature. Pr=0.7.
Replotted by the compiler after ESDU 68006 (1968) [48].
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Figure 6-11: Local Nusselt number, Nux, vs. non-dimensional axial distance, x*, for
the combined hydrodynamical and thermal entry length. Laminar flow through
straight pipes of circular cross section. Constant heat transfer rate. Results are
shown for different Prandtl numbers, Pr. Calculated by the compiler after Heaton
et al. (1964) [82].
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Figure 6-12: Local Nusselt number, Nux, and influence coefficient, Z, vs.
dimensionless axial distance, x*, for the combined hydrodynamical and thermal
entry length. Laminar flow between parallel plates, one of them insulated.
Constant heat transfer rate. Results are shown for different Prandtl numbers, Pr.
Calculated by the compiler after Heaton et al. (1964) [82].

6.3.1.2 Transitional flow
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Figure 6-13: Local Nusselt number, Nu., vs. Reynolds number, Re, for fully
developed transitional flow through cylindrical ducts of circular cross section.
Constant wall temperature. Gas Flow (Pr = 0.7). From ESDU 68006 (1968) [48].
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6.3.1.3 Turbulent flow
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Figure 6-14: Nusselt number, Nu, vs. Reynolds number, Re, for fully developed
turbulent flow through cylindrical ducts. Constant heat transfer rate. Results are
shown for different Prandtl numbers, Pr. Calculated by the compiler after
Petukhov & Roizen (1975) [143].
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Figure 6-15: Ratio of Nusselt number at constant heat transfer rate, Nu,, to Nusselt
number at uniform wall temperature, Nur, vs. Reynolds number, Re, for fully
developed turbulent flow through a straight pipe of circular cross section. Results
are shown for different Prandtl numbers, Pr. From Sleicher & Tribus (1957) [167].
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Figure 6-16: Nusselt number, Nu, vs. Reynolds number, Re, for fully developed
turbulent flow between parallel plates, one of them insulated. Constant heat
transfer rate. Results are shown for different Prandtl numbers, Pr. Calculated by
the compiler after Kays (1966) [101].
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Figure 6-17: Influence coefficient, Z, vs. Reynolds number, Re, for fully developed
turbulent flow between parallel plates. Constant heat transfer rate. Results are
shown for different Prandtl numbers, Pr. Calculated by the compiler after Kays

(1966) [101].
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Figure 6-18: Nusselt number, Nu11, and influence coefficient, Z1, vs. Reynolds
number, Re, for fully developed turbulent flow in concentric-circular-tube annuli.
ri/r2 = 0,2. Constant heat transfer rate. Results are shown for different Prandtl
numbers, Pr. Calculated by the compiler after Kays (1966) [101].
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Figure 6-19: Nusselt number, Nuz, and influence coefficient, Z>, vs. Reynolds
number, Re, for fully developed turbulent flow in concentric-circular-tube annuli.
ri/r2 = 0,2. Constant heat transfer rate. Results are shown for different Prandtl
numbers, Pr. Calculated by the compiler after Kays (1966) [101].
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Figure 6-20: Nusselt number, Nu11, and influence coefficient, Z1, vs. Reynolds
number, Re, for fully developed turbulent flow in concentric-circular-tube annuli.
ri/r2 = 0,5. Constant heat transfer rate. Results are shown for different Prandtl
numbers, Pr. Calculated by the compiler after Kays (1966) [101].
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Figure 6-21: Nusselt number, Nuz, and influence coefficient, Z>, vs. Reynolds
number, Re, for fully developed turbulent flow in concentric-circular-tube annuli.
ri/r2 = 0,5. Constant heat transfer rate. Results are shown for different Prandtl
numbers, Pr. Calculated by the compiler after Kays (1966) [101].
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Figure 6-22: Nusselt number times Prandtl number to the minus 0.4 power, NuPr
%4, vs. Reynolds number, Re, for fully developed turbulent flow in helically coiled
tubes. The results are given for two values of the ratio, r/R, between the cross-
sectional radius and the coil radius. Constant heat transfer rate. Calculated by the
compiler after an experimental correlation obtained by Seban & McLaughlin
(1963) [162] from data for water.

Figure 6-23: Thermal entry length Nusselt numbers, Nu, vs. non-dimensional axial

distance, x/D, for fully developed turbulent flow through a straight pipe of circular

cross section. Constant wall temperature. Pr = 0.01. Results are shown for different
Reynolds numbers, Re. Calculated by the compiler after Kays (1966) [101].
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Figure 6-24: Thermal entry length Nusselt numbers, Nu, vs. non-dimensional axial
distance, x/D, for fully developed turbulent flow through a straight pipe of circular
cross section. Constant wall temperature. Pr = 0.7. Results are shown for different
Reynolds numbers, Re. Calculated by the compiler after Kays (1966) [101].
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Figure 6-25: Ratio of thermal entry length Nusselt number, Nux, to Nusselt number
for fully developed turbulent flow, Nu, vs. non-dimensional axial distance, x/D.
Straight pipe of circular cross section. Constant heat transfer rate. Pr = 0.01. Results
are shown for different Reynolds numbers, Re. Calculated by the compiler after
Kays (1966) [101].
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Figure 6-26: Ratio of thermal entry length Nusselt number, Nux, to Nusselt number
for fully developed turbulent flow, Nu, vs. non-dimensional axial distance, x/D.
Straight pipe of circular cross section. Constant heat transfer rate. Re = 10°. Results
are shown for different Prandtl numbers, Pr. Calculated by the compiler after Kays
(1966) [101].
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Figure 6-27: Ratio of thermal entry length Nusselt number, Nux, to Nusselt number
for fully developed turbulent flow, Nu, vs. non-dimensional axial distance, x/DEk.
Parallel plates at distance 2D, one of them insulated. Constant heat transfer rate.

Also shown the influence coefficient, Z. Results are shown for three different
Prandtl numbers, Pr, and two Reynolds numbers, Re. Calculated by the compiler
after Kays (1966) [101].
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6.3.2

The table below summarizes the data presented in the following pages. All these data correspond to

Heat transfer to external flows

external flows, i.e. configurations where the fluid flows outside the domain bounded by the heat

transfer surface.

Geometry Input Output Fig. References
Variables

Circular Cylinder Normal to Flow. Re, Pr=0,7,5,3,5 Nup Figure | ESDU 69004 [50],

Fluid with constant property values. 6-28 |Fig. 6.

Circular Cylinder Normal to Flow. 0,061 < zawmipn < Nu/Nup Figure | ESDU 69004 [50],

Liquids with variable fluid 0,936 6-29a | Fig. 7.

properties.

Circular Cylinder Normal to Flow. | 0,20<Twn/Te<4,47 Nu/Nup Figure | ESDU 69004 [50],

Gases with variable fluid properties. 6-29b | Fig. 8.

Circular Cylinder Yawed to Flow. 40° < < 90° Nuy/Nusoe | Figure | ESDU 69004 [50],
6-29c |Fig. 9.

In-Line Tube Bank. Figure | ESDU 73031 [57],
6-30 |Fig. 5.

In-Line Tube Bank. Rev, Prv=1 Nuy, Figure | ESDU 73031 [57],

Fluids with constant property 6-31 |Fig.6.

values.

In-Line Tube Bank. Rev, Prv=1 Nu; Figure | ESDU 73031 [57],

Fluid with constant property values. 6-32 |Fig.6.

Staggered Tube Bank. Rev, Prv=1 Nur Figure | ESDU 73031 [57],

Fluids with constant property 6-33 |Fig.7.

values.

In-Line or Staggered Tube Bank. Pry Nu, Figure | ESDU 73031 [57],

Fluids with constant property (NUr )Pr,, 4 6-34 |Fig. 8.

values.

In-Line or Staggered Tube Bank. Pro/Pruw F1 Figure | ESDU 73031 [57],

Fluids with constant property 6-35 |Fig.9.

values.

In-Line or Staggered Tube Bank. N F> Figure | ESDU 73031 [57],
6-36 |Fig. 10.

In-Line or Staggered Tube Bank 20° < < 90° Fs Figure | ESDU 73031 [57],

Yawed to Flow. 6-37 |Fig. 11.
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Geometry Input Output Fig. References
Variables
In-Line or Staggered Tube Bank. 1<n<20 Fs Figure | ESDU 73031 [57],
Characteristics of the n-th row. 6-38 | Fig. 12.

6.3.2.1  Cylindrical bodies
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Figure 6-28: Nusselt number, Nu, vs. Reynolds number, Re. Flow of a fluid having
constant physical properties over a constant temperature circular cylinder whose
axis is normal to the incoming flow. From ESDU 69004 (1969) [50].
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Figure 6-29: Effect of variable fluid properties, (a) and (b), and of inclination angle,
(c), on the Nusselt number corresponding to the flow of a fluid over a constant
temperature cylinder. Nu» (Nuso) can be deduced from Figure 6-28. From ESDU

69004 (1969) [50].
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6.3.2.2 Tube banks
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Figure 6-30: Guide for the selection of the curves given in Figure 6-31 and Figure
6-32 concerning in-line tube banks of different relative pitches. From ESDU 73031
(1973) [571.
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Figure 6-31: Reference Nusselt number, Nus, for Pr» =1, as a function of Reynolds
number, Re. In-line tube banks. See Figure 6-30 for the meaning of the numbers
which appear on the curves. From ESDU 73031 (1973) [57].
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Figure 6-32: Reference Nusselt number, Nu:, for Pr» =1, as a function of Reynolds
number. Re. In-line tube banks. See Figure 6-30 for the meaning of the numbers
which appear on the curves. From ESDU 73031 (1973) [57].
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Figure 6-33: Reference Nusselt number, Nus, for Pr» =1, as a function of Reynolds
number. Re. In-line tube banks. Staggered tube banks. From ESDU 73031 (1973)
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Figure 6-34: Effect of the Prandtl number, Prs, on the reference Nusselt number,
Nuy, for both in-line and staggered tube banks. From ESDU 73031 (1973) [57].
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Figure 6-35: The factor F: to account for variable fluid properties. From ESDU
73031 (1973) [571.

: _EH
: MUy
! |
B | P = 3 5¢D _ i}
: AiRo=2.10% 3D -2 IN-UNE
udl B:107 < Re : 17,5 <3 . 2IN-UNE"
- 50
i ZiRa 02 ,  SIAGGERED |
ab | | 1 1 1

!#dilﬂﬂlllﬁll!

Figure 6-36: The factor F: accounting for abnormal number of rows vs. that
number, N. From ESDU 73031 (1973) [57].
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6. From ESDU 73031 (1973) [57].

90



ECSS-E-HB-31-01 Part 13A
/ E CSS 5 Decembael;‘ 2011
12

: —_— =2
Nl Fgm ho L
B ( — 4 Nunato ' !
; |103< R < 108 e
. ~= | |
I | 5 ﬂzﬂ% <2 IN-UNETUBESS |
& 1 1 Efl 1 1 [ A TR N T N
1 2 4 6 B 0 K12 W B 1B
I-l T T T T T T T T T
- "'.F._-______—__‘___‘—\—______- -
1 /
B / Ra > 1P T
NP
) _/ FA'N—U" ]
B / NUpa10
l?
/ IN-LNETUBESS
& 1 1 1 1 1 [ N T NN T

1 2 4 ] a m 12 14 1& 18 o0

Figure 6-38: The factor F: for estimating the Nusselt number of the n-th row. From
ESDU 73031 (1973) [57].
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7
Frictional analysis

7.1 General

Once the thermal analysis of the fluid loop has been performed, the pressure drop through the loop
will be estimated. The aim of this estimation is twofold:

1. To fix the pressure level of the working fluid. This level is of concern in many cases. For
instance, vaporization is normally avoided when liquid coolants are used, because of the
associated cooling effectiveness degradation. This is not always the case since advantage
is taken of boiling (and subsequent condensation) in several heat exchanger devices to
store the heat in the fluid during its transfer from heat source to heat sink. However, only
fluids that remain in their liquid state throughout the loop are considered here.

2. To select the appropriate pump. The power, 7,p, required to force the fluid through the
duct is deduced from the pressure drop, 4p, the mass flow rate, m, and the fluid density,
p, by use of the following expression:

m
7,p=Ap— [7-1]
P

This clause is aimed at estimating the pressure drop, 4p, of a loop having fairly general geometric
configuration, in terms of the pressure loss at each individual component and the appropriate
interference factors, when they are available and relevant.

If the power requirements calculated by means of the pertinent data are too stringent, a careful look to
the pipework could be required. Reductions in the mass flow rate -and, thence, in the pressure loss-
would imply higher operating temperature differentials and larger heat rejecting systems.

When the mass flow rate is reduced the thermal analysis of the loop should be undertaken again.

7.2 Analytical background

7.2.1 Introduction

The flow of a real fluid through a pipe is characterized by the significance of friction forces. Associated
with these forces there is a pressure drop, 4p.
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A dimensional analysis indicates that, for a pipe system of given geometry running full, the pressure
drop between two sections may be related to flow properties, fluid properties and geometrical
characteristics of the pipe in the following way:

Ap

EVZ
2

e
= f| =—,Re,M, v, geometr
(D 7,9 yj [7-2]

In the applications which will be considered, compressibility effects - which in the above expression
are measured by the Mach number, M, and the ratio of specific heats, y - will be neglected.

7.2.2 Fully developed flow in straight pipes

The pressure drop due to friction in a cylindrical pipe of any cross section running full is accounted as

L1
Ap=A—=pV? .
p D2 [7-3]

E

Many authors, especially from the United States, use the Fanning friction factor, f = 4/4, instead of 4.
We will use indiscriminately both 4 and f throughout this clause and Clauses 8, 9, 10, 11 and 13.

For laminar flow the friction factor does not depend on the relative roughness of the tube wall. In
particular, when the cross section of the pipe is circular:

A =64/Re [7-4]

which is the well known Hagen-Poiseuille formula, valid for Re < 2400 and fully developed flow.
Values of A (of f) for fully developed laminar flow and other cross-sectional shapes can be found in
Figure 7-3, in ESDU 66027 (1966) [46] and in Kays & London (1964) [102], p. 103.

In the transition between laminar and turbulent flows, the value of the direction factor is uncertain.
However, it is surely bounded below and above by the extrapolation of the laminar line and the
turbulent line corresponding to the relative roughness of the pipe wall, respectively.

In the case of fully developed turbulent flow the friction factor, 4, strongly depends on the relative
roughness of the wall, but is fairly insensitive to the shape of the cross section. Reference is made to
Schlichting (1960) [157] for details concerning the turbulent flow through pipes of non-circular cross
section.

The law of friction for rough pipes depends on the size (and shape) of the roughness as compared to
the thickness of the laminar sublayer of fluid close to the wall.

1. When the roughness size is so small that all protrusions are contained within the laminar
sublayer, the pipe is "hydraulically smooth". For these pipes at very large Reynolds
number the following law of friction applies:
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1 203510g(Rev'Z)-0,91 73]

NG

This expression is often written as:

\/g =25 In(Reﬁ)— 0,85 [7-6]

which is usually known as Karman-Nikuradse friction law.

Many authors (Schlichting (1960) [157]) use the slightly different expression

L _2log(Rev7)-08 [7-7)

Ji

known as Prandtl's universal law of friction for smooth pipes. This law has been verified
by Nikuradse's experiments up to a Reynolds number of 3,4 x 105 and may be
extrapolated to arbitrarily large Reynolds numbers provided that the tube is smooth.

2. In the case of rough pipes the law of friction deviates from that corresponding to smooth
pipe, once the Reynolds number exceeds a definite value whose magnitude increases as
the relative roughness, e/Dt, decreases. Above some even higher value of the Reynolds
number the friction factor becomes constant and depends on the relative roughness only
(see Figure 7-2).

In this regime, called the "completely rough regime", all protrusions reach outside the
laminar sublayer, whose thickness decreases when the Reynolds number increases.

The law of friction for the completely rough regime was first derived by von Karman in

the form:
2 251N 1475 78]
f 2e

In terms of the friction factor A,

1 o035 |og[2)—g+1,679 7-9]

A

A comparison with Nikuradse's experimental results shows that closer agreement can be
obtained by use of the following expression (Schlichting (1960) [157]):

1 D
— =2log=£+174 7.1
g 2e [7-10]

Ja
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3. In the intermediate region, protrusions extend partly outside the laminar sublayer.

A friction similarity law which is valid over a wide range of roughness’s and Reynolds
numbers has been developed by Nikuradse for sand-grain-type roughness.

\/E:Z,SIn&+ u;(e+)—3,75 [7-11]

2e

The roughness function, uc*(e*), for sand-grain-type roughness, is shown in Figure 9-1b. For large
values of the dimensionless protrusion height, ¢*,the roughness function tends to an asymptotic value
close to u.* = 8,50, yielding the previously quoted expression for the completely rough regime.

Expressions similar to that developed by Nikuradse are useful reducing the experimental work
involved in the determination of f. Since the constants 2,5 and 3,75 are universal, it is only necessary to
determine the function u.*, which normally depends on e* and on the type of roughness. u.* for several
discrete roughness’s is shown in Figure 9-2b and Figure 9-3b.

For commercially rough pipes the Moody diagrams or the Colebrook-White formula can be used.
Moody's diagram is based on an equivalent sand roughness, to be determined, for each commercial
pipe, by use of an auxiliary equivalence chart (see Schlichting (1960) [157], pp. 528-529).

Table 7-1 gives the equivalent roughness height, e, for a number of common surfaces.

Table 7-1: Effective roughness height of a number of common surfaces.

[TIT] T T TI T T 7T 11 I I R
GLASS —_—— i
PLASTIC — o [
DRAWN AND SHEET METALS | — o
: HEAYILY
UNCOATED STEEL NEW SMOOTH LIGHT RUST SCALED
GALVANIZED METALS R :
|
CAST METALS | ——
|
Lol o 1l FRRTTI R RTII RN RTIIT] E
5 0°% 2 5 W92 5 Wtz 5 w22 5 107tz
elm]

The Colebrook & White formula (Schlichting (1960) [157]) correlates the whole transition region from
hydraulically smooth to completely rough flow,

1 2 187 ]
[7-12]

—=174-2 Iog[—+

NG D. ReJi
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When e — 0 this equation yields that for the hydraulically smooth regime. For Re —» , it transforms
into the equation for the completely rough regime. In the transition region it gives results which
resemble those obtained by use of the Moody diagram.

In practice the surface roughness can be distributed in either a random or a systematic way, or can be
concentrated at intervals along the system as occurs with welding seams in pipes or internal supports.
Although these imperfections may become insignificant with careful manufacturing, and their effect
on the flow is small except at very high Reynolds number, specific tests are required to determine the
pressure loss induced in each particular case. Some general trends of the friction law for several
roughness types can be deduced from the analysis of Figure 7-1 in order to separate the several
curves, they have been plotted for different values of the equivalent roughness, ¢, otherwise their
asymptotic value (4 for Re - ) would be the same.

bgi

Figure 7-1: Friction characteristics associated with four types of roughness
geometry. Notice that the equivalent roughness is different in every case. From
Reynolds (1974).

Type A: Sand grains and other closely spaced elements. As the Reynolds number rises all peaks
emerge at once from the laminar sublayer. Once the peaks emerged the stress is transmitted by the
drag of the peaks, thence becoming independent of the Reynolds number.

Type B: Protrusions of various sizes, as produced by many manufacturing processes or by aging. The
emergence is gradual and the elements progressively start to transmit stress by drag.

Type C: Isolated protrusions on an otherwise fairly smooth wall. The drag coefficient of the large
elements becomes Reynolds number independent, while the friction coefficient for the surrounding
wall continues to fall as the Reynolds number increases. This behavior may be expected when less
than half of the surface area is occupied by the roughness elements.

Type D: Isolated depressions or grooves in an otherwise fairy smooth wall. The contribution of the
depression rises slowly as the viscous layer thins. This is so because this type of roughness has little
effect until the free stream turbulence penetrates into the cavity.

There are surfaces, however, which do not fit into these categories. This happens to be the case, for
example, when large inserts are used to enhance the heat transfer (see clause 9.1.1).
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7.2.2.1 Power-law approximations for the hydraulically smooth regime

Numerical work can be reduced by representing the friction factor by a power-law approximation

f=C,+C,Re™" [7-13]

with Ci, C2 and 7 so chosen as to fit the above logarithmic formulae.

The following expressions have been borrowed from Reynolds (1974) [149].

Table 7-2: Constants for Power Law Approximation. Hydraulically Smooth

Regime.
Ci C2 n Re Range Accuracy Comments

0 0,079 0,25 <105 2% of the experimental |Blasius friction formula.

values As accurate as the
logarithmic formula

0 0,046 0,20 10° - 10¢ Not given

0,0014 0,125 0,32 <107 3% of the log formula
for Re < 106.
7% of the log formula
for Re <107

7.2.3 Temperature-dependence of fluid properties
The friction data presented in this clause correspond to isothermal conditions.

The simplest approach to account for property variation is to evaluate all fluid properties at the
reference temperature (see clause 6.2.4) and to introduce a temperature ratio correction factor of the
form (Tw/TR)" Or (L& Lir)".

The correction is inherently small for turbulent flow, whereas the available experimental evidence
suggests that it is much larger in the laminar flow case.

Table 7-3 below presents relevant data for fully developed flow in cylindrical tubes of circular cross
section.
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Table 7-3: Loading Factors Accounting for Temperature-Dependence of Diabatic

Friction
Type of Flow Fluid Loading Factor n Comment
M
Fluid Fluid
Heating Cooling
Laminar Fully Gas (Tw/To)n 0,45 0,30 In the range
Developed Tubes of 1/3 < Tu/Tv <3
Circular
Cross Section Liquid (Lw/ )" 0,58 0,50 More
experimental
confirmation is
required
Turbulent Gas (Tw/To)n -0,10 0 In the range
1/3 < Tw/Tb < 3
Fully Developed Liquid (pw/pw)n 0,03 0,05
Pr=10
Tubes of Circular Liquid -0,04 0,01
Pr=10:
Cross Section Liquid -0,12 -0,02
Pr=10°
NOTE From Kays & London (1964) [101]
7.2.4 Several definitions of pressure loss coefficient
The total pressure, p, in a given section of a duct is defined as
1.
P =PV + Pz [7-14]
1. A coefficient of total pressure loss between two stations 1 and 2 along a pipe is defined as
follows:
c Py~ P2
Kol [7-15]
\/ 2
2

When the cross-sectional areas 1 and 2 are different, the loss coefficient may be expressed
in terms of the value of the dynamic pressure, pV?/2, at either section. Care should be
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exercised to ensure that the correct reference dynamic pressure is used when interpreting
the pressure loss coefficient data.

ALL THE DATA PRESENTED HERE, WITH THE ONLY EXCEPTION OF THE
SUDDEN CONTRACTION, ARE BASED ON THE CONDITIONS EXISTING
UPSTREAM OF THE COMPONENT INVOLVED.

2. In real flows the total pressure varies over the cross section, while the static pressure is
uniform provided that the streamlines are almost parallel. Thence, in practice, it is often
simpler to define the mean static pressure, rather than the mean total pressure at a
section.

Since the contribution of the geometrical head term, pgz, depends on the orientation of
the pipework, the quoted data correspond to static pressure differences between two
points in the same horizontal plane. The contribution of pgz, when significant, is
accounted for independently.

The static pressure loss coefficient between two stations 1 and 2 along the pipe is defined
as follows:

p.—P

Cx. = 11 2 [7-16]
VA
2

Notice that when the cross-sectional area increases in the direction of the flow the static
pressure can increase, in which case the pressure loss is negative.

In the case of incompressible flow through constant cross section ducts the total pressure
loss, cki, equals the static pressure loss, cks. In that case the subscripts t or s have been
omitted.

3. The pressure loss due to a component, let say a sudden area change or a bend, can be
considered to be made up of two terms. One is the pressure loss that would have existed
in the absence of the component -i.e. that pressure loss corresponding to fully developed
flows in lengths equal to the straight portions upstream and downstream of the
component- and the other is the pressure loss directly attributable to the component.

The gross pressure loss, Apg, is defined as:
Aps = p,— P, —(Ap, +4p, ) [7-17]

where Ap:1 and Ap:2 are the static pressure losses due to friction for fully developed
flows in lengths of straight pipe equal to x1 and x2 respectively.

The net pressure loss, 4py, is defined as:
Apy =Apg —Ap, [7-18]

where the static pressure loss due to friction for fully developed flow through the length,
L, of the component has been subtracted.
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The usefulness of these definitions is that, provided the static pressure loss is referred to stations 1 and
2 in the regions of fully-developed flow, the corresponding coefficients are independent of x1 and x2.

The use of the gross static pressure loss should be preferred to that of the net static pressure loss
because:

1. Components with unequal entry and exit areas can be dealt with conveniently.

2. The definition of L is often arbitrary as occurs in the case of very localized singularities
such as: sudden area changes, orifices, valves, ...

For simple mitre bends L is equal to zero, so that there is no difference between gross and net pressure
losses.

ALL THE DATA PRESENTED ARE BASED ON THE GROSS PRESSURE LOSS

7.2.5 Entrance effects

The fully-developed flow does not take place just from the tube entrance, rather and "entrance length"
is required for the velocity profiles to relax from the initial practically uniform distribution to the
parabolic distribution which is characteristic of laminar flows.

The entrance length, Len;, can be deduced from the following approximate formula (Nekrasov (1969)
[132]).

L.,/ D=0,029Re [7-19]

ent

The pressure loss in the entrance length is greater than in subsequent sections because of the larger
velocity gradients at the duct wall associated with the near uniform velocity profiles.

The friction factor corresponding to laminar flow through a cylindrical tube of circular cross section,
whose length, L, is commensurable with the entrance length is given (Nekrasov (1969) [132]) by:

D 64
A=1165—+— .
L Re [7-20]

Notice that an additive term, D/L, incorrectly neglected by Nekrasov (who gives 0,165D/L instead of
1,165D/L) appears in this expression. This term accounts for the change in dynamic pressure, pV?/2,
between the entrance and the given section.

The above value (k = 1,165) was deduced analytically by Schiller. Experimentally obtained values are
somewhat larger (see, for example, Lundgren, Sparrow & Starr (1964) [121]). The analytical value
obtained by these authors (k = 4/3) is very close to that resulting from Schiller's experiments.

Values of k for several cross-sectional shapes can be found in Lundgren et al. (1964) [121], who applied
their theory to circular, elliptical, rectangular, isosceles triangular and annular ducts. The case of
circular-segment cross sections has been considered by Sparrow & Haji Sheikh (1966) [169].

The inlet length in turbulent flow is considerably shorter that in laminar flow. According to
experiments performed by Nikuradse (quoted by Schlichting (1960) [157]) the fully-developed velocity
profile exists after an inlet length of 25 to 40 diameters.
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7.2.6 Interferences and networks

The pressure loss coefficients of the different components can be deduced from Figure 7-2 to Figure
7-30 or from the data submitted by the manufacturer of the component, when these data are available.

All these coefficients will be referred to the nominal cross section of the loop by using the equation of
mass preservation.

The interaction between consecutive components of the loop can only be taken into account in special
cases. When data are available for particular interactions, the components concerned should be
considered as single entities.

The pressure loss coefficient of elements placed in series can be added, once they are referred to the
nominal cross section.

When n elements are in parallel an equivalent pressure loss coefficient is calculated on the basis of the
following two facts:

(@) The mass flow approaching any junction or branch must equal the mass flow
leaving them.

(b)  The overall pressure loss through several routes in parallel is the same for all of
them.

From these considerations the following alternative expressions of the equivalent pressure loss
coefficient can be deduced:

(a)  For laminar flows, where the pressure loss is proportional to the mean velocity:

1 =1

— [7-21]
Cx i1 Cy,

equiv

(b)  For turbulent flows, where the pressure loss-mean velocity relationship is
quadratic:

1 L1
= Z [7-22]

The pressure loss, 4p, in the loop is related to the total coefficient of pressure loss, cx, by means of the
equation

Ap =C, % pV? [7-23]

where V is the mean flow velocity in the nominal cross section.
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7.2.7 Flow chart

The flow chart is intended to guide in the selection of the appropriate pressure loss data. This
guidance is achieved by means of a series of questions concerning the parameters involved. The
figures quoted in the several boxes are those enclosed in Clause 7.3.

In addition to the pressure loss data which are collected in clause 7.3, the following sources of data are
worthy of being mentioned.

Two updated data items on pressure losses in curved ducts have been issued by ESDU. The item
ESDU 77008 (1977) [58] deals with single bends, whereas ESDU 77009 (1977) [59] gives interaction
factors for two bends in series.

Flow-friction design data for many heat exchanger configurations can be found in Kays & London
(1964) [102]. The geometries of the configurations considered by these authors are described in clause
11.3 of this Part.

Additional information on pressure loss data for branching flows through planar three-leg junctions is
given in ESDU 73022 (1973) [55]. Data for Y-junctions, angled junctions, general dividing junctions,
and tapered-leg junctions are presented in the mentioned data item. Similar information, but now for
confluent flows, is given in ESDU 73023 (1973) [56].

Finally, the book by Idel'cik (1969) [97] should be mentioned. This book presents data on straight
pipes (for both fully developed flow and entrance effects), area changes, bends, dividing and
combining flows, orifices, valves and other configurations of technical interest.

Flow chart for the Selection of Pressure Loss Data
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7.3 Pressure loss data

7.3.1 Straight pipes

25 3 34 a0 42 €15 & 54 &8 4
oo e

Figure 7-2: Friction factor, A, as a function of Reynolds number, Re, for different
values of the relative roughness, e/D: Cylindrical tubes of circular cross section.
From Idel'cik (1969) [97].
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Figure 7-3: Correction factor, K, to be used when the cross section of the duct is not

circular. Laminar flow. K =1 for turbulent flow through hydraulically smooth
ducts. From ESDU 66027 (1966) [46].
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7.3.2 Bends
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Figure 7-4: Boundary between short and long circular arc bends. From ESDU 67040
(1967) [47].
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Figure 7-5: Boundaries between laminar, transitional and turbulent flows in long
circular arc bends. From ESDU 67040 (1967) [47].
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Figure 7-6: Pressure loss coefficient per unit bend angle, cx/6, as a function of the
dimensionless radius of curvature of bend centerline, R/D, for different values of
Reynolds number, Re. Either circular or square cross section. From ESDU 67040
(1967) [47].
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Figure 7-7: Pressure loss coefficient, ck, as a function of the dimensionless radius
of bend centerline, R/D, for different values of Reynolds number, Re. Laminar
flow through short circular arc bends. From ESDU 67040 (1967) [47].

108



ECSS-E-HB-31-01 Part 13A
/ E CSS 5 Decembael;‘ 2011
2

18 L
\ Ro = 104
82— 1y, 50
14 |y I /
\\ “ v CIRCULAR OR SGIJARE CROSS SECTION
L1
12 <3, - - — - BASED ON LUMMNED DATA,
Cx \"\\
I i ‘\'\\

§ |
4 YN F 2 -
P \}\;.:\._‘__ _____..#/ /
LY \h“"-n._ P ,‘:—-'.—"
B -
-’ \.-_‘-‘- — -..ﬁ‘f
1]
8] 1 2 B 3 L] 10 |
[+

Figure 7-8: Pressure loss coefficient, cx, as a function of the dimensionless radius
of bend centerline, R/D, for different values of bend angle, 6. Turbulent flow
through short circular arc bends. Either circular or square cross section. From

ESDU 67040 (1967) [47].
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Figure 7-9: Pressure loss coefficient, cx, for short circular arc bends, having a short
downstream tangent of length, L, as a function of L4/D, for different values of the
dimensionless radius of bend centerline, R/D. Turbulent flow. Either circular or
square cross section. From ESDU 67040 (1967) [47].
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Figure 7-10: The factor a1 to account for the aspect-ratio of the bend cross section.
From ESDU 67040 (1967) [47].
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Figure 7-11: The factor a: to account for the bend angle. From ESDU 67040 (1967)
[47].
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Figure 7-12: Pressure loss coefficient, cx, for single mitre bends, as a function of
bend angle, 6, for different values of the dimensionless length, Ls/D, of the
downstream tube. Turbulent flow. Either circular or square cross section. From
ESDU 67040 (1967) [47].
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Figure 7-13: Factor £, which account for the interaction between two 90° -circular
arc bends-, as a function of the dimensionless distance between both bends, L./D.
From ESDU 68035 (1968) [49].
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Figure 7-14: Factor S, which account for the interaction between two mitre bends,
as a function of the dimensionless distance between both bends, L./D. From ESDU
68035 (1968) [49].

7.3.3 Sudden changes of area
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Figure 7-15: Total-pressure loss coefficient, cx:, as a function of Reynolds number,
Renl, for different values of the area ratio, y. Enlargement with a duct downstream
4D:long. Uniform incoming flow at low Reynolds number. From ESDU 72011
(1972) [541.
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Curve || Umax/U Typical of: Curve || —Uma/U Typical of:
1 1,0 || Uniform flow 4 1,4 Exit from grid, high porosity
2 1,24 || Fully-developed turbulent 6 2,0 Exit from grid, low porosity
3 1,44 flow 7 2,9 Exit from sharp-radius bend,
5 187 Exit from conical diffuser 2° radius ratio < 1,5, and exit
half-angle from plane diffuser 8-15°
Exit from conical diffuser 4° half-angle
half-angle

Figure 7-16: Different velocity profiles upstream of a sudden enlargement. From
ESDU 72011 (1972) [54].

J I N =]

]

RELEN
Rt
~——

.

"'b.\‘\h
)
"ll-...___
"'ﬁ.._h_hh-
"-—__‘-—._______---_-_
l"'I!I . L] | ¥ | & ¥ 7 A i I

Figure 7-17: Total-pressure loss coefficient, cx:, as a function of area ratio, y.
Enlargement with a duct downstream 4D: long. Numbers on curves indicate the
velocity profile in Figure 7-22 for which the curve applies. From ESDU 72011 (1972)
[54].
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Figure 7-18: Static-pressure loss coefficient, -cxs, as a function of area ratio, y.
Enlargement with a duct downstream 4D: long. Numbers on curves indicate the
velocity profile in Figure 7-22 for which the curve applies. From ESDU (1972) [54].
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Figure 7-19: Total-pressure loss coefficient, cx:, as a function of Reynolds number,
Ren:, for different values of the area ratio, y. The pressure loss coefficient is
expressed in terms of the dynamic pressure at clause 6. From Idel'cik (1969) [97].
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7.3.4 Orifices and diaphragms

"'5\\ I I, T =
s -\ E’ (: T
3 _ D Ol o —
3 e =\
mwmm“
ﬂ= v H[GGGJ —=
s - \ ﬁ?‘m Lo 3
3 N 1|.._ ]
2 [ ) Efj | ———
S 7t T
cy, § .. FLCHMETIN DAFCEPLATE §
°F nsiu'm;a:n.-:w \\ -
& 1 1 WM
ar 5"“ e P
] | Row b
F Jo | 3
. L — = — ETRAPCLATHD DTS {'.‘ —
2 I'l._
*
K-r

a A 2 A Ad o 8 A 7 A i

Figure 7-20: Reference values of the pressure loss coefficient, cx, as a function of
the ratio, ¢, of the area available for fluid flow to the total area of the duct cross
section. Perforated plates and orifices. From ESDU 72010 (1972) [53].
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Figure 7-21: The factor os to account for the effect of plate thickness when #/d < 0,8.
cko is given in Figure 7-19. From ESDU 72010 (1972) [53].
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Figure 7-22: The factor as to account for the effect of plate thickness when #/d > 0,8.
ckos is given in Figure 7-19. From ESDU 72010 (1972) [53].
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Figure 7-23: Comparison between the pressure loss coefficients, cx, in the
intermediate region calculated by assuming either of the two extreme cases, fully-
separated or reattached orifice flow. From ESDU 72010 (1972) [53].

7.3.5 Screens
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Figure 7-24: Reference pressure loss coefficient, cxr, as a function of porosity, .
Round-wire gauzes. From ESDU 72009 (1972) [52].
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Figure 7-25: Factor o5 to account for low Reynolds number effects in round-wire
gauzes. Reynolds number based on the wire diameter. From ESDU 72009 (1972)

[52].
7.3.6 Valves
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Figure 7-26: Reference pressure loss coefficient, ckr, as a function of Reynolds
number, Re, for diaphragm and butterfly valves fully open. Prepared by the
compiler after ESDU 69022 (1969) [511].
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Figure 7-27: Factor as, which accounts for the partial opening of the valve, as a
function of the degree of valve opening, ¢. dis defined as the ratio of valve control
travel from closed position to total valve control travel. From ESDU 69022 (1969)
[51].

7.3.7 Tube banks

T

m T, —
¢ =wA(Re)"N +2 °T [7-24]

N: number of transversal rows.

1. When st <1, then A=ab
where 7 is given in Figure 7-28a, b is given in Figure 7-28b and (Re)", for (s+-d)/(s-d) =1 is
given in Figure 7-28c

2. When st > s, then A = be

where c is given in Figure 7-28a, b is given in Figure 7-28b and (Re)" is given in Figure
7-28c
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Figure 7-28: Graphics for estimating the pressure loss coefficient, cx, for in-line
tube banks of several relative pitches, s;, s;, and yaw angles, 6. The influence of the
heat exchange on the pressure loss is taken into account through the tube bank
inlet and exit temperatures, T: and To, respectively. From Idel'cik [97].

¢ =vARe) (N +1)+ T"T_Ti [7-25]

N: number of transversal rows.

1. When si/d <2 and 0,14 < (s+-d)/ (s'-d) < 1,7, then A =ab + 3,2

where 7 is given in Figure 7-29a, b is given in Figure 7-29b and (Re)-?, is given in Figure
7-29¢

2. When si/d > 2 and 0,14 < (s+-d)/ (s'-d) < 1,7, then A = 3,2
3. When si/d > 1 and 1,7 < (s+-d)/ (s'-d) £5,2, then A = ¢

where ¢ is given in Figure 7-29a
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Figure 7-29: Graphics for estimating the pressure loss coefficient, cx, for staggered

tube banks of several relative pitches, si, s, and yaw angles, 6. The influence of the
heat exchange on the pressure loss is taken into account through the tube bank

inlet and exit temperatures, T: and To, respectively. From Idel'cik (1969) [97].
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7.3.8 Branching of tubes
SKETCH CURBE NUMBER
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Figure 7-30: Pressure loss coefficient, cx, as a function of the ratio of lateral to total
mass flow rates in branching tubes. The mixed confluence-branching case is not
considered. From Idel'cik (1969) [97].
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8
Combined thermal and frictional analysis

8.1 General

The aim of this clause is to provide information relating heat transfer and fluid friction in turbulent
flow through smooth pipes.

The interplay between heat transfer and fluid friction comes from two different causes:

1. The transport of any fluid entity in a turbulent flow depends on the mean and fluctuating
velocity fields. Thus the analysis of a turbulent transfer process requires some
understanding of momentum transfer and the associated velocity variation, as will be
shown in this clause.

2. In many instances, there is a dependence of the velocity field on the heat transfer. The
temperature variations associated with rapid heat transfer (or with very high velocities)
give rise to changes in the molecular transport properties of the fluid, with the
consequent modifications in the structure of the fluid layers close to the wall where
molecular transport still dominates. This point has been already discussed in clause 6.2.4
and clause 7.2.3.

It has been mentioned above that this clause exclusively concerns flow through smooth pipes. Data on
convective heat transfer and fluid friction in rough pipes are given in clause 9.2.

8.2 Analogies between momentum and heat transfer

It can be deduced from the first consideration in clause 8.1 that analogies relating rates of heat transfer
to momentum transfer exist. These analogies could be useful to the engineer when data on turbulent
heat transfer are not available whereas data on fluid friction are.

From the many analogies existing in the literature only those most commonly used will be introduced
here. Reference is made to the book by A.J. Reynolds (Reynolds (1974) [149]) for both an account of the
motivation and justification of these analogies and for a survey of those exhibiting simple
mathematical formulations.

8.2.1 The Reynolds analogy

In 1874 Osborne Reynolds postulated that the laws governing turbulent transfer of momentum and
heat were the same.

Turbulent transfer is induced by the random fluctuations in velocity which are superimposed to the
mean flow. Because of these fluctuations small lumps of fluid move backwards and forwards across
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the stream. This movement must involve the transfer of momentum (or heat) when there is a
transverse velocity (or temperature) gradient.

If the fluid particles move on the average from a region where the mean velocity is V and the bulk
temperature is T, to the wall surface where the mean velocity is zero and the temperature is Tw, the
Reynolds analogy would imply,

Rate of heattransfer g _ Cp(TW ~T,) o1
Rate of momentum transfer ¢ \ [8-1]

w

where g is the heat flow rate per unit wall surface area and = is the wall friction.

An expression for the heat transfer coefficient, i = q/(Tw-Ts), or for the Stanton number, St = q/pVep(Tw-
Tv), may be obtained from Eq. [8-1]

C
h=r, [8-2]
St = % [8-3]

where f=27n/pV?is the Fanning friction factor (f= 4/4).

In order to check the validity of the Reynolds analogy, experimental values of the dimensionless
parameter 25¢t/f (which according to Eq. [8-3] should be equal to unity) have been plotted in Figure 8-1
as a function of Reynolds number, Re, for different values of the Prandtl number, Pr. The experimental
curves have been deduced by combination of data for St from Eagle & Ferguson, and frictional data
for f from Stanton and Pannell (both quoted by Goldstein (1950) [73]). The experiments by Eagle &
Ferguson extended over a range of values of Pr from 3 to 10, and a range of Reynolds numbers from 5
x 10° to 2 x 10°. The following empirical correlation has been used to plot these curves:

25t 1 \
f  a+(Pr-1)p-(Pr-1)y (541

where ¢, fand yare given as functions of Re, in Table 65, p. 659, by Goldstein. The curve for Pr=1 has
been obtained by use of the correlation (4) outside its range of proven validity (3 <Pr < 10).
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Figure 8-1: The ratio 25t/f, for turbulent flow in constant wall temperature
cylindrical tubes, as calculated by use of several expressions, vs. the Reynolds
number, Re. E: Correlation of experimental results. From Goldstein (1950) [73]. R:
Reynolds Analogy. P: Prandtl Analogy. K: von Karman Analogy. Calculated by the

compiler.

It can be deduced from Figure 8-1 that the Reynolds analogy fails under two circumstances:

1.

For fluids for which Pr substantially differs from unity. This so because of the existence of
a layer near the wall (the laminar sublayer) where the transfer of heat and momentum by
thermal conductivity and viscosity are of importance. These laminar transfer processes
are strictly similar when Pr = 1. For common gases, however, Pr = 0,7 and Reynolds
analogy can be applied.

When Re is not large, Eq. [8-3] cannot be applied when the flow is laminar. Its use for
transitional flows has not been validated by the experiments either. Nevertheless, it has
been indicated (Reynolds (1974) [149], p. 244) that the analogy gives fairly accurate
results in several instances of laminar pipe flow. Let us consider, for example, the fully
developed laminar flow through straight pipes of circular cross section. For constant heat
transfer rate Nu = 4,364 (see clause 7.2.1, Figure 6-1), whereas f = A/4 = 16/Re (see clause
7.2.2). In terms of St and f

256
£ 11Pr [8-5]

The analogy being most accurate for common gases (Pr = 0,7).
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8.2.2 The Prandtl analogy

According to Prandtl, the Reynolds analogy is strictly valid only for the central core of fully developed
turbulent flow, outside the laminar sublayer.

In that case, Eq. [8-1] becomes

— =t [8-6]

where subscript Jrefers to conditions at the edge of the laminar sublayer.

In the laminar sublayer. whose thickness is ¢, where the temperature and velocity profiles are linear
functions of the distance to the wall,

k(T, —T, '
( w a): AU 5 > (8-7]

Elimination of Tsbetween [8-5] and [8-6] yields:

o f12
T 1+ (Pr-1)fu, /) (58]

which reduces to Eq. [8-3] when Pr = 1. Eq. [8-7] takes partly into account the velocity distribution
across the tube through the ratio u V.

In order to apply Eq. [8-7] to particular cases it is necessary to make a suitable assumption about the
ratio of the velocity, at the outer edge of the laminar sublayer to the velocity far from the wall. In the
case of turbulent flow in a smooth pipe (Schlichting (1960) [157]),

Ys _ 5\ﬁ [8-9]
v V2

with this approximation Pradntl's equation becomes

_ f/2
1+5f/2(Pr-1)

[8-10]

Curves labeled P in Figure 8-1 have been deduced from Eq. [8-8] with the values of f(Re) tabulated by
Goldstein(1950) [73]. Alternative expressions of f for smooth tubes could be also used (see clause 7.2.2
and Table 7-2 of clause 7.2.2.1). It can be seen that the analytical results are now in better agreement
with the experimental data than they were when the Reynolds analogy was used.
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8.2.3 The Von Karman analogy

Von Karman improved further the Prandtl analogy by introducing an intermediate buffer layer in
which molecular and turbulent diffusion were active. He maintained the same boundaries for the
several layers of the velocity and temperature variations, and assumed that the coefficients for
turbulent transport of heat and momentum were the same.

The resulting expression for the Stanton number is

St f/2
1+5\f /12{Pr-1+In[L+(5/6)Pr-1)]}

[8-11]

The reader interested in the details leading to this result could consult the books by Goldstein (1950)
[73], Hinze (1959) [89] or Schlichting (1960) [157], among others.

Curves deduced from Eq. [8-9], with the values of f(Re) tabulated by Goldstein (1950) [73], are
represented in Figure 8-1. It can be seen that the agreement between these curves and the
experimental ones is excellent except for the lower part of the Reynolds number range.

8.2.4 Other analogies

Many other attempts have been made to relate heat transfer to fluid friction in turbulent pipe flows.
Nevertheless, since the algebra of the more advanced models becomes very complicated, only two
examples which will be used in other clauses of this Part will be presented here. A short survey of
analogies can be found in Knudsen & Katz (1958) [107], pp. 417-455 and in Reynolds (1974) [149] pp.
272-73.

1. Martinelli retained von Karman's distribution for turbulent transport coefficients of heat
and momentum, but he allowed these coefficients to be different in the viscous core,
assuming instead the same linear distribution for the rate of heat transfer across the tube
as exists for the shear.

A detailed description of this analogy can be found in Knudsen & Katz (1958) [107].

2. Colburn analogy. This simple and very useful analogy, which is entirely based on
empirical data, is written as:

—=] [8-12]

f being the fanning friction factor and j the Colburn factor for heat transfer j = StPr23. See
Knudsen & Katz (1958) [107] for details on this analogy.
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9
Heat transfer enhancement

9.1 General

The performance of conventional heat exchangers can be substantially improved -and equipment size
reduced- by a number of augmentative techniques. Existing systems can often be upgraded by using
an augmentative method, while in the spaceborne heat exchangers an augmentative scheme may be
mandatory in order for the system to function properly and meet the size (and/or power) limitations
imposed. This may be particularly true for systems transferring heat between a liquid -which is
normally an effective heat carrier- and a gas -which is not so effective.

An introduction to the literature on the subject has been given by Bergles (1969) [8]. References to
more recent studies can be found in Bergles (1973) [7].

Table 9-1, from Bergles (1973) [7], classifies both techniques and modes of heat transfer. The
techniques are grouped according to passive methods, which require no external power, and active
schemes, which require external power. A final category, compound augmentation techniques,
encloses those situations where two or more of these basic techniques are utilized simultaneously.

A X in Table 9-1 means that the technique has been used, according to the literature, to enhance the
heat transfer mode.

Table 9-1: Heat Transfer Enhancement Techniques

Mode of Heat| Single- Single- Pool Flow |Condensation
Transfer| Thase Phase Boiling | Boiling
Techni Free Forced
echnique Convection | Convection
PASSIVE
Treated Surfaces X X X
Rough Surfaces X X X
Extended Surfaces X X X X X
Displaced Enhan. Devices X X
Swirl Flow Devices X X
Surfaces Tension Devices X
Additives for Liquids X X X
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Mode of Heat| Single- Single- Pool Flow |Condensation
Transfer Phase Phase Boiling | Boiling
Techni Free Forced
echnique Convection |Convection
Additives for Gases X
ACTIVE
Mechanical Aids X X
Surfaces Vibration X X X X X
Fluid Vibration X X X X
Electrostatic Fields X X X X
Injection or Suction X X X
COMPOUND X
NOTE From Bergles (1973) [7]

This clause presents data concerning the singles-phase forced convection mode of heat transfer
(second row in table below). Techniques involving complicated or massive devices, such as surface
vibration or electrostatic fields, whose reliable and sage use in space is open to question, have not been

considered.

9.1.1

Basic augmentation mechanisms

The most usual passive techniques for improving single phase forced convection are based on one, or
more, of the following mechanisms: 1) Turbulence promotion; 2) Extension of the heat transfer
surface, and 3) Swirling of the flow.

1.

Turbulence promotion. Transport processes are more effective under turbulent than
under laminar conditions. Nevertheless, the rate of heat transfer to a surface, no matter
the turbulence of the flow, is controlled by a purely molecular property of the fluid, its
thermal conductivity. This is so because of the laminar sublayer which appears close to
the surface.

The resistance to heat transfer of the laminar sublayer is proportional to its thickness,
thence any reduction of the thickness will result in an increase in the heat transfer.

One means of reducing the thickness of the laminar sublayer consists in increasing the
level of turbulence of the flowing stream. This can be achieved by use of turbulence
promoters, either attached to or detached from the heat transfer surface.

Extension of the heat transfer surface. It is clear that, even in the absence of turbulence
promotion, the heat transfer coefficient referred to the nominal area increases by the
addition of fins.

In order to get the desired increase in the heat transfer coefficient, especially when liquid
heat carriers are used, good thermal contact between the fin and the tube wall is crucial.
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3. Swirling of the flow. Swirling improves the heat transfer due to increased velocity near
the tube wall, and to a centrifugal convection effect which is present when the direction
of heat flow is from larger to smaller radii.

Swirling can be easily induced by means of twisted metallic strips inserted in the flow duct.

In many cases the augmentation achieved with a given technique may be attributed to various of the
mentioned mechanisms, rendering it difficult the absolute classification of the technique. For example,
spiral fins could simultaneously profit from the three basic mechanisms.

Although several active techniques aim at "scraping away" or "sucking off" the laminar sublayer, the
augmenting effect is obtained in many other systems by means of periodic flow oscillations
superposed to the steady flow.

The effect of low frequency pulsations, which probably have the most potential for practical
application, can be easily understood on the basis of a quasi-steady approach. At very low frequencies
one can assume that the instantaneous heat transfer rate is equal to that corresponding to the steady
flow at the instantaneous velocity. The following conclusions result:

1. Slow frequency oscillations do not influence the fully developed laminar flow (provided
that no transition is induced) since the steady flow heat transfer rate, h, is velocity
independent.

2. When the oscillations are superposed to a turbulent flow a decrease in the oscillation is so

large that reverse flow appears during part of the cycle.

3. When the oscillations are superposed to a turbulent flow a decrease in the heat transfer
results, unless the amplitude of the oscillation is so large that reverse flow appears during
part of the cycle. The reason is that, being the heat transfer rate proportional to a power
of the velocity close to 0,5, the gain achieved by increasing the instantaneous velocity in a
given amount is less than the loss resulting from decreasing it in the same amount.

Fluid oscillations may be generated either vibrating the duct, pulsating the mass flow rate, or
acoustically disturbing the fluid flow.

The first procedure, although used to cool small components submerged in a coolant bath, is difficult
to apply and, as a general rule, leads to mechanical failure of the equipment in a short time.
Modulation of the mass flow rate can be induced by means of a piston-type pump. Acoustic fields
applied to air flows are generally impractical because of the required sound intensities well above
human tolerance. With liquids there is considerable difficulty in disturbing systems of not too small
sizes.

9.1.2 Criterion for the evaluation of the several techniques

To establish a generally applicable selection criterion for augmentative techniques is difficult. Even if
cost considerations, and reliability and safety factors are disregarded -which should not- the problem
arises that the augmentative technique increases -at constant velocity- both the heat transfer and the
friction.

It appears that among the many available ways to relate heat transfer and friction for evaluation
purposes, the most favorable one consists in representing the ratio of augmented, hs, to non-
augmented, h, convective heat transfer coefficient for constant power, P. Therefore, this ratio has been
used in all cases throughout the present item.

The comparison on the basis of equal pumping power is natural when one aims ate upgrading the
heat transfer capability of an existing heat exchanger or when, as happens to be the case in spacecraft,
the available power is limited.
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When (ho/ho)r is larger than unity, the heat transfer rate for a constant temperature difference, Tw-Tb,
can be increased, or for the same heat flux, g, the temperature difference can be decreased, at no extra
pumping power consumption. Even when (hi/ho)r < 1, a gain in the performance of the loop could
result, since the decreased mass flow rate reduces the pressure loss in the remainder of the system,
reducing the required overall pumping rate. In order to ease the estimation of this reduction by the
user, data on both heat transfer and wall friction under augmentative conditions are presented by
means of empirical correlations.

Regarding active techniques, P will still be the pumping power but the required external power
should be taken into account in the evaluation of the technique.

9.1.3 Index of the compiled data.

The data which are presented in clause 9.2 are indexed in the Table shown below. Two points should
be taken into account in connection with the classification of the several techniques.

1. Some difficulty could arise when identifying a given system either as surface roughness
or as extended surface. Inserts for which no particular care has been exercised to optimize
solid heat transfer to the heated surface have been classed either surface roughness -when
they contact the surface- or extended surfaces -when they do not. Twisted tapes which do
contact the surface are the single exception to this rule. Nevertheless, no matter how
conductive this contact might be, these tapes swirl the flow and are grouped in a separate
class.

2. Another difficulty appears when trying to distinguish between machined roughness and
other small internal protrusions. Provided that these protrusions are parallel to the tube
axis or slightly spiralled, they do not increase the level of turbulence and are classed as
fins, otherwise they would be included under surface roughness.

9.14 Validity of the empirical correlations

The validity of the empirical correlations given in clause 9.2 rests upon the fulfillment of several
conditions, which are listed side by side with the correlation. These conditions are based either on the
particular experiment devised to obtain the correlation, on the theoretical background on which it is
based, or on both. Sometimes theoretical and experimental conditions conflict.

The user interested in applying the correlations under slightly different conditions should take into
account the following considerations.

1. Length to diameter ratio, L/D, required to achieve fully developed conditions.

In most cases the value L/D listed under Conditions is that of the experimental set up.
The correlation can be used for other values of L/D provided that they are larger than
both the thermal and frictional entrance lengths. See clause 6.3.1 Figure 6-6 to Figure
6-12), clause 6.3.1 (Figure 6-23 to Figure 6-27) and clause 7.2.5 for estimates of these
lengths.

2. Temperature dependence of the fluid properties.

The convective local heat transfer coefficient, hx, is calculated in terms of the local
temperature difference, (Tw-Tb)x, as is indicated in clause 6.2.1.

The fluid properties are evaluated at the bulk temperature, Tix,0f the tube section, x, as
defined in clause 6.2 .4.
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[, uTdA,
) VA

T, [9-1]

In several instances the fluid properties are evaluated at the average temperature, Tax, of
the section, x.

Tav = '[AFL TdAFL
Ar

[9-2]

The difference between both temperatures is insignificant, particularly for turbulent
flows, and when the variation of T along the tube is small (Reynolds (1974) [149], pp. 174-
175).

Both procedures are, however, inadequate when large wall to fluid temperature
differentials exist. In these instances a "loading factor", of the form (Tv/Tw)" or (su/ k)",
must be introduced (see clause 6.2.4 and clause 7.2.3).

In many practical instances the heat transfer coefficient is deduced by use of an averaging
experiment. This happens to be the case, for example, when the heat transfer is related to
the power required to hold constant the temperature of a highly conductive tube. Since
the bulk temperature do change along the duct, the average value of the heat transfer
coefficient are based on an average bulk temperature.

3) Heat flux distribution.

The case of constant heat flux is fairly easily dealt with theoretically, nevertheless most
experiments are performed under nearly constant temperature differentials. Normally, a
heat transfer coefficient based on the local temperature differential will be lower for a
constant wall temperature than for constant flux, since the large differentials upstream
leave the temperature near the wall higher than it would be for a constant differential.

The Table 9-2 below indicates that for turbulent flow, the difference in the heat transfer coefficient is
virtually negligible, compared with other sources of uncertainty, except at very small Prandtl

numbers.

Table 9-2: Ratio of heat transfer coefficients for constant wall temperature, Nur,
and constant heat flux, Nu,, for turbulent pipe flow. From Reynolds (1974) [149].

PrRe

100 10° 104 10° 102 10

Nut/Nugq

0,96 0,95 0,90 0,83 0,75 0,73

For laminar flows the effect is larger as can be seen in Figure 6-1, clause 6.3.1.1. However Nu1/Nuj, is
larger than 0,8 in most cases.
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Index of Compiled Data
Single-Phase Forced Convection
Technique Main Description Duct || Fluid Enclosed Data Fig.
Operating (halhely || 2 Nuor St
Mode alho)p orf uor
PASSIVE
Rough Inducing Commercial Roughness Tube
Surface Transition _ ]
to Turbulence |Sand-Grain Roughness Water X X X Figure
9-1
Machined Roughness
Small Ring-Type Inserts Several X X X Figure
9-3
Large Ring-Type Inserts
Wire-Coil Roughness
Mesh Inserts
Protuberances or Groves Annulus |Water X X X Figure
9-6
Extended Increasing Straight Internal Fins Tube Air
Surfaces Transfer ]
Area Water X X X Figure
9-9
Low-Spiral Internal Fins X X X Figure
9-10
High-Spiral Internal Fins X X X Figure
9-11
Externally Finned Tubes Annulus
Displaced Inducing Ring and Discs Tube
Enhancement ||Transition ]
Devices to Turbulence [I215¢S Water
Streamlined Bodies X Figure
9-12
Rings Annulus
Swirl Flow Increasing Twisted-Tape Inserts Tube Liquid X X X Figure
Devices Fluid Path 9-13
Length
Air X X X Figure
9-14
Water X X X Figure
9-16
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X X X

Figure
9-17

Brush-Type Inserts

Propeller-Type Inserts

Inlet Vortex Generators

ACTIVE

Surface Removing Rotating Blade Wall in

Scrapers the laminar Channel
Sublayer

Fluid Increasing Acoustic Vibrations Tube

Vibration Local

Convection Mechanically-Induced

'Vibrations

9.2 Single-phase forced convection data

2
1.5
1
alu Ll iTm
s W 11 .1 a3y v
Re,
SAND-GRAIN-TYPE ROUGHNESS
TURBULENT FLOW IN TUBES
WATER

Figure 9-1: Constant power heat transfer ratio, (h-ho)r, vs. Reynolds number based
on non-augmentative conditions, Re.. From Bergles (1969) [8].
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Explanation
Key Ar | B1 |G | D1 | A2 [ B2 | C| D2 | As | Bs | G| Ds
Investigator Dipprey & Sabersky (1963) [35]
D x 10° [m] 10
L/D (Diabatic) 38
(e/D) x 104 24 138 488
T: [K] 416,5° | 338 [312,5| 300 |416,5°| 338 (312,5| 300 |416,5° | 338 |312,5| 300
(Tw-To) [K] © 0
Pr 1,20 |2,79 4,38 | 594 | 1,20 (279|438 | 594 | 1,20 (2,79 |4,38| 594
Rea 1,4x104-5,2x10°
Heating/Cooling H

2 The roughness is defined by means of the hydraulic equivalent sand grand size. This size is determined by
comparing the friction factor of the present pipes with that predicted by the von Karman-Nikuradse law for
the completely rough refine (see 7.2.2).

b The water is pumped by nitrogen gas pressure. The pressure level is not quoted in the source.

¢ The empirical correlations deduce from these experimental data are based on the constant fluid properties
assumption. Tests at three different values of the heat flux were performed for each of the nominal
combinations of Reynolds numbers and Prandtl number. To obtain the reported isothermal heat transfer,
devoided of the effects of radial temperature gradients, the data from each test were first adjusted to
correspond to the nominal local Reynolds and Prandtl number conditions. The adjusted heat transfer
coefficients were plotted against wall to fluid temperature difference. An extrapolation of the straight line best
approximating the three points provided the zero temperature difference value. This value is taken to
represent the isothermal heat transfer.

The three rough tubes used for the experiments were produced by electroplating nickel over mandrels
coated with closely graded sand grains. The mandrels were subsequently dissolved with chemicals,
leaving a pure nickel shell which served as the test tube. The smooth reference tube was also
produced by the same method using a smooth mandrel.
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Empirical Correlations

Conditions

Comments

DISPREY & SABERSKY (1963) [35]

\/Z = 2,5In(2j + uQ(e*)—3,75
f 2e

or its equivalent

1 D
—— =2,035log| — |+
N g(zej

+0,354u; (e*)-1,323

Straight tube of circular cross
section. Fluid properties
evaluated at Tv. Re based on Du.
Re>2x10%, L/D > 25 - 40.
Statistically uniform roughness
pattern, geometrically similar
from tube to tube with only one
scale factor.

ue*(e*) for Nikuradse sand grain
roughness is given in Figure
9-2b

When et > 67, u.t = 8,48, thence
the von Karman-Nikuradse law
of friction for the completely
rough regime results. (See 7.2.2).

B f/2
1+./f12|gle’, Pr)-8,48]

c

Straight tube of circular cross
section. Fluid properties
evaluated at Ty, and assumed to
be constant.

Re based on Dm. Re>2 x 108, et >
67, L/D > 25 - 40. Statistically
uniform roughness pattern,
geometrically similar from tube
to tube with only one scale
factor.

Constant heat flux at the wall.
The expression for St is based
on the following four additional
assumptions:

1) Closed to the wall the velocity
distribution depends exclusively
on the local conditions (law of
the wall).

2) The law of the wall applies to
the temperature defect profile,
Tw-T, as well as to the velocity
profile, u.

3) The Reynolds analogy is valid
in the fully turbulent core.

4) Velocity and temperature
reach their cross-sectional mean
values at the same distance from
the wall.

It is assumed that the time-
mean flow in and about the
cavities of depth e constituting
the rough wall is induced by a
pattern of standing vortices
with axes normal to the mean
velocity. Thence the function g
is expressed as:

pcpue(Tw _Te)
q

The analysis of the experiments
leads to:

g =5,19(e")02Pr044

The proven range of validity of
this expression is:
e*>65,12<Pr<6.

g = St;l =

OWEN & THOMSON(1963) [138]
_ f)2 _
1+./f/2|gle",Pr)+17,8\/ /2]

c

Same as above

The time-mean flow is induced
by horseshoe vortices which
wrap themselves around the
individual excrescences and
trail downstream. The main
difference with the above model
appears in the velocity near the
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edge of the roughness elements
which here is assumed to be
small compared to u*.

g =(Ste)1 =0,52(et)045Pr08

under the conditions
et>67,07<Pr<7,5.

Comments concerning the data presented in Figure 9-1a.

The gain obtained by roughening increases with the roughness and with the Prandtl number.

For each value of e and Pr there is a value of Re which optimizes the ratio (ha-ho)r. These optimum conditions
occur in the transition region rather than in the completely rough region.

Figure 9-2: Roughness function u.*(e")for Nikuradse's sand roughness. (1) Hydraulically
smooth. (2) u.* = 8,48, completely rough. From Schlichting (1960) [157].

za s I za s_wW s 1

SMALL-RING TYPE INSERTS
TURBULENT FLOW IN TUBES
SEVERAL FLUIDS

Figure 9-3: Constant power heat transfer ratio, (h-ho)r, vs. Reynolds number based
on non-augmentative conditions, Re.. Curves A to D are from Bergles (1969) [8],
curves E and F have been calculated by the compiler after Webb, Eckert &
Goldstein (1971) [186].
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Explanation

Key A | B: |B: C |Di1|D:| Ds D E1 E> Es Fi| F Fs
Investigator Nunner (1956) [134] Webb, Eckert & Goldstein (1971) [186]
D x 10° [m] 50 36,8
L/D (Diabatic) 20 41
Roughness 2 ol | e | i, - . ol
Shape
(e/D) x 104 400 800 200
s/e 1,25 2 7.5 2 0,52
ble 20,4|20,4 81,7 2 |5,1|10,2| 204 10 20
Ti [K] 300-320
(Tw - Tr) [K] 20-80
Fluid Air Air |Water| 1-Butanol | Air |[Water| 1-Butanol
Pr 0,71 0,71 | 5,10 21,7 |0,71| 5,10 21,7
Reod 5x102-7 x 104 6x10%-105
Heating/Cooling H H

2 These configurations, useful for laboratory studies, are difficult to adapt to commercial practice.

25

b

1

!

¢ Not given. In the liquid tests, the power input was selected to give Pr/Prv~1,1.

4 Nunner defines the Reynolds number on the basis of Du, and of Webb, Eckert & Goldstein on the basis of D.

140




[E

ECSS-E-HB-31-01 Part 13A

5 December 2011
Empirical Correlations Conditions Comments
WEBB, ECLERT & GOLDSTEIN (1971) ||Straight tube of ue*(e*,ble) for repeated-rib roughness is
[186] circular cross section. ||given in Figure 9-4b.
Fluid properties When e* 30, u.=0,95(b/e)"%.

F = 2,5In(2) +u;(e"bre)-3,75
f 2e

or its equivalent

evaluated at Tb.

Re based on D. Re >2 x
108

Repeated-rib

The following correlation has been
used by the compiler for data
reduction

053] 0,95+ (10b/ D) *

i = 2,035log R + roughness. u, = (b/e)
N 2e exp(-0,0343¢")
+0,354u; (e*,b/e)-1,323 fore/D>0.1
St - fl/2 Straight tube of The analysis of the experiments leads
e f /2[g (e+ ble, pr)_u;(e,b/e)] circular cross section. ||to:
Fluid properties g =4,50(e*)028Pr057

evaluated at T, and
assumed to be
constant.

Re based on D. Re > 2 x
108, L/D > 25 - 40.
Repeated-rib
roughness. Heat
transfer coefficient in
terms of the tube area.
The expression for St
is based on the
following additional
assumptions:

1) Closed to the wall
the velocity
distribution depends
exclusively on the
local conditions (law
of the wall).

2) The law of the wall
applies to the
temperature defect
profile, Tw-T, as well as
to the velocity profile,
u.
3) The Reynolds
analogy is valid in the
fully turbulent core.
4) Velocity and
temperature reach
their cross-sectional
mean values at the
same distance from
the wall.

the effect of b/e being insignificant.
The proven range of validity of this
expression is:

et>25,0,71 < Pr<38

The following expression can be used
to account for the effect of radial
temperature gradients.

st (pr,)
wln
m = 0,15 for smooth tubes
m = 0,25 for rough tubes.
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GOMELAURI (1974) [74]
Nu = 0,021 Re"8Pro%3(Prv/Prw)0,25 &
& =1,04Pr0%exp[0,85 y(ble)]

Straight tube of
circular, annular or
rectangular cross
section. Fluid
properties evaluated
at Toam.

Nu and Re based on
De., 10* < Re <5 x 105,
0.7 < Pr < 250.

w(ble)=[(ble)opt/(ble)]
when b/e > (b/e)opt
y(ble)=[(b/e)/(b/e)op]
when b/e < (b/e)opt
(ble)opt =12 to 14

An empirical correlation for St has been also given by Nunner (1956) [134]. Although this correlation fits
the data for ring inserts at Pr = 0,7, it deviates for other types of roughness and higher Prandtl numbers.
See criticisms by Bergles (1969) [8], Webb et al. (1971) [186] and Gomelauri (1974) [74].

et al.

Comments concerning the data presented in Figure 9-3a.
Isothermal friction data have been used in the computations leading to (hs-ho)r for the curves from Webb

al. (1971) [18e6].

The optimum value of b/e is about 10-20 for the cases considered. The existence of this optimum is related
to the flow pattern near the wall (Figure 9-4c). Separation occurs at the rib, and reattachment 6-8 rib
heights downstream from the separation. The local heat transfer is maximum in the reattachment zone.
Reattachment does not occur for b/e < 8. Nevertheless, because of the recirculation, the local heat transfer
in the separated flow region is larger than that corresponding to an attached boundary layer.

The gain achieved by roughening increases with the Prandtl number.

Figure 9-4: Roughness function ue*(e*,b/e) for repeated-rib roughness. From Webb et

Figure 9-5: Flow pattern near the wall for different values of b/e.
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//
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@[
I: /'#Br}'f

e

Iln‘!llhﬂ 1 s & 30

DISCRETE ROUGHNESS
TURBULENT FLOW IN ANNULI
AIR OR WATER

Figure 9-6: Constant power heat transfer ratio, (h-ho)r, vs. Reynolds number based
on non-augmentative conditions, Re.. Curves A, B, C are from Bergles (1969) [8],
curves D to G have been calculated by the compiler after Sheriff & Gumley (1966)

[166].
Explanation

Key A B C D E F G

Investigator Kemeny & Cyphers (1961) Sheriff & Gumley (1966) [166]
[103]

D1 x 103 [m] 12,7 26,2
D> x 103 [m] 2 17,5 79,5
L/(D2-D1) (Diabatic) 82 48
Roughness Shape b W S S W
[e/(D2-D1)] x 104 ¢ 276 244 281 23,8 95,2 135,7 190,5
s/e 2 1
b/e 10 10
Ti [K] 300-320 ~ 310
(Tw-To) [K] ~10 ~ 50
Fluid Water Air
Pr 55 0,71
Rea 4x10%-8x104 104-2 x 105
Heating/Cooling ¢ H H

143



/ E CSS / ECSS-E-HB-31-01 Part 13A
5 December 2011
2 Sheriff & Gumley base the effective diameter and heat transfer area on an annulus with the inner surface
taken as the cylinder enveloping the roughness peaks. The diameter given here corresponds to the base

surface of the roughness elements.
b Helical element whose cross section is sketched.
¢ Roughness elements added to the inner tube. The outer tube remains smooth.

d  Heat is transferred from the inner tube. The outer tube is adiabatic.
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Empirical Correlations

Conditions

Comments

SHERIFF & GUMLEY (1966) [166]

12 2524 (e bre)-375
fiy 2e

or its equivalent

L _ 2,035|og%+ 0,354u; (¢, b/e)-1,323

T

subscript H refers to the Hall transform passage.
The transformation is described in the next.

Straight tube of circular
cross section.

Fluid properties
evaluated at To

Ren based on Dh. Ren > 2
x 103,

L/Du>25-40

Wire coil roughness.
Friction factor based on
the cylindrical

surface enveloping the
roughness peaks.

uet(et,b/e) for wire coil
roughness, and b/e = 10, is
given in Figure 9-7b.

The following correlation has
been used by the compiler for
data reduction

uet=4,9 - 3,6/e* for e* > 1.

The value of ue+ for the fully
rough regime is somewhat
larger than that quoted in the
source, which is 4,65. This is
due to the fact that the data
points for e=0,01 in., which
look defective, have been
excluded.

e e g(e*,b/e,Pr)—
2st, ~ V2 |-u’(e*,b/e+am)

Straight tube of circular
cross section. Fluid
properties evaluated at
Tb, and assumed to be
constant.

Ren based on Dh. Ren > 2
x 103,

L/Du>25-40

Wire coil roughness.
Constant heat flux at the
wall. Heat transfer
coefficient based on the
cylindrical surface
enveloping the
roughness peaks. The
expression for St is based
on the following four
additional assumptions:
1) Close to the wall the
velocity distribution
depends exclusively on
the local conditions (law
of the wall).

2) The law of the wall
applies to the
temperature defect
profile, Tw-T, as well as
to the velocity profile, u.
3) In the fully turbulent
core the dimensionless
temperature profile, T+
T*max and the
dimensionless velocity
profile, u'max-u*, are

The analysis of the
experiments leads to:

g =5,387(35+| e+-35] )0
The proven range of validity
of this expression is:
e*>10,b/e=10, Pr=0,71
The value of dm depends on
the velocity and temperature
distributions, which in turn
depend on the ratio of the
eddy diffusivities, em/eH.
Values of dm are to be found
from the measured velocity
and temperature profiles. A
mean value dm =-1,8 is
quoted in the source.
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Empirical Correlations Conditions Comments

similar.

4) The same profiles
referred to their
respective mean values,
are slightly different
because of the averaging
procedure used to
calculate Tv. The
difference (temperature
minus velocity is
expressed as dm.

Comments concerning the data presented in Figure 9-6a.

Although grooves are cheaper to produce and are less subject to erosion damage than protrusions, they have
little effect until the free stream turbulence penetrates into the cavity.

Attached protrusions are less effective than integrally machined protrusions because of the thermal
resistance between wire and wall. This resistance plays a more important role the higher the over-all heat
flux becomes. At the lowest Reynolds numbers, however, the slightly greater height of the wire results in an
improved heat transfer over the integral protrusion.

The influence of the roughness can be seen in curves D to G. The gain obtained by roughening increases with
the roughness. For each value of e there is a value of Re which optimizes the ratio (ha-ho)r. This optimum
value is associated to the minimum exhibited by g at e* = 35.

The tube used for comparison by Sheriff & Gumley (1966) [166] is not smooth. By use of the Moody diagram
for commercially rough pipes (Slichting (1960) [157]) an equivalent sand roughness of e/Dx = 4,2 x 10 results
from friction data in the relevant Reynolds numbers range. Heat transfer data for this tube can be correlated
by means of the following formula:

Nu = 0,0125Re054P04 , (Pr = 0,71)

The Re-exponent (larger than 0,8) and the constant factor (smaller than 0,023) support the evidence of
roughness.

Both Kemeny & Cyphers and Sheriff and Gumley used a pitch to height ratio b/e = 10. .Data from Brauer,
quoted by Bergles (1969) [8], indicate that the optimum b/e for the annular geometry appears to the about 3,
which is lower than the value, 10, quoted for tubes of circular cross section.

]

L - = n
Il T Il-..l# T,
Figure 9-7: Roughness function, uc*(e*,b/e), for wire coil roughness. Plotted by the

compiler after Sheriff & Gumley (1966) [166].

146




ECSS-E-HB-31-01 Part 13A
/ E CSS 5 Decembael; 2011

Hall's transformation of heat transfer data for annular ducts

This transformation (Hall (1962) [78]) reduces the data for annular passages with only the core tube
heated and roughened to those for circular cross section tubes having the same relative roughness.

The velocity and temperature distributions across the annular passage are assumed to be known.

1.

From the velocity distribution the radius of maximum velocity is determined. This radius
defines a cylindrical surface at which there is no shear stress. This is not strictly true for
turbulent flow, as shown by Hanjalic & Launder (1972) [80], who used a channel with
parallel plates, one of them roughened, or by Rehme (1975) [148], using concentric annuli
with smooth walls. This feature, however, is disregarded here.

By applying a force balance on the region of the annular passage between the inner
radius, D1/2, and the radius of no shear, Dw/2, the friction factor on the rough surface, fu,
is related to the experimental pressure loss, dp/dx, to the kinetic energy of the flow
through the passage (per unit volume), (pV?)n/2, and to the hydraulic diameter of the
"transformed passage", Dx= (Dw?-D12)/Dx.

dp L1/, 4f, 1 ,4f
9 _ 2 (v W2yl )
dx 2( k D, 2” D, -3

This equation relates also the average friction factor, f, for the whole of the annular
passage to the friction factor, fu, for the transformed passage.

The assumption is made that the resulting friction factor-Reynolds number relation is the
same as that which would exist for a circular tube having diameter Dr and identical
relative roughness.

The temperature distribution across the passage is adjusted so that the no-shear surface
becomes adiabatic too (Figure 9-8c). The transformation is based on the following
features:

: é
r

JI-IIJ"—I-I

Figure 9-8: Velocity and Temperature distributions across the annulus.

(a)  The local value of the coefficient of thermal diffusivity is assumed to be unaffected
by the condition of no heat flux at Du.

(b)  The heat flux at the roughened surface in the transformed system is assumed to be
the same as in the experimental system.
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Application of a thermal balance on the region of the annular passage between the
inner radius, Di/2, and a given radius, r, for both the experimental and the
transformed system yields, after some manipulation, the following ratio of
transformed to experimental radial temperature gradients:

(et /or), m(D,,D,) m(r,D,,)

aT/or  m(D,,D,) m(r,D,)

[9-4]
b
with m(a,b) = 27 j purdr

For gases, since the Hall transformation does not change the pressure field, p =T
For liquids p disappears altogether from the equation.

Equation above is Hintegrated to yield Tu(r). The integration constant may be
chosen so that either the wall temperature or the fluid bulk temperature becomes
invariant under the transformation. Although the second option looks
inconvenient from the computational point of view, it simplifies the transformation
of the data since the fluid properties are then invariant under the transformation.

c. The heat transfer coefficients are in the inverse ratio to the values of the wall to
bulk temperature differences. The ratio of transformed to experimental Stanton
numbers is then:

st, T,-T, pV

st (Tw -T )H (pV )H

[9-5]

5. According to Sheriff & Gumley (1966) [166] the velocity profiles are given by means of a
"logarithmic law", valid in the logarithmic layer near the rough wall, and a "velocity
defect law", valid up to Dw. The experiments indicate that the defect law is universal,
within the roughness range considered (¢/De< 0.02), as happens to be the case for tubes of
circular cross section. Thence, Dwis independent of both Re and e/Dk, and its value can be
deduced from a single experiment. In this particular case (Dw-D1)/(D2-D1) = 0,476. This
value is very close to that which would be obtained if the flow were laminar, which
results to be 0,454. This stricking coincidence has been already noted for smooth annuli
(Knudsen & Katz (1958) [107]).

The value of Du for laminar flow is given by:

Dz2 — D12

D =——-2 1 N
" 2In(D,/D,) >-6]

The following table gives ratios of transformed to experimental values of several variables as deduced
from one of the experiments by Sheriff & Gumley [166]. All these ratios, except hu/h, can be assumed
to be equal to unity. Values of hu/h for different Re and e are given by the authors in their Table 6.
Although a slight Reynolds number dependence can be noted, the quoted values deviate from 1,08 by

less than + 2%.
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v yu/y
To 1,013
h 1,080
pV 1,006
pV2 1,028
pV/u 1,013

3 _
1
A ll.u. | NIFERE amm
s ¥ 13 . " 23 3 W
Re.
STRAIGHT INTERNAL FINS
TURBULENT FLOW IN TUBES
WATER

Figure 9-9: Constant power heat transfer ratio, (h./ho)r, vs. Reynolds number based
on non-augmentative conditions, Re.. From Carnavos (1974) [19].

Explanation

Key O O A \Y >
Investigator Carnavos (1974) [19]
~ [Ole]e ool O
Number of Fins 0a 6 10 12 14 20
Dx103 [m] 26,0 11,5 14,2 11,6 18,0 25,3
Dex10? [m] 26,0 7,87 8,53 6,99 10,8 14,3
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Key o O A v >
e/D 0 0,148 0,111 0,094 0,099 0,073
b/De 0 0,494 0,348 0,312 0,287 0,213
Arx10° [m?] 0,529 0,099 0,143 0,100 0,237 0,478
L/D? 94 211 171 210 135 96
Nominal Wt. 0,1995 0,0884 0,1088 0,0889 0,1381 0,1944
Area [m?]
Unfinned Wt. 0,1995 0,0684 0,0645 0,055 0,0872 0,1118
Area [m?]
Finned Wt. 0 0,0604 0,0986 0,0856 0,1318 0,2140
Area [m?]
Total Wt. 1,00 1,46 1,50 1,58 1,59 1,68
Area/Nom. Wt.
Area
2 Smooth tube tested for comparison.
b [ =2435m.
Empirical Correlations Conditions Comments

CARNAVOS (1974) [19]
fa = 0,406Re-03(b/De.)016

Fluid properties evaluated at Tb. fa
and Re based on Deka.

5 x10% <Re < 7,5x104

e/Dra<0,21

0,21 <b/Dra< 0,50

L/D =100

Checked with water.

For the experiments reported by
Carnavos (1974) [19] the standard
deviation is + 10,8 %.

No details are given in the source
on the apparatus and procedure
used in these experiments.

Nuab=0,212Re%6Pr!3(b/Dra)034

Nua/Nub = (pb/pw)014

Fluid properties evaluated at Tb.
Nua based on Dra and total wetted
area. Re based on Dka.

5 x103 < Re < x105

e/Dea< 0,21

0,21 <b/Dra< 0,50

L/D =100

Checked with water.

For the experiments reported by
Carnavos (1974) [19] the standard
deviation is + 10%.

No data on the temperature level
prevailing in the experiments is
given in the source. The factor
(Mb/pw)014, accounting for the
temperature dependent viscosity is
valid in the range 0,004 < pw/pw < 20.
(See clause 6.2.4)

Comments concerning the data presented in Figure 9-9.
The performance of straight finned tubes approaches that of a smooth tube as the Reynolds number

increases.

In the low Reynolds number range (Re ~ 10¢) straight finned tubes give lower performance than spiral
finned tubes, compare data in Figure 9-9 with those in Figure 9-10 and Figure 9-11.
In the higher Reynolds number range (Re ~105) the performance of straight finned tubes is nearly
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equal to that of spiral finned tubes.

For eaual total wetted areas the improvement achieved by the use of internal fins increases with the
ratio of the average distance between fins, b, to the hydraulic diameter, De. This is what might be
expected upon inspection of the empirical correlations which reveal that the Nusselt number
increases more rapidly with b/Dzea than does the friction factor.

Much work should be done to draw genera conclusions concerning the optimum fin configuration
and number of fins. Attempts have been made by several authors (Hu & Chang (1973) [92]), Masliyah
& Nandakumar (1976) [123]) to optimize internally finned tubes for heat transfer. Their theoretical
approaches, however, which deal only with fully developed (both frictional and thermal) laminar
flow and constant heat flux along the wall, are fairly limited in scope.

&
Al
i

-] 'R ETIT [N HTIT] 1

r a » g IIIH.-I]' 101 a

LOW-SPIRAL INTERNAL FINS
TURBULENT FLOW IN TUBES
WATER

Figure 9-10: Constant power heat transfer ratio, (h./ho)r, vs. Reynolds number
based on non-augmentative conditions, Re.. From Carnavos (1974) [19].

Explanation

Key O O A \Y >
Investigator Carnavos (1974) [19]
~= [O0lo]o]°elo] O
Number of Qe 30 30 32 32 50
Fins
Dx108 [m] 26,0 20,0 25,7 14,7 24,8 31,5
Dex103 [m] 26,0 13,6 15,7 8,76 141 21,4
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Key O O A \Y4 >
e/D 0 0,037 0,037 0,047 0,042 0,026
b/Dk 0 0,123 0,129 0,116 0,120 0,072
y 0 3,81 2,97 10,4 3,46 3,12
Arx10% [m2] 0,529 0,299 0,517 0,161 0,479 0,761
L/D?b 94 122 95 166 98 77
Nominal Wt. 0,1995 0,1531 0,1965 0,1127 0,1899 0,2413
Area [m?]
Unfinned 0,1995 0,0794 0,1224 0,0471 0,0874 0,0841
Wt. Area
[m?]
Finned Wt. 0 0,1556 0,2211 0,1330 0,2648 0,2880
Area [m?]
Total Wt. 1,00 1,54 1,75 1,598 1,855 1,54
Area/Nom.
Wt. Area

2 Smooth tube tested for comparison.

b [ =2435m.

Empirical Correlations Conditions Comments
CARNAVOS (1974) [19] Fluid properties evaluated at || For the experiments reported
f. = 0,535Re0y-02 Tbv. fa and Re based on Dka. by Carnavos (1974) [19] the

5 x10% < Re < 7,5x104 standard deviation is £ 12,3 %.
e/DEa < 0,34 No details are given in the
0,07 <b/Dra < 0,52 source on the apparatus and
3<y<17 procedure used in these

L/D =100 experiments.

Checked with water.

Nu.=0,306Re?®*Pr13(b/Dka)2'y027 || Fluid properties evaluated at || For the experiments reported
Tb. Nua based on Dea and by Carnavos (1974) [19] the
total wetted area. Re based standard deviation is + 12,8%.

Ntte/Nub = (po/pn)14 on Dka. No data on the temperature
5x10% < Re <x10° level prevailing in the
e/Dea < 0,34 experiments is given in the
0,07 <b/Dea< 0,52 source. The factor (w/pw)14,
3<y<17 accounting for the
L/D =100 temperature dependent
Checked with water. viscosity is valid in the range
0,004 < pw/pw < 20.
(See clause 6.2.4)
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Comments concerning the data presented in Figure 9-10.

Spirally finned tubes provide convective heat transfer augmentation by extension of the heat
transfer surface and by induction of spiral flow. Hence, these tubes give a slightly higher
performance than straight fin tubes. This could also be expected upon inspection of the empirical
correlations which reveal that the Nusselt number increases more rapidly with spiralling than
does the friction factor. By comparison with data for straight finned tubes (Figure 9-9), it is
deduced that the heat transfer augmentation due to spiralling motion is larger at low Reynolds
numbers (Re ~ 10%).

The top performer tube has 50 triangular fins with twist y = 3,12. It is difficult, however, to draw
general conclusions on the optimum configuration from these data because of the wide variety of
geometries tested. Additional work should be done with trapezoidal and triangular shaped fins to
better understand their influence on performance.

One of the tubes (square) exhibits a sudden decrease in heat transfer for a Reynolds number very
nearly coincident with that corresponding to an increase in friction factor. The reason for this
drastic performance change is by no means obvious.

1.5 e

-lpllin.:ml 2 a1

HIGH-SPIRAL INTERNAL FINS
TURBULENT FLOW IN TUBES
WATER

Figure 9-11: Constant power heat transfer ratio, (h./ho)r, vs. Reynolds number
based on non-augmentative conditions, Re.. From Carnavos (1974) [19].
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Explanation

Key O O A \Y > < <
Investigator Carnavos (1974) [19]
= ole]o[e e elo] @
Number of 0a 6 8 16 16 16 16 16
Fins
Dx10° [m] 26,0 11,8 30,4 10,7 14,0 17,2 20,4 25,4
Dex103 [m] 26,0 7,54 17,93 4,47 6,60 8,59 11,30 14,96
e/D 0 0,158 0,149 0,144 0,119 0,105 0,097 0,088
b/Dk 0 0,516 0,433 0,244 0,265 0,240 0,270 0,243
y 0 7,26 3,34 16,66 10,00 6,48 4,98 3,00
Arx103 [m?]| 0,529 0,100 0,675 0,077 0,139 0,218 0,310 0,474
L/D® 94 206 80 228 174 142 119 96
Nominal 0,1995 | 0,0905 | 0,2327 0,0817 0,1070 0,1314 | 0,1562 0,1944
Wt. Area
[m?]
Unfinned 0,1995 | 0,0684 | 0,1518 0,0465 0,0580 0,0748 | 0,0969 0,1115
Wt. Area
[m?]
Finned Wt. 0 0,0598 | 0,2267 0,1282 0,1568 0,1750 | 0,1782 0,2081
Area [m?]
Total Wt. 1,00 1,417 1,626 2,139 2,00 1,90 1,76 1,64
Area/Nom.
Wt. Area

2 Smooth tube tested for comparison.
b L=2435m.
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Empirical Correlations Conditions Comments

CARNAVOS (1974) [19] Fluid properties evaluated at || For the experiments reported by

. = 0,535Re-039y02 Tb. fa and Re based on Deka. Carnavos (1974) [19] the standard
5 x103 < Re < 7,5x104 deviation is + 12,3 %.
e/DEa < 0,34 No details are given in the source on
0,07 <b/Dea< 0,52 the apparatus and procedure used in
3<y<17 these experiments.
L/D ~ 100
Checked with water.

Nua=0,306Re%3Pr13(b/Dea)?2y- || Fluid properties evaluated at || For the experiments reported by

0.27 Tb. Nua based on Dea and Carnavos (1974) [19] the standard
total wetted area. Re based deviation is + 12,8%.
on Dea. No data on the temperature level
Nuta/Nub = (Lo 14 5x103 <Re <x105 prevailing in the experiments is given
e/DEa< 0,34 in the source. The factor (ub/pw)%14,
0,07 <b/Dea< 0,52 accounting for the temperature
3<y<17 dependent viscosity is valid in the
L/D~100 range 0,004 < pw/pw < 20.
Checked with water. (See clause 6.2.4)

Comments concerning the data presented in Figure 9-11.

Spirally finned tubes provide convective heat transfer augmentation by extension of the heat transfer
surface and by induction of spiral flow. Hence, these tubes give a slightly higher performance than
straight fin tubes. This could also be expected upon inspection of the empirical correlations which
reveal that the Nusselt number increases more rapidly with spiralling than does the friction factor. By
comparison with data for straight finned tubes (Figure 9-9), it is deduced that the heat transfer
augmentation due to spiralling motion is larger at low Reynolds numbers (Re ~ 10%).

The top performer tube has 8 trapezoidal fins with twist y = 3,34. It is difficult, however, to draw
general conclusions on the optimum configuration from these data because of the wide variety of
geometries tested. Additional work should be done with trapezoidal and triangular shaped fins to
better understand their influence on performance.

One of the tubes (square) exhibits a sudden decrease in heat transfer for a Reynolds number very
nearly coincident with that corresponding to an increase in friction factor. The reason for this drastic
performance change is by no means obvious.

A value (ha/ho)e = 2,19 for Re ~ 104, which is not enclosed in Figure 9-11, is also given in the source in
connection with this tube.
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1.8

1
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e/

STREAMLINED AXIAL BODIES
TURBULENT FLOW IN TUBES
WATER

Figure 9-12: Constant power heat transfer ratio, (h./ho)r, vs. Reynolds number
based on non-augmentative conditions, Re.. From Bergles (1969) [8].

Explanation
Key A B C D E
Investigator Evans & Churchill (1963) [61]
D x 103 [m] 25,53
L/D (Diabatic) 64
Db x 103 [m] 2 15,88 19,05 22,23
Dv/D 0,622 0,746 0,871
Lv/D 2 4 8 12
Dr x 103 [m] 2 3,17
Ti [K] 300
(Tw - Tv) [K] 10 - 50®
Rea 5x103-5x104
Heating/Cooling H

NOTE  The streamlined bodies are composed of a cone and a hemisphere, machined from nylon. They are
fitted on a central rod through a hole drilled in the axis of the body. The bodies are held in place by
small screws, and centered by means of three aluminium pins, installed at the section of maximum

diameter and just touching the tube wall.
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b Estimated by the compiler from reported values of the heat transfer coefficient and power spent in heating

electrically the wall.

7T mT L
. /
| %V
d /
- ]
a3
0 LILIN 110 |
| g2 3 1 1 a
e, 10
TWISTED-TAPE INSERTS
LAMINAR FLOW IN TUBES
LIQUIDS

Figure 9-13: Constant power heat transfer ratio, (h./ho)r, vs. Reynolds number
based on non-augmentative conditions, Re.. Calculated by the compiler after Hong

& Bergles (1976) [91].
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Explanation
Key A B C D
Investigator Hong & Bergles (1976) [91]
Liquid Water Ethylene Glycol
D x 10% [m] 10,2
L/D (Diabatic) 120
y 2,45 5,08 2,45 5,08
tx 10° [m] 0,46
Tape fit 2 5
m x 10° [kg.s1] 5,5-9,5 1,8-33
q x 103 [W.m?] 0,5-38,5 5,2-27,6
Pr 3,0-7,0 84-192
Rea 83-2460 13-390
Heating/Cooling H

2 The tape fits are categorized by means of numbers as follows:

NOTE

1. Special care taken to increase the thermal joint conductance.

2. Tight tape fit. No measurable gap between the tape and the tube wall.

3. Snug tape fit. Gap of less than 0,25 x 10 m.

4. Loose tape fit. Gap estimated to be greater than 0,25 x 10 m.

5. Special care taken to reduce the thermal joint conductance. In the present case the tapes were
covered at both edges 2,5 x 10 wide strips of black No. 33 Scotch electrical tape, and backed in a

furnace at 530 K for about one minute.
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Empirical Correlations Conditions Comments
HONG & BERGLES (1976) [91] Straight tube of Data for tubes with twisted
£ \? semicircular cross tape inserts from Hong &
A, = [ﬂ- t2- ZdJ 63,06 -1-1,463R section. Diameter, D. Bergles (1976) [91] correlate
T—4y Re, L Fluid properties with the analytical results of
with this expression for Aa: evaluated at Tb. Sparrow & Haji-Sheikh (1966)
L1 Re based on D. Re<2,4 ||[169] for circular tubes with a
AP =2, BEPV 2 x 103 diametral dividing wall. The
Sparrow & Haji-Sheikh || additive term accounting for
(1966) [169]. en trance effects should be
taken into account for Re~ 105.
The reductions in pressure
drop because of heating were,
in these experiments, too
small to be accurately
assessed.
64 D Straight tube of circular ||See clause 7.2.5.
Ao = Re + 1’333T cross section. The entrance length

0

Hagen-Poiseuille formula

Fluid properties
evaluated at Te.

Re based on D. Re<2,4
x 103

coefficient, K = 1,333, is from
Sparrow & Haji-Sheikh (1966)
[169].

5/4
Nu, = 5,172\/1+ 5,484x107 Pr°'7(%j

Fluid properties
evaluated at Te.
Constant wall
temperature.

Nu and Re based on D.
10<Re<2x103

3 <Pr<200

25<y<5

L/D =120

A linear variation in bulk
temperature from the inlet to
the exit of the heated length is
assumed.

Wheny — o, Nua— 5,172.
This value corresponds to a
straight circular tube with a
diametral adiabatic dividing
wall.

Nuo= 3,656

Straight tube of circular
cross section.

Fluid properties
evaluated at Tb.
Constant wall
temperature.

Nu based on D.
GrPr<10'for Re>1
(see comments)

L/D >0,125PrRe.
Knudsen & Katz (1958).

The limitation imposed on
GrPr should be fulfilled to
keep the buoyancy effects at a
negligible level. More precise
data regarding this limitation
can be found in ESDU 69004
(1969) [50].
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Empirical Correlations Conditions Comments

Comments concerning the data presented in Figure 9-13.

The increase in pressure drop with tape-generated swirl flow is less than the increase in heat transfer
coefficient. Provided that buoyancy effects can be neglected, a situation which is of the greatest interest
for space application, the maximum increase in the heat transfer coefficient is of the order of ten times
the empty tube constant property value, while the corresponding pressure drop is of the order of three
times the empty tube pressure drop. This is in contrast to turbulent flow, where comparable increases in
heat transfer coefficient result in pressure drops which are several orders of magnitude larger that the
empty tube values.

Since the Nusselt number for the empty tube flow is independent of Reynolds number, the usual
coupling

between augmented and empty tubes does not appear here. Hence, Nua/Nuo vs. Rea is the same for a
constraint of fixed flow rate, pressure drop or pumping power. For consistency with other data in this
item it is, however, convenient to plot ha/ho as a function of the Reynolds number, Reo, based on non-
augmentative conditions. To related both augmentative and non-augmentative Reynolds numbers, the
required of equal pumping power is written down as:

(ARe[)o = (ARe3[T)a .

Incorporating friction factors and Reynolds numbers, all of them based on the inner tube diameter, and
the perimeter ratio, ITaI1o= (1 + 2-2t/D)/n, the above expression yields: Reo = 2,186Rea.

1.5

e ||:

m:u‘l:l

TWISTED-TAPE INSERTS
TURBULENT FLOW IN SMOOTH TUBES
AIR

Figure 9-14: Constant power heat transfer ratio, (h./ho)r, vs. Reynolds number
based on non-augmentative conditions, Re.. Curves A to I are from Bergles (1969)
[8], curves J to M have been calculated by the compiler after Thorsen & Landis
(1968) [178].
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Explanation
Key A B C D |E| F G H I J| K |L| M
Investigator Colburn & King (1931) [27] Evans & Sarjant (1951) | Smithberg et | Thorsen & Landis
[61] al. (1964) [168] (1968) [178]
D x 103 [m] 66,67 63,5 35,1 25,35 25,37
L/D (Diabatic) 13,7 33,6 29 36
y 0572 | 1,142 2,67 2,801 3,60 |4,80, 5,60 1,81 11 |1,58| 4,00 |1,58| 4,00
t x 10° [m] b 2,38 0,56 b
Tape fit 4 4 3 3
Ti [K] ~590 |390-170 | 380-660 <755 300 300 <519
| Tw-To) ~160 | 60-270 | 220-280 105-125 <50 <350 200
Tw/To 0,67-0,7310,55-0,84| 0,52-0,82 0,790 12 1,9 0,6
Rea 1,9x10%-5,6 x 103 3,3x10°-1,5x 1044 1,5x10%-9x10* 5x103-10°
Heating/Cooling C C H H C

2 The tape is wrapped around a small-diameter axial rod.

b Not given, it is presumably negligible compared to D.

¢ The numbers categorize the tape fit as follows.

Ll

o

Snug tape fit. Gap of less than

Loose tape fit. Gap estimated to be greater than 9,25 x 10 m.
Based on D.
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Empirical Correlations Conditions Comments
THORSEN & LANDIS (1968) [178] Fluid Rer based on the average total velocity and De. Re
fuff=T properties based on average axial velocity and Dk.
5 evaluated at Tb. || Rer/Re=(2/3)([1+(n/2y)?]*?-1)/(n/2y)?
/_ =25 In(ReT ﬁ )_ 0,85 far and fbased ||For Rer> 104 f=0,046Rer 02,
f on Rer and De. [|Kis the flow path curvature near the wall.
or its equivalent 5x10° <Re <105 ||KD/2 = (n/2y)*/[1+(r/2y)?]
1 ( ) 1,58<y<4
I 2,035l0g(Re; v/4 )-0,91 K10
L/D=36

I'=1,126 + 0,0094K

(1)
fab - Tb

Same as above.

0,6 <Tw/To<1,9
Nuab = F(Rer,Pr,I) The validity of [|Nua/T vs. Rert, for several values of Pr, is given in
Corresponds to isothermal flow through the the analytical || Figure 9-15b. Nuab/T" is practically independent of
expression I'. The error incurred in neglecting this

spiral channel.

relating Nuab to
Rer, Prand T’
has been
experimentally
checked for air
(Pr=~0,71)
under

the above
stated
conditions.
The analysis
requires that
heat flux and
shear stress at
the wall vary

dependency is of the order of 0,6% for Pr=0,71,
and increases with Pr. For Pr = 50 that error is of
the order of 9,5%.

Thorsen & Landis (1968) [178] suggest the use of
the Dittus-Boelter formula, modified as:

The computations leading to Figure 9-15b do not
validate this alternative, particularly regarding
the Pr dependence,except when Pr ~ 1.

in the same
way.
Heating Fluid For gases B=T:- 1.
Nu, z 2D, 1D)A, —T,)| ||PoPerties A :(ﬂo_zt,/n(ﬁ/zyij

2y 4

T -0,32
== 1+
[Tb J I:

Gives the radial convection effect.

Nu,,

evaluated at
Tram except f3,
evaluated at
Nu and Re
based on Dk.
5x10% < Re <105
1<Tw/Tv<1,9
Constant heat
flux at the wall.
h based on Aw.

A term, Qy, accounting for the conduction heat
transfer through the tape must be added for
evaluating the total energy transferred to or from
the fluid. This term is given by:

DL(T, -T,)/Q, =sD/[Zkft1/1+(7r/2y)2j+1/77h

where ¢ is the radial gap between strip and
wall, and n the fin effectiveness.
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Empirical Correlations

Conditions

Comments

Cooling

-01
Nu, 21‘07(TWJ {1_;; J2(D, ID)A[, -T,)
Nuab Tb 2y 4

Gives the radial convection effect.

|

Same as above
except

0,6 <Tw/Tob<1
Tv is defined as
indicated
under
Comments.

In the experiments whose data are being
correlated, cooling was achieved by counter
flowing water through an outer concentric tube.
Tb is defined by combination of the arithmetic
mean water temperature, Te, and the logarithmic
mean fluid to water temperature difference.

To+T, (T —To)— (T —Toi)
T _ _gci co + bi co bo ci
b 2 In (Tbi _Tco)
(Tbo _Tci)

LOPINA & BERGLES (1969) [120]
See Table of Figure 9-16.

The validity of this correlation, set forth for water and moderate
temperature differences, has been checked for helium and for
nitrogen by Bolla et al. (1973) [15] in the range 10* < Re <3 x10°. The
effect on Nua of the radial thermal gradient is accounted for by the
factor (Tw/Tv) 057, Although these authors do not report the
temperature ratio, Tw/Tb, they quote a value of the thermal flux of
45x10* W.m2, more than three times larger than the highest value
quoted by Thorsen & Landis (1968).

Comments concerning the data presented in Figure 9-14a.
Only Thorsen & Landis (1968) [178] report the appropriate diabatic friction factor data.

The cooling data are slightly lower than the heating data. Some improvement is expected in any case due to the
increased velocity because of the swirl induced by the tape.
The tightest twist ratio is not necessarily the best. A twist y = 2,5 is quoted as optimum for air.

Figure 9-15: Isothermal Nusselt number, Nuab. divided by the ratio of friction factors, T, vs.
the Reynolds number, Rer, for different values of the Prandtl number, Pr. Calculated by the
compiler after Thorsen & Landis (1968) [178].
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Figure 9-16: Constant power heat transfer ratio, (h./ho)r, vs. Reynolds number
based on non-augmentative conditions, Re.. From Bergles (1969) [8].

Explanation
Key A B C D E F G H I J

Investigator Greene (1960) [76] | Ibragimov et | Smithberg & | Lopina & Bergles (1969)

al. (1961) [96] | Landis (1964) [120]

[168]
D x 103 [m] 22,6 12,0 35,1 4,91
L/D (Diabatic) 57 29 69-76
(e/D) x 10 ~1 <3 0,57 (tube)
0,61 (tape)

y 028|056 | 1,12 |210| 456 | 1,81 11 |248|3,15|526 | 9,20
tx 103 [m] 1 0,56 0,343
Tape fit » 2 3 1
Ti [K] 288 283-366
(Tw-To) [K] <50 6-78
p x 10 [Pa] 210-690
Rea 104-5x104 8x103-6x10* 8x103-1,3x10°
Heating/Cooling H H H H
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2The tape fits are categorized by means of numbers as follows:

NOTE
twisted tape.

1. Special care taken to increase the thermal joint conductance; f.e., by redrawing of the tube over the

2. Tight tape fit. No measurable gap between the tape and the tube wall.

3. Snug tape fit. Gap of less than 0,25 x 10 m.

4. Loose tape fit. Gap estimated to be greater than 0,25 x 10 m.

5. Special care taken to reduce the thermal joint conductance; f.e., insulating the tape by paint.

Empirical Correlations

Conditions

Comments

LOPINA & BERGLES (1969)
[120]

fab/fob = 2, 75y'0'406

Fluid properties evaluated at To.

fa based on Dra. fo and Reo based on
D.

Ix103<Re <1,2x10°

e/D < 3x104

1,8<y<11

Checked with both water and air.

For smooth tube in the range 5x10° <
Re <105, fo = 0,046Reo 02 (see Table
7-2). For a wider Reynolds number
range see clause 7.2.2, where A = 4f.
For the friction factor to become
constant L/D > 0,623Re!/4,

fa/fab = (l,l,w/].lb)o'35(DEa/D)

Fluid properties evaluated at Tbam
fa based on Dra. Re based on D.
9x103 < Re < 1,2x10°

e/D < 3x104

2,48<y<9,20

Checked with water at Tr < 360 K

The differences between isothermal
and heated friction factors are less
than for the empty tube. This is so
because the tape is nearly adiabatic
and, thence, the reduction in the
liquid viscosity because of the
increased temperature is much
smaller near the tape than near the
tube wall.

This effect is accounted for by the

factor Dea/D in the exponent.

Nua = Nusc + Nuee + Nus

Liquid or gases under moderate tran:

sverse temperature gradients.

Nusc = 0,023R60'8PI'“
Dittus-Boelter formula.
Corresponds to flow through

the spiral channel.

Straight tubes of circular cross
section.

Fluid properties evaluated at Toam.
Nu and Re based on D. Re > 104
0,7>Pr>100

n = 0.4 for heating, n=0,3 for
cooling.

L/D > 60

Knudsen & Katz (1968) [107]

The fact that n is slightly different
for heating than for cooling is disre-
garded here. n =0,4 in any case.

Nusc is predicted from conventional
straight tube correlations,
accounting for the increased
velocity near tube wall caused by
the tape insertion and spiralling
flow path. For this the Reynolds
number must be defined as:

Re = aVDe/v, where a2 =1 + (n/2y)2
The constant factor, 0,023, can be
modified as follows: 0,0237 for Re <
1,5x104, and 0,025 for Re < 1,5x104.

Nuce = 0,114(GrPr)13

Fishenden-Saujnders formula
Gives the centrifugal
convection effect when the
heat

flows toward the tube axis.

Horizontal heated plate, width L,

facing upward.

Fluid properties evalauted at Tos,

Gr based on L. 2x10’<GrPr<3x10%.
McAdams (1954) [125]. A factor

The Grashof number, Gr, is based
on the centrifugal acceleration.
Gr/Re? = 2(1t/2y)%(Dea/D)B(Tw-Tb).
THIS TERM WILLNOT BE
PRESENT WHEN COOLING.

0,14 instead of 0,114 is quoted in
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Empirical Correlations Conditions Comments

this, as well as in other sources.

Nut = (F-1)(Nusc+Nucc) The table below gives values of F in || This term is determined by the
Gives the heat transfer by the ||typical instances. designer for each particular system
tape acting as a fin. of interest.
KLACZAK (1973) [106] Fluid properties evaluated at Tom.
Nua = 1,46Re044Pr036y-033 Nu and Re based on D.

1,7x103 < Re < 2x104

2,5<Pr<9

1,63<y<3,79

L/D=35.

Comments concerning the data presented in Figure 9-16.

The curves exhibit rather wide scatter. For similar valuesof tape twist differences are due to variation in
the fin effect and centrifugal convection effect.

The tightest twist ratio is not necessarily the best. Extremely tight twist ratios (low values of y), such as
those in Greene (1960) [76], have been accomplished by wrapping the strip around a small diameter rod.
All the references, except Lopina & Bergles (1969) [120], only present isothermal friction factors.

An attempt has been made to include in the figure data from the extensive tests by Kreith & Margolis
(1958). The results for water, although showing the correct trend regarding the variation with the
Reynolds number, lead to far too large values of (ha/ho)e, which at Re = 5x10* are of the order of 2,5 for y
=2,58 and 1,7 for y = 5. These results seem to be affected by experimental errors (see Smithberg & Landis
(1964) [168]).

Typical values of the Fin Effect Multiplier, F

Fit2 | Fluid F Reference

1 Water | 1,137 for Re <3x10* |Lopina & Bergles (1969)
1,10 for Re > 3x10¢ [[120]

3 Water 1,10 Smithberg & Landis
(1961) [168]

5 He, N 1,00 Bolla et al. (1973) [15]

2 The tape fits are categorized by means of numbers as follows:

NOTE 1. Special care taken to increase the thermal joint conductance; f.e., by redrawing of the tube over the
twisted tape.

3. Snug tape fit. Gap of less than 0,25 x 10-3.

5. Special care taken to reduce the thermal joint conductance; f.e., insulating the tape by paint.
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Figure 9-17: Constant power heat transfer ratio, (h./ho)r, vs. Reynolds number

based on non-augmentative conditions, Re.. Curves A, B, C from Bergles (1969) [8],

curves D, E, F from Bergles, Lee & Mikic (1969) [9].

Explanation
Key A B C D E F

Investigator Gambill, Bundy & Wansbrough Bergles, Lee & Mikic (1969) [9]
(1961) [69]

D x 103 [m] 6,32 6,35 6,30 6,35

L/D (Diabatic) 45 54-79 59-85 54-79

(e/D) x 104 0,84 (tube) 12 (tube) | 1,21 (tube) | 12 (tube)
0,24 (tape) 0,605 (tape) | 0,60 (tape)

y 2,30 5,00 8,00 No 2,42 2,55

Tape

t x 10% [m] 0,381 0,472

Tape fit® 2 1

Ti [K] 290-300 283-366

(Tw-Tv) [K] ~80¢ 6-78

p x 102 [Pa] 250-3500 210-690

Rea 5x10°-4,3x 10° 3x10%-8x104

Heating/Cooling H H
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This value is exceedingly low. From the swirl flow friction data by Gambill et al. (1961) [69] in their Fig. 10,
equivalent sand roughnesses of the order of ¢/D = 20 x 10 result. Lopina & Bergles (1969) [120], in their Fig.
04, ascribe to these tubes the value ¢/D =17 x 104

b The numbers categorize the tape fit as follows:

NOTE
twisted tape.

1. Special care taken to increase the thermal joint conductance; f.e., by redrawing of the tube over the

2. Tight tape fit. No measurable gap between the tape and the tube wall.
¢ Estimated from Tw - Tv = (D/L)[(Teo- Tvi)/45t].

MIKIC (1969) [9]
fav/fob = 2,75y-0406

fa/fab = (w/p1p)035(DEa/D)

Empirical Conditions Comments
Correlations
BERGLES, LEE & Fluid properties evaluated at Tv. ||[Expressions to calculate the

fa based on Dra. fo and Reo based
on D.

3x103 < Re < 8x10¢4

e/D < 12x10+

2,55<y<6,16

L/D = 60-80

The compensation of viscosity-
variation effects has been checked
with water at Tv <360 K

isothermal empty tube friction
factors for either smooth or rough
tubes are given in clause 7.2.2.

The differences between isothermal
and heated friction factors are less
than for the empty tube. This is so
because the tape is nearly adiabatic
and, thence, the reduction in the
liquid viscosity because of the
increased temperature is much
smaller near the tape than near the
tube wall.

This effect is accounted for by the
factor Dea/D in the exponent.

Nua = Nusc + Nuc + Nus

Liquid or gases under moderate transverse temperature gradients.

Nusc = 0,0088Re%15Pr04
Corresponds to flow
through the spiral
channel.

Fluid properties evaluated at Toam
Nu and Re based on DE.

3x10°% < Re < 8x104

e/D < 12x10+

2,55<y<6,16

L/D = 60-80

Nus. is predicted from conventional
straight tube correlations,
accounting for the increased
velocity near tube wall caused by
the tape insertion and spiralling
flow path. For this the Reynolds
number must be defined as:

Re = aVDe/v, where o> =1 + (1/2y)>
For the effect of roughness and
Prandtl number on both the
constant factor and Re-exponent see
ECSS-E-HB-31-01 Part 3.
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Empirical
Correlations

Conditions

Comments

Nuce = 0,114(GrPr)'3
Fishenden-Saujnders
formula

Gives the centrifugal
convection effect when
the heat flows toward
the tube axis.

Horizontal heated plate, width L,
facing upward.
Fluid properties evaluated at Tos,

Gr based on L. 2x107<GrPr<3x1010,

McAdams (1954) [125]. A factor
0,14 instead of 0,114 is quoted in
this, as well as in other sources.

The Grashof number, Gr, is based
on the centrifugal acceleration.
Gr/Re? = 2(n/2y)*(Dea/D) B(Tw-Tb).
THIS TERM WILL NOT BE
PRESENT WHEN COOLING.

Nus = (F-1)(Nusc+Nucc)
Gives the heat transfer
by the tape acting as a
fin.

Representative values of F are
given in the Table of Figure 9-16.

This term is determined by the
designer for each particular system
of interest.

purposes.

Comments concerning the data presented in Figure 9-17.

of Reo the rough-swirl tube is clearly the top performer.

Data on smooth swirl tubes and on rough (no swirl) tubeshave been included for comparison

The improvement obtained by inserting twisted tapes in rough tubes strongly depends on Re. or
the pumping power level. At low values of Reo the clear choice would be a smooth swirl tube;
but at higher values of Reo the rough tubes outperform the smooth swirl tubes. For these values
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10
Working fluids

10.1 General

This clause is intended as an aid in the selection of coolant fluids.

Coolant fluids for satellite temperatures can be gaseous or liquids. Molten metals are used at higher
temperatures.

The selection of the coolant is made on the basis of the thermal and power requirements for achieving
a given cooling duty. In the case of non-expandable coolants the basic variables are: density, specific
heat, thermal conductivity and viscosity, as well as temperature limits which should be compatible
with the desired application. The most important factors to be taken into account when selecting
expandable coolants are: specific heat and useful temperature range.

The above mentioned requirements, however, do not give the complete picture of the problem. Many
fluids fulfilling the appropriate thermal and frictional requirements can be aggressive to metallic or
elastomeric materials. Several coolants are toxic and their use are ruled out when manned operations
are envisaged; several others are flammable, ... .

Additional requirements can be defined in particular cases. For instance, good lubricity is desirable to
perform hydraulic functions as well as cooling; dielectric properties become important when single-
walled jackets are used and the fluid is in contact with electrical equipment. Concern with vapor
pressure, storage temperature, safety and handling appears in the detailed design of the system.

According to the above considerations, this clause is divided into two distinct clauses.

The first part deals with the selection of the fluids which meet the cooling and pumping power
requirements. This selection is based on the fluid thermal and frictional properties. A drastically
simplified cooling loop is assumed in order to substantiate the comparison between the fluids. Eight
fluid coolants are considered by way of example, four of them being liquids and the other four gases
under normal operating conditions. The method used for ranking these coolants can be applied to
other fluids provided that their relevant physical properties are known. From the worked cases the
conclusion is drawn that liquids are far superior to gases, although the useful temperature range of
liquids is restrained by boiling, high vapor pressure and thermal degradation.

In the second part of the clause, the physical and environmental properties of thirty liquid coolants are
compiled. The clause ends with a clause giving thermal properties of dry air in the temperature range
270 K to 310 K, at a pressure of 10° Pa.

10.2 Cooling effectiveness of a fluid

The cooling effectiveness of a fluid is measured by the ratio, F, of the heat transfer rate, Q, to the
mechanical power, Ap(m/p), required to drive the fluid through the loop, f the heat transfer rate
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[10-1]

A preliminary estimate of the fluid coolant merit should be based on simplified fluid loops. In our
particular case the loop is constituted by a cylindrical smooth tube, of circular cross section, inner
diameter D, length Lr, and diabatic length L (L < Lk). More complex loops can be reduced to this
simple "equivalent”" configuration once the pressure losses through them, for given flow conditions,
have been evaluated.

The merit of several gaseous and liquid coolants are compared on the basis of the ratio F, for both
laminar and turbulent flow, in Figure 6-1. The calculations have been made for particular, yet
representative, values of the heat flux g (= Q/zDL), inner diameter of the tube, D, and diabatic length, L.

108

| I T 1T T TTrl | r T 1T IS

107

L 11 114
3 5 7 1!

1 - T ! F 7 10 2
T

Figure 10-1: Product of cooling effectiveness, F, of several fluids times the
equivalent length of the loop, Lk, as functions of the difference between the heat
source and the inlet temperature, Ts- T;, for the following reference values: Inner
diameter of the duct, D =102 m. Diabatic length of the duct, L =1 m. Heat flux, g =

250 W.m? for Air, Carbon Dioxide, Carbon Tetrachloride, Hydrogen and Nitrogen,
q =1000 W.m for Ethylene Glycol, Flutec PP50 and Water. Calculated by the
compiler.
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It can be deduced from Figure 10-1 that liquid are superior to gases. Gases, however, can be used over
a much wider temperature range since common liquid are restrained by freezing and/or high
viscosities at low temperatures, and by boiling, high vapor pressure or thermal degradation at high
temperatures. It is also seen that the ranking of the coolants considered is relatively unaffected by
laminar or turbulent flow conditions.

Details concerning the calculations are briefly presented in the following clauses.

10.2.1 Simplified fluid loop configuration

The fluid is pumped through the circular-cylinder tube of length Le and diameter D. The mass flow
rate, m, as well as the heat transfer rate, Q, and the inlet fluid temperature, Ti, are assumed to be
constant.

Some regulating device is required to enforce in practical cases these constraints. Here it is assumed
that a heat exchanger placed between the pump and the tube inlet controls the inlet temperature, T;
without changing the fluid mass flow rate, m.

The layout of the simplified configuration is sketched in Figure 10-2. The controller picks the wall
temperature and controls the mass flow rate through the heat exchanger.

{

e

() 7

o

Figure 10-2: Schematic representation of the fluid loop considered for estimating
the fluid cooling effectiveness.

10.2.2 Thermal performance of the simplified loop

Assuming that the fluid is heated or cooled over the diabatic length, L, the heat flow rate, Q, will be
given by

q=h, AT, LD =mc, (T, -T;) [10-2]

see clause 6.2.1.

The source temperature, Ts, is assumed to be equalto the wall temperature, Tw, of the diabatic
cylindrical tube. This could be the case when this tube is the fluid duct of a cold plate on which the
heat source is mounted.

Taking into account the definitions of the Nusselt, Prandtl and Reynolds numbers given in clause
6.2.2, Q becomes
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Q=—D _DIT,-T) [10-3]

The Nusselt number is estimated with the aid of the following correlations:
— Fully Developed Laminar Flow (Re < 2400, Gz <9), Nu = 3,66. See Figure 6-1.

— Thermal Entry Length Laminar Flow (Re <2400, Gz 2 9), Nu = 1,75Gz'?. See ESDU 68006
(1968) [48], p. 10, or alternatively, Figure 6-6 of this Part.

— Fully Developed Turbulent Flow (Re > 4000), Nu = 0,023(Re2Pr)°*. See clause 9.2, Dittus-
Boelter formula.

In the transitional region both the laminar and turbulent values should be calculated. These values
will correspond to the lower and upper limits of the Nusselt number.

10.2.3 Power requirements of the simplified loop

The pressure loss due to friction in the cylindrical pipe is:

Ap = /1L—DE% \V 2 [10-4]

see clause 7.2.2. In this equation Jis given by:

—  Fully Developed Laminar Flow (Re < 2400), A = 64/Re. See clause 7.2.2, Hagen-Poiseuille
formula.

— Fully Developed Turbulent Flow (Re > 4000), A = 0,316Re?%. See Table 7-2, Blasius
formula.

Again the transitional friction factor, 4, is supposed to be bounded by the values obtained by
extrapolation of the laminar and turbulent formulae.

10.2.4 Several examples

Values of the cooling effectiveness, F, of several fluids were plotted as functions of the temperature
difference, Ts - T;, in Figure 10-1. The computations were made for reference values of the heat flux, g,
the inner diameter of the tube, D,and the diabatic length, L.

The same computations have been replotted for four different fluids, namely: Air, Ethylene Glycol,
Flutec PP50 and Water in four separate figures (heavy lines in Figure 10-4 to Figure 10-7).

In order to estimate how sensitive the plotted values of FLtare to changes in the assumed values of g
and D a simple graphical method can be used. This method is introduced by resorting to Figure 10-3.
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Figure 10-3: Graphical method allowing for values of heat flux, g4, and inner
diameter of the duct, D, different from those used in Figure 10-1.

In order to move from point Br to point B:

1. A segment will be drawn from By, parallel to D axis, whose length corresponds to the new
value of the duct diameter measured in the appropriate scale.

2. From the resulting point, B1, a segment parallel to q axis and of the appropriate length
will be drawn, giving the point B.
Both q and D scales are logarithmic.

Point Ar will be moved in the same manner for pinpointing A, although different oblique coordinates
q and D must be used as shown in Figure 10-4 to Figure 10-7.
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Figure 10-4: Graphic for estimating the product of the fluid cooling effectiveness,
F, times the equivalent length of the loop, Lk, as a function of the difference
between the heat source and the inlet fluid temperature, Ts- T:. Fluid: Air.
Reference values: D =102 m, L =1 m, g =250 W.m. Values FL: for different D and
q,yet L =1, can be calculated graphically as is indicated in the text. Prepared by the
compiler.
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Figure 10-5: Graphic for estimating the product of the fluid cooling effectiveness,
F, times the equivalent length of the loop, Lz, as a function of the difference
between the heat source and the inlet fluid temperature, Ts- T:. Fluid: Ethylene
Glycol. Reference values: D =102 m, L =1 m, g =1000 W.m?2. Values FLt for
different D and g, yet L =1, can be calculated graphically as is indicated in the text.
Prepared by the compiler.
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Figure 10-6: Graphic for estimating the product of the fluid cooling effectiveness,
F, times the equivalent length of the loop, Lz, as a function of the difference
between the heat source and the inlet fluid temperature, Ts- T:. Fluid: Flutec PP50.
Reference values: D =102 m, L =1 m, g4 =1000 W.m2. Values FLt for different D and
q,yet L =1, can be calculated graphically as is indicated in the text. Prepared by the
compiler.

177



/ E m/ ECSS-E-HB-31-01 Part 13A
5 December 2011

¢ | 11T T1-T T T1

107 /
FL..mi da" i

—~ r -2
- -
T04 5..-
" ;!
-
1
102
L
1 ] 1111 | | 111
1 2 3 P 7 10 z 3 # T 01

T GO

Figure 10-7: Graphic for estimating the product of the fluid cooling effectiveness,
F, times the equivalent length of the loop, Lt, as a function of the difference
between the heat source and the inlet fluid temperature, Ts- Ti. Fluid: Water.

Reference values: D =102 m, L =1 m, g4 =1000 W.m2. Values FLt for different D and
q,yet L =1, can be calculated graphically as is indicated in the text. Prepared by the
compiler.

In order to draw the new laminar flow (or turbulent flow) curve relating the cooling effectiveness per
unit equivalent duct length, F, with the temperature difference, Ts- T;, for the chosen values of the heat
flux, g, and the inner diameter of the duct, D, a straight line is draw from B parallel to that drawn for
B:.

This graphical method is only approximate. The reference curves are not strictly straight lines nor
should be translated in parallell. however the error resulting from the use of these oversimplifications
has been of the order of 5% in all the cases which have been considered.

10.3 Properties of liquid coolants

Relevant properties of thirty selected liquid coolants have been compiled in this clause.

The data are arranged as follows: Basic physical properties to be used in the preliminary selection of
the coolant have been assembled in Table 10-1. These properties are: operating temperature limits,
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flammability data, density, specific heat, thermal conductivity and dynamic viscosity. When the
available data cannot be presented in the small space allotted to them in the Table, additional figures
and tables are used. As a general rule the additional figures precede the additional tables, but are
placed after the opening Table 10-1 and Table 10-2.

Environmental properties such as, odor, toxicity and materials compatibility,together with some
reference to previous applications of the several coolants are presented in Table 10-2, plus the
additional Table 10-4 to Table 10-9.
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Table 10-1: Physical Properties of Typical Liquid Coolants
LIQUID CHEMICAL |FREEZING BOILING FLASH VAPOR DENSITY SPECIFIC TERMAL DYNAMIC
FORMULA POINT |POINT at POINT PRESSURE P HEAT CONDUC. VISCOSITY
K] 105 Pa K] psat [kg.m~] cp k p
1] [Pa] [J.kg'.K] [W.m K] [Pa.s]
Water H:0 273 373 None Figure 10-8 | Figure 10-9 | Figure 10-10 | Figure 10-11 Figure 10-12
Carbon CCls 2502 3502 None® Figure 10-13 | Figure 10-14 | Figure 10-15 | Figure 10-16 Figure 10-17
Tetrachloride
Coolanol 15 177 422 350 Figure 10-18 | Figure 10-19 | Figure 10-20 | Figure 10-21 Figure 10-22
Coolanol 254 189 372 436
Coolanol 35¢ 189 483 450
Coolano] 45 208 461
DC 200 Dimethyl Table 10-3 Table 10-3 Figure 10-23
Siloxane
Polymer

Ethylene Glycol C2HsO2 Figure 470 Figure 10-25 | Figure 10-26 | Figure 10-27 | Figure 10-28 Figure 10-29
Glycol / Water 10-24
Flutec PP28 223hi 349 Figure 10-30 | Figure 10-31 Figure 10-33 Figure 10-34
Flutec PP9s 193 433 10801
Flutec PP50s CsFiz 133 302 Figure 10-32
Freon 11% CFCls 162 297 None Figure 10-35 | Figure 10-36 | Figure 10-37 | Figure 10-38 Figure 10-39
Freon 12* CE:Cl2 115 243 None
Freon 13* CFsCl 92 192
Freon 21* CHEFCl 138 282 None
Freon 22* CHE:Cl 113 232
Freon 113k CaFsCls 238 321
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NOTE

a

b

c

All data in this table, unless otherwise stated, are from Filippi & Guerra (1977).
From Vargaftik (1975) [183].

From Weat (1966) [185].

Sislicate ester manufactured by Monsanto Chemical Co.

Also known as FFP-103 and Monsanto OS 139.

Also known as OS 45

From Raznjevic (1970) [147].

5 December 2011
LIQUID CHEMICAL |FREEZING BOILING FLASH VAPOR DENSITY SPECIFIC TERMAL DYNAMIC
FORMULA POINT |POINT at POINT PRESSURE [ HEAT CONDUC. VISCOSITY
[K] 10° Pa [K] psat [kg-m_:”] Cp k 1%
[K] [Pa] [J.kg'.K1] [W.m1K"] [Pa.s]

Freon 114k CoFsCl2 179 277 None
Freon 142k C2HsFCl 1422 263
Freon E1k (C2Fs0)CsHFs 119 314 None Figure 10-40 | Figure 10-41 | Figure 10-42 | Figure 10-43 Figure 10-44
Freon E2k (C2F30)2CsHFs 150 377
Freon E3k (C2F30)sCsHFs 166 425
Freon E4k (C2Fs0)4CsHFs 179 467
Freon E5k (C2F30)sCsHFs 189 497
FC 75! 160 372 None Figure 10-45 | Figure 10-46 | Figure 10-47 | Figure 10-48 Figure 10-49
Methanol/Water 231 355i 294m 9001 3430i Figure 10-50 Figure 10-51
60/40
Methanol/Water 170m 343m 287m 850m 2880
80/20
Monsanto ¢ 208 644 461 Figure 10-52 | Figure 10-53 | Figure 10-54 | Figure 10-55 Figure 10-56
OS 59
Oronite » 200 422 383 5066 891 1985 0,0986 2,5x103
Flo-Cool 100
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8 Manufactured by Imperial Smelting Co. Ltd.

b Melting point.

I From Dunn & Reay (1976) [40].

I From Kissner (1973) [105]. Properties are given at 298 K.

k Freon is a registered trademark of E.I. DuPont de Nemours & Co., Inc.
I FC75is a fluorochemical.

m  From Ignations & Mitchell (1974) [98]. The temperatures corresponding to thermodynamic and transport properties are not reported. The apparent rage seems to be from
283 Kto 298 K.

n  Oronite is a silicate ester manufactured by Oronite Chemical Co. Properties ae given at 298 K except vapor pressure and specific heat which are given at 422 K and 298 K
respectively.
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Table 10-2: Environmental Properties of Typical Liquid Coolants
LIQUID ODOR TOXICITY MATERIALS COMPATIBILITY APPLICATIONS
(Macy: Metals Elastomers
Water None Non toxic Corrosive to Al alloys |No swell Skylab, Shuttle
Carbon Tetrachloride Noxius b (315 mg.m3) b Corrosive to Cu Unusable ©
alloys ¢
Coolanol 15 Slight Toxicat T>422 K Table 10-4 Moderate swell d Gemini Space Capsule
Coolanol 25 Low toxicity
d
Coolanol 35 (1000 ppm) Compatible with Test fluid
d
Coolanol 45 Buna N
DC 200 None ¢ Non toxic ¢ Chemically inert Liquid dielectric
and coolant
Ethylene Glycol (27,7 mg.m?) f Compatible with High vicosity. s Normally
Aluminium & mixed with water
Glycol / Water 60/40 Slight 114 mg.m* Corrosive No swell Antifreeze hmixture.
Apollo
Flutec PP2
Flutec PP9 Breathing vapor should |Extremely good Coolant for computer and
be avoided electronic equipment, can
Flutec PP50 b? used' as hydrauhc and
dielectric fluid »
Freon 11 Table 10-5 Compeatible with steel, [Table 10-6
Freon 12 cf?tst iron, brass., copper,
tin, lead, aluminium
Freon 13 and other structural
Freon 21 Very Noxius metallic materials Skylab, Shuttle 8
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LIQUID ODOR TOXICITY MATERIALS COMPATIBILITY APPLICATIONS
(Mac) Metals Elastomers

Freon 22 under normal

conditions of use.
Freon 113 Mg alloys and Al alloys
Freon 114 containing more than

2% Mg are not
Freon 142 recommended for use

in systems containing

Freon were water may

be present. Zinc is not

recommended for use

with Freon 113 4
Freon E1 None Extremely low. Toxic at Slight swell

d
Freon E2 None 33K Table 10-7 Heat transfer medium,
Freon E3 None Table 10-8 i dielectric coolant
Freon E4
Freon E5
FC 75 Low toxicity Table 10-7 Coolant for electronic
(1000 ppm) equipment b

Methanol/Water 60/40  |Noxius 26 mg.m?3 Corrosive No swell
Methanol/Water 80/20
Monsanto OS 59 (1000 ppm) ¢
Oronite Flo-Cool 100 Table 10-9

All data in this table, unless otherwise stated, are from Ignationis & Mitchell (1974) [98].

184



/ E m/ ECSS-E-HB-31-01 Part 13A
5 December 2011

a Maximum allowable concentration

b From Weast (1966) [185]. The value under Toxicity corresponds to the "Industrial Limit" which is normally ten times that allowed in Spacecraft for 90 d.

¢ From Rabald (1968) [146].

4 From Filippi & Guerra (1977) [64].

¢ From DOW CORNING (1963, 1972) [37] & [38].

f From Rittenhouse & Singletary (1969). This value correspond to "Spacecraft 1 h Emergency" which is normally five times that allowed in spacecraft for 90 d.
8 From Kissner (1973) [105].

h From Scott (1974) [161].

I Also includes compatibility with plastics and wire coatings.
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Figure 10-8: Vapor pressure, psa;, of Water vs. temperature, T. From Vargaftik (1975)
[183].
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Figure 10-9: Density, p, of Water vs. temperature, T. From Vargaftik (1975) [183].

4.25

= /

«10
(Jgtpu".k")
421
410 \k/z
4.17
270 a0 10 360 o0

Figure 10-10: Specific heat, ¢y, of Water vs. temperature, T. From Vargaftik (1975)
[183].
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Figure 10-11: Thermal conductivity, k, of Water vs. temperature, T. From Vargaftik
(1975) [183].
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Figure 10-12: Dynamic viscosity, x4, of Water vs. temperature, T. From Vargaftik
(1975) [183].

..,.‘“': /
e f/,/ .
% ]
m'/ ;

Figure 10-13: Vapor pressure, psat, of Carbon Tetrachloride vs. temperature, T. From
Vargaftik (1975) [183].
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Figure 10-14: Density, p, of Carbon Tetrachloride vs. temperature, T. From
Vargaftik (1975) [183].
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Figure 10-15: Specific heat, ¢y, of Carbon Tetrachloride vs. temperature, T. From
Vargaftik (1975) [183].
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Figure 10-16: Thermal conductivity, k, of Carbon Tetrachloride vs. temperature, T.
From Vargaftik (1975) [183].
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Figure 10-17: Dynamic viscosity, x4, of Carbon Tetrachloride vs. temperature, T.
From Vargaftik (1975) [183].
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Figure 10-18: Vapor pressure, psat, of Coolanol 15, 25, 35 and 45 vs. temperature, T.
From Filippi & Guerra (1977) [64].
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Figure 10-19: Density, p, of Coolanol 15, 25, 35 and 45 vs. temperature, T. From
Filippi & Guerra (1977) [64].
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Figure 10-20: Specific heat, ¢y, of Coolanol 15, 25, 35 and 45 vs. temperature, T.
From Filippi & Guerra (1977) [64].
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Figure 10-21: Thermal conductivity, k, of Coolanol 15, 25, 35 and 45 vs.
temperature, T. From Filippi & Guerra (1977) [64].
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Figure 10-22: Dynamic viscosity, 4 of Coolanol 15, 25, 35 and 45 vs. temperature, T.
From Filippi & Guerra (1977) [64].
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Figure 10-23: Kinematic viscosity, v, of DC 200 vs. temperature T. Numbers on
curves indicate the standard viscosity in ¢s. From DOW CORNING (1972) [38].
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Figure 10-24: Freezing point, T, of Water/Glycol Solutions vs. Glycol mass fraction,
s. From Filippi & Guerra (1977) [64].
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Figure 10-25: Vapor pressure, psat, of Water/Glycol Solutions vs. temperature, T.
Numbers on curves indicate Glycol mass fraction, c. From Filippi & Guerra (1977)
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Figure 10-26: Density, p, of Water/Glycol Solutions vs. temperature, T. Numbers on
curves indicate Glycol mass fraction, c. From Filippi & Guerra (1977) [64].
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Figure 10-27: Specific heat, ¢y, of Water/Glycol Solutions vs. temperature, T.
Numbers on curves indicate Glycol mass fraction, c. From Filippi & Guerra (1977)
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Figure 10-28: Thermal conductivity, k, of Water/Glycol Solutions vs. temperature,
T. Numbers on curves indicate Glycol mass fraction, c. From Filippi & Guerra
(1977) [64].
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Figure 10-29: Dynamic viscosity, 4, of Water/Glycol Solutions vs. temperature, T.
Numbers on curves indicate Glycol mass fraction, c. From Filippi & Guerra (1977)
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Figure 10-30: Vapor pressure, psat, of Flutec PP-2, PP-9 and PP-50 vs. temperature, T.
Data are from Dunn & Reay (1976) [40] except those corresponding to Flutec PP-50
which are from Wyn-Roberts (1974) [193].
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Figure 10-31: Density, p, of Flutec PP-2, PP-9 and PP-50 vs. temperature, T. Data are
from Dunn & Reay (1976) [40] except those corresponding to Flutec PP-50 which
are from Wyn-Roberts (1974) [193].
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Figure 10-32: Specific heat, ¢, of Flutec PP-50 vs. temperature, T. From Wyn-
Roberts (1974) [193].
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Figure 10-33: Thermal conductivity, k, of Flutec PP-2, PP-9 and PP-50 vs.
temperature, T. Data are from Dunn & Reay (1976) [40] except those corresponding
to Flutec PP-50 which are from Wyn-Roberts (1974) [193].
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Figure 10-34: Dynamic viscosity, g, of Flutec PP-2, PP-9 and PP-50 vs. temperature,
T. Data are from Dunn & Reay (1976) [40] except those corresponding to Flutec PP-
50 which are from Wyn-Roberts (1974) [193].
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Figure 10-35: Vapor pressure, psat, of Freon 11, 12, 13, 21, 22,113, 114 and 142 vs.
temperature, T. From Vargaftik (1975) [183].
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Figure 10-36: Density, p, of Freon 11, 12, 13, 21, 22, 113, 114 and 142 vs. temperature,
T. From Vargaftik (1975) [183].
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Figure 10-37: Specific heat, ¢, of Freon 11, 12, 13, 21, 22, 113, 114 and 142 vs.
temperature, T. From Filippi & Guerra (1977) [64].
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Figure 10-38: Thermal conductivity, k, of Freon 11, 12, 13, 21, 22, 113, 114 and 142 vs.
temperature, T. From Vargaftik (1975) [183].
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Figure 10-39: Dynamic viscosity, x4, of Freon 11, 12, 13, 21, 22, 113, 114 and 142 vs.
temperature, T. Data are from Vargaftik (1975) [183] except those corresponding to
Freon 13 which are from Filippi & Guerra (1977) [64].
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Figure 10-40: Vapor pressure, psat, of Freon E1, E2, E3, E4 and E5 vs. temperature, T.
From Filippi & Guerra (1977) [64].
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Figure 10-41: Density, p, of Freon E1, E2, E3, E4 and E5 vs. temperature, T. From

Filippi & Guerra (1977) [64].
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Figure 10-42: Specific heat, ¢y, of Freon E1, E2, E3, E4 and E5 vs. temperature, T.
From Filippi & Guerra (1977) [64].
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Figure 10-43: Thermal conductivity, k, of Freon E1, E2, E3, E4 and E5 vs.
temperature, T. From Filippi & Guerra (1977) [64].
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Figure 10-44: Dynamic viscosity, 4, of Freon E1, E2, E3, E4 and E5 vs. temperature,
T. From Filippi & Guerra (1977) [64].
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Figure 10-45: Vapor pressure, psat, of FC 75 vs. temperature, T. From Filippi &
Guerra (1977) [64].
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Figure 10-46: Density, p, of FC 75 vs. temperature, T. From Filippi & Guerra (1977)
[64].
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Figure 10-47: Specific heat, ¢y, of FC 75 vs. temperature, T. From Filippi & Guerra
(1977) [64].
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Figure 10-48: Thermal conductivity, k, of FC 75 vs. temperature, T. From Filippi &
Guerra (1977) [64].
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Figure 10-49: Dynamic viscosity, 4, of FC 75 vs. temperature, T. From Filippi &
Guerra (1977) [64].
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Figure 10-50: Thermal conductivity, k, of Methanol/Water Solutions vs.
temperature, T. Numbers on curves indicate Methanol mass fraction, c. From
Vargaftik (1975) [183].
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Figure 10-51: Dynamic viscosity, 4, of Methanol/Water Solutions vs. temperature,
T. Numbers on curves indicate Methanol mass fraction, c. From Vargaftik (1975)
[183].
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Figure 10-52: Vapor pressure, psat, of Monsanto OS 59 vs. temperature, T. From
Filippi & Guerra (1977) [64].
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Figure 10-53: Density, p, of Monsanto OS 59 vs. temperature, T. From Filippi &
Guerra (1977) [64].

(J.?rp;'l‘?; l? /
.
w -

190 270 [ 350 430

Figure 10-54: Specific heat, ¢y, of Monsanto OS 59 vs. temperature, T. From Filippi
& Guerra (1977) [64].
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Figure 10-55: Thermal conductivity, k, of Monsanto OS 59 vs. temperature, T. From
Filippi & Guerra (1977) [64].
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Figure 10-56: Dynamic viscosity, 4 of Monsanto OS 59 vs. temperature, T. From
Filippi & Guerra (1977) [64].
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Table 10-3: Properties of Dow Corning 200 Fluids (Dimethyl Siloxane Polymers)
Kinematic? Freezing Boiling Flash Density Specific Heat, cp Thermal
Viscosity at Point Point Point at 298 K, [J. kg K] Conductivity at
2\)9)(81;(6' (Kl [kl (Kl g 313K 373K 473K = K,
[m2.s1] [W.m1.K"]
0,65 205 373¢ 272 759 0,100
1 187 425¢ 311 816
1,50 197 465¢ 336 851 0,105
2 189 343-3734 352 870 0,109
5 208 393-4334 408 917 0,117
10 173 436 931 0,134
20 189v 505 946 1457 1478 1516 0,142
50 203k 558 957 0,151
100 208 588 0,155
200 967
350 1403 1444 1478 0,159
500 223b 968
1,000 594
12,500 2270 972
30,000 230p
60,000 232 973
100,000 2400 974
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2 Numerals in this column of the table correspond to standard viscosity grades in cs (1 c¢s = 10-° m2.s). These numerals are used to identify the various liquids in the Dow
Corning 200 series.

b Pour point (ASTM D 97-39, Sec. 5-7). Due to supercooling effects this test method yields values below the temperatures at which these fluids solidify when held at a given
temperature for longer items.

< At10°Pa.
4 At 67 Pa.
NOTE  From Dow Corning (1963,1972) [37] & [38].
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Table 10-4: Corrosion and Oxidation Text Data for Coolanol Liquids

Liquid Coolanol | Coolanol | Coolanol | Coolanol
15 25 35 45
Test 2 Ab Be A B A B A B
Metal Weight Change [g.m? ]
Aluminium +0,4 +0,1 | +05 | -02 | +0,1 | -0,1 | +0,1
Magnesium +0,1 +0,2 -0,2 -0,1
Copper +0,6 0 24. | 0,2 | -0,3 | +0,5 0
Silver +0,3 0 0
Steel +0,4 +0,2 | +02 | -01 | -02 [+02| O
Cadmium Plated +0,8 0 -0,1 +0,1
Steel
Acidity [g of KOH per kg]
Initial 011 {011 | 0,03 | 0,03 | 0,01 | 0,14
Final 0,06 | 1,00 | 0,03 | 3,00 | 0,01 | 0,81
Kinematic Viscosity at 328 K
v x 106 Initial 319 | 3,12 | 446 | 421 | 844 | 851
[m.s7] Final 327 | 571 | 454 | 839 | 863 | 9,05
Increase [percent] 1,9 83,0 1,8 |1 990 | 2,3 5,8
Total Fluid Weight Loss [percent] 1,8 [ 135 28 | 13,0 | <1 | <10
@ Test were made as indicated in the following Table (A and B refer to code in Table 10-4).
Code Exposure Time | Temperature Air Flow Rate Specification
[h] K1 [m3.s7]
A 168 394 1,389 MIL-H-5606
B 72 478 MIL-H-8446

b Coolanol 15 is thermally stable at 394 K, and may be used in typical circulating systems. However, in this test,
when exposed to a purge of air at this temperature, it can vaporize, oxidize and perhaps gel.

¢ Coolanol 15 is not recommended for continuous use at 478 K.
From Filippi & Guerra (1977) [64].

NOTE
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Table 10-5: Toxicity of Several Freon Liquids

Liquid Maximum | Group Toxicity Rate 2
Concentration Definition
Freon 11 5a  |6. Gases or vapors which in concentrations up to at least
about 20% by volume and durations of exposure at the
3
Freon 12 500 mg.m 6 |order of 2 h do not appear to produce injury.
Freon 13 6 |5a. Gases or vapors much less toxic than Group 4 but more
toxic than Group 6.
Freon 21 420 mg.m-=3 4&5
& 4 & 5. Much less toxic than Group 4 but somewhat more
Freon 22 54 |toxic than Group 5.
F 113 485 4. Gases or vapors which in concentrations of the order of
reon 2 to 2,5% and durations of exposure of the order of 2 h are
Freon 114 {500 mg.m? 6 |lethal or produce serious injury.

The criterion for evaluating the toxicity is that employed by Underwriters Laboratories of Chicago. According
to this criterion the fluids are divided into 6 categories ranging from Group 1 (most toxic fluids) to Group 6
(least toxic fluids). The characterization of the groups involved is given in the above table under Definition.

From Filippi & Guerra (1977) [64].

Table 10-6: Swelling of Elastomers in Several Freon Liquids *

Liquid Freon |Freon |Freon |Freon |Freon |Freon |Freon | Freon
Elastomer 11 12 13 21 22 113 | 114 | 142

Buna N (butadiene-acrylo-nitrile) 6 2 1 48 26 1 0 3
Buna S (GR - S) (butadiene-styrene) 21 3 7 49 4 9 2 4
Butyl (GR - I) 41 6 0 24 1 21 2 3
Hypalon 40 ® 3 1 1 24 3 1 1 4
(chlorosulphonatedpolyethylene)

Natural Rubber 23 6 1 34 6 17 2 5
Neoprene GN P 17 0 0 28 2 3 0 3
Neoprene W 9 -1 3 11 0 1 0 0
Polyvinyl Alcohol 0 -8 -1 9 6 -1 -2 -3
Thiokol FA (polysulfide) 2 1 0 28 4 1 0 1
Viton A (PVxF)® 4 10 3 26 37 - - 25
Viton B (PVxF) P 6 9 4 22 28 7 9 29
Silicone Rubber 38 - - - 20 34 - -
Urethane Rubber 20 5 - - 28 7 - -

Numbers in the Table indicate percent increase in length at room temperature.

Manufactured by E.I. DuPont de Nemours & Co., Inc.

From Filippi & Guerra (1977) [64].

209



[E

ECSS-E-HB-31-01 Part 13A
5 December 2011

a

b

NOTE

Table 10-7: Compatibility of Freon E2 and FC-75 with Elastomers 2

Elastomers| Liquid Swelling Tensile Strength, o x 10+ [Pa]
Change
[Percent] Before After exposure Change
exposure [Percent]
Buna N Freon E2 +2,3 11,92 13,17 +10,5
FC-75 +0,7 12,19 +2,6
Viton A b Freon E2 -0,3 10,48 9,72 -7,3
FC-75 -0,7 9,84 -6,1

Numbers in the Table indicate swelling and tensile strength changes after 100 h exposure.

Manufactured by E.I. DuPont de Nemours & Co., Inc.

From Filippi & Guerra (1977) [64].

Table 10-8: Compeatibility of Freon E3 with Elastomers, Plastics and Wire Coatings ?

Elastomers Test® Plastics Test® Wire Test®
Coatings
327 | 425 327|425 377|425
K | K K| K K| K
Adiprene C (Urethane 1 5 [Alathom 7050 ¢ 1 | 5 |Acrylex 6
Rubber) (Polyethylene Resin) (Acrylic)
Adiprene L (Urethane 1 3 [Alathom 9140 « 1 | 1 [Alkanex 6
Rubber) (Polyethylene Resin) (Terephthalate
Buna N 1 | 5 |Delrin 1 | 5 |Polyester)
(Acetal Resin)
Buna S 1 4 |Ethyl Cellulose 2 | 5 |Anavar 6
(Isocyanate-
(Epoxy Resin) Polyvinyl
Formal)
Hypalon 40 ¢ 2 5 |Kralastic d 1 | 5 |Ensolex 6
(Chlorosulfon.Polyethyl.) (ABS Polymer) (Acrylic)
Natural Rubber 1 2 |Lexan® 1 | 2 |Epoxy 6
(Polycarbonate
Resin)
Neoprene W 1 2 |Lucite ¢ 1 | 1 |Formvarf 718
(Acrylic Resin) (Polyvinyl
Formal)
Nordel (Hydrocarbon 1 3 |Polyvinyl Alcohol 2 | 3 |Nylclad 718
Rubber) (Nylon-
NSR - X5602 (Nitrile 1 | 5 |Polyvinyl Chloride | 1 | 4 |Coated
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Elastomers Test P Plastics Test P Wire Test P
Coatings
327 | 425 327|425 377|425
K | K K| K K| K
Silicone Rubber) (Unplasticized) Polyvinyl
Formal)
Silastic 50 (Silicone 1 2 |Styron 457 5 |Plain Enamel | 7 | 8
Rubber) (Polystyrene) (Oleoresinous)
Thiokol FA(Polysulfide) 1 5 |Teflon ¢ 2
(Tetrafluoroethylene)
Viton A ® 1 2 |Zitel 101 (Nylon 113
(Fluoroelastomer) Resin)
Suitable for use 5 |Material disintegrates or 7 | Very slight crazing,

Probably suitable for use

dissolves in the liquid

stress cracking, bucli
and/or temporary
softening of material

ng

Not suitable for use

Probably not suitable for use | 6

No crazing, stress

material

cracking, buckling and/or
temporary softening of

8 |Severe crazing, stress

cracking, buckling
and/or temporary
softening of material

NOTE

a

From Filippi & Guerra (1977) [64].

b Test were performed at quoted temperatures for 100 h.

¢ Manufactured by E.I. DuPont de Nemours & Co., Inc.

Numerals in this Table indicate test ratings according to the score in the second table.

4 Acrylonitrite Butadiene Styrene. Manufactured by United States Rubber Co., Naugatuck Chemical Div.

¢ Manufactured by General Electric Company, Chemical Materials Dept.

£ Manufactured by Shawinigan Resins Corp.
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Table 10-9: Compatibility of Oronite Flo-Cool 100 with Elastomers

Elastomer |Swelling| Weight | Tensile strength, o x 10 [Pa] |Compression Cross
Change | Change Set Sectional
[Percent] | [Percent] Before After Change [Percent] Area
exposure | exposure | [Percent] Change
[Percent]
Buna - N -0,22 11,92 9,95 a -16,5 9,7¢b
Buthyl Rubber B +5,3 +31. 10,31 8,16 -20,8 19,8 10.
318-7
Ethylene - +0,4 +27.9 11,40 12,04 +5,6 8.
Propylene E 515 -
8
Fluorosilicone L +3,7 5,12 5,88 +14,8 12,6 2,9
308 - 8
Fluorosilicone L +4,6 8,25 5,86 -29. 6,2 2.
608 - 6
LCS +0,02 12,84 12,82 -0,02 10,6 0,1
Fluorocarbon(per
MIL - R - 83248)
Neoprene C 294 - -1,2 16,28 9,60 -41,1 12,7 0
6
Neoprene C 526 - +1. 18,37 7,32 -60,2 8,1 0,5
7
Silicone 5418 - 6 +13,2 +117,4 5,44 3,53 -35,1 45,7
Silicone 5604 - 7 +26,4 +65,6 6,76 6,06 -10,3 27.
Viton - A +1,1a 10,48 9,98 a -4,8 63,6 ©
NOTE All data in this Table, unless otherwise stated, have been obtained after 30 d exposure.

From Filippi & Guerra (1977) [64].

2 After 7 d exposure.

b After 14 d exposure.

¢ After 19 d exposure.
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10.4 Properties of dry air

Figure 10-57: Density, p, of Air at a pressure of 10° Pa vs. temperature, T. From
Vargaftik (1975) [183].
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Figure 10-58: Specific heat, ¢y, of Air vs. temperature, T. From Vargaftik (1975)
[183].
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Figure 10-59: Thermal conductivity, k, of Air vs. temperature, T. From Vargaftik
(1975) [183].
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L o ) = ™
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Figure 10-60: Dynamic viscosity, g, of Air vs. temperature, T. From Vargaftik (1975)
[183].
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11
Heat exchangers

11.1 General

Heat exchangers are devices whose primary purpose is the transfer of energy between two fluids.
Among the different types of heat exchangers, regenerators and recuperators are those most
commonly used in the aerospace industry.

Periodic-Flow Type Exchangers or Regenerators are exchangers in which the hot and cold fluids flow
alternatively through the same matrix surface with as little physical mixing between the two streams
as possible. The amount of energy transfer depends on the properties of the fluid streams, as well as
on the geometry and thermal properties of the matrix surface. Two types of regenerators are shown in
Figure 11-1.

AKIAL FLOW RADIL FLOW
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=
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______________ it ol
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|
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e e i TR e e 1 coud FLvip
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Figure 11-1: Typical regenerators. a) Rotary type. b) Valved type. From Kays &
London (1964) [102].

Closed-Type Exchangers or Recuperators are exchangers in which hot and cold fluid are separated by
a tube wall or some kind of surface. Energy exchange is thus accomplished from one fluid to a surface
by convection, through the wall or plate by conduction and then by convection from the surface to the
second fluid (Figure 11-2).
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Figure 11-2: Typical recuperators. a) Counterflow heat exchanger. b) Crossflow
heat exchanger. From Welty, Wicks & Wilson (1969) [188].

Recuperators are of primary importance in practice and therefore, the present review is mainly
concerned with the study of this type of exchangers.

Recuperators are usually classified according to their configuration and the number of passes made by
each stream as it traverses the heat exchangers. Single-pass heat exchangers are those in which the
fluid flows through the exchanger only once. Depending on the relative directions of the two streams
the single-pass heat exchangers are divided in parallel flow, counter-flow and crossflow heat
exchangers. A multipass heat exchanger is one in which the fluid flows through the exchanger more
than once. Multipassing allows a large variety of arrangements.

For most heat transfer surfaces used in heat exchangers, the heat transfer rate per unit of surface area
increases with the fluid flow velocity, and this rate varies as something less than the first power of the
velocity. The friction power expenditure also increases with fluid-flow velocity, but in this case the
exponent of the velocity dependence varies between two and three.

Pumping power limitations generally force the designer of the heat exchanger to use low velocities;
therefore the heat transfer rate tends to be low, and large heat transfer surfaces are required. To
accomplish as much heat transfer in as little space as possible, it is necessary to construct exchangers
with large surface area densities (surface area density is the ratio of total heat transfer area to total
exchanger volume). Exchangers with large surface area densities are known as compact heat
exchangers.

Several typical compact heat transfer surface arrangements are shown in Figure 11-3. It is observed
that an effective way to increase surface area density is to use fins in one or both fluid sides of the
surface as is shown in Figure 11-3b. To accomplish large area density on both fluid sides of the
surface, the plate-fin arrangement shown in Figure 11-3d may be used. In this arrangement the
exchanger is built up as a sandwich of flat plates bonded to interconnecting fins. The two fluids are
carried between alternate pairs of plates and can be arranged in either counter-flow or crossflow,
which provides an added degree of flexibility. The strip-fin surfaces shown in Figure 11-3e exhibit
very high heat transfer rates because of the short flow length associated to each fin, thus preventing
the thickening of the viscous layer.
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{e} (f)

Figure 11-3: Some typical examples of compact heat exchanger surfaces. From Kays
& London (1964) [102]. a) Circular tube bundle. b) Finned-circular-tube surface. c)
Finned-tube surface, flat tubes, continuous fins. d) Plate-fin arrangement. e) Strip-
fin surface. f) Regenerator compact matrix.

Other procedures to enhance heat transfer are discussed in Clause 9.

To accomplish as much energy transfer in as little space as possible, it is desirable to utilise multiple
passes of one or both fluids. A multipassing configuration, which is commonly used for commercial
and general process applications, is the shell-and-tube exchanger shown in Figure 11-4. In this
particular case, the shell fluid goes through two shell passes and the tube fluid flows through six tube
passes. Good mixing of the shell-side fluid is accomplished with the baffles shown, which prevent the
formation of stagnant regions.
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Figure 11-4: a) Shell-and-tube exchanger with two shell passes and four tube
passes. b) Schematic representation of the exchanger which will be used in clause
11.2.3.

Sometimes several exchangers are connected together in series, in parallel or in series-parallel, to
achieve heat-transfer rate. Another useful arrangement is the liquid-coupled indirect heat exchanger,
which consists essentially of two recuperators coupled with a pumped heat transfer medium as
shown in Figure 11-5. With this arrangement the circulating transfers thermal energy from the hot
fluid to the cold fluid. The coupling liquid capacity rate (mass flow times specific heat), which is an
independent variable, can be chosen to optimise system performance.

———p— ]
HOT-SIDE
EXCHANGER o
CIRCULATIMG
FlLIMP
COLD SIDE
N EXCHAMNGER

Figure 11-5: Liquid-coupled indirect-transfer type of heat exchanger. From Kays &
London (1964) [102].

11.2 Basic analysis

11.2.1 Introduction

The purpose of this clause is to summarise exchanger heat transfer performance theory. The designer
uses this theory, in conjunction with the basic data reported in Clauses 6 to 9, to approximately size
the heat exchanger for a specified heat transfer rate and pressure drop.

The problem of optimising the heat exchanger design in a fluid loop, is a complex problem in which
many qualitative judgements are introduced. Although no attempt is made to outline hear an
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optimisation analysis, the present theory provides basic relationships that may be used in optimizing
the design on the basis of any criterion previously selected (see Clause 13).

The equations which appear in the following clauses concern closed-type exchangers or recuperators
of either the conventional direct-transfer type or of the liquid-coupled indirect-transfer type. The
methodology used can, however, be extended with only minor changes to periodic-flow type
exchangers or regenerators.

11.2.2 Analytical background

The heat flux, g, per unit transfer area at a certain section in the exchanger is expressed in terms of an
overall thermal conductance, U, as follows:

q=U(T,-T,) [11-1]

U includes the convective and conductive mechanisms which are responsible for the heat transfer
from the hot to the cold fluid. The reciprocal of U is an overall thermal resistance which presents the
following series components:

1. A hot-side film-convection component, which includes the temperature ineffectiveness of
the extended surface or fin area on this side.

2. A wall-conduction component.

3. A cold-side film-convection component, which includes the temperature ineffectiveness
of the extended surface or fin area on this side.

According to this idea U can be expressed either as:

i - + a + L [11-2]
U by (ATA K (ATA Jrch,
when U is based on a unit of hot-side total area (including the extended area), or as:
1 1 a 1
— [11-3]

= = +

Ue mhe (A (A A Jmh,
when it is based on a unit of cold-side total area. Obviously UrAn = UcA..

In these equations:

Aw is the average wall area. If no extended surfaces are used then A= (ArtAc)/2.
a is the wall thickness.

k is the wall thermal conductivity. Values of k for several common materials are given in Figure 11-6.
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Figure 11-6: Thermal conductivity, k, of several metals vs. temperature, T. From
Kays & London (1964) [102].

m and 70 denote the temperature effectiveness of the total area As and A., respectively due to the
presence of fins. The temperature along the fin is not equal to that existing at the surface, thus
reducing the effectiveness of the surface. In the absence of extended surfaces 7 is unity, otherwise it is
a weighted average of the 100% effectiveness of the surface and the effectiveness of the fin surface.

77=1—A—Ai(1—77f) [11-4]

The parameter 7y is the fin effectiveness defined as the ratio of the amount of heat actually evacuated
through the fin to that which would be evacuated if the fin surface were held at the temperature of the
fin base. Values of 7y versus the dimensionless film length are given in Figure 11-7 and Figure 11-8.
When the fin extends from wall to wall, the effective length, L,is taken as half the spacing between
walls.
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Figure 11-7: Heat transfer effectiveness, 7, of trapezoidal fins, vs. dimensionless
fin length, L[2h/k(6+8)]2. Calculated by the compiler after Jakob (1958) [99].
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Figure 11-8: Heat transfer effectiveness, 7, of circular fins, vs. dimensionless fin
length, (ro—ri)(h/kd'2. Calculated by the compiler after Jakob (1958) [99].

hihe are convective heat transfer coefficients. Clause 6 presents data to compute their values for most
practical configurations.

The heat transfer rate equation (Eq. [11-1]) is combined with an energy equation equating the loss of
enthalpy of the hot fluid to the gain of enthalpy of the cold fluid, so as to relate the different variables
of the exchanger. To obtain the solution to this equation in a convenient form, it is useful to introduce
the following non-dimensional variables:

1. The capacity rate ratio, R,

R=— [11-5]
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where Ci (i = 1,2) is the mass flow rate times specific heat for the stream i. Subscript 1 will

be always assigned to the stream with lower C.

2. The heat transfer effectiveness, &

g=——= = 11-6
) [11-6]

&is the ratio of the actual heat transfer rate to the thermodynamically-limited maximum
rate, obtained only in a counterflow exchanger of infinite transfer area. Thus, ¢ is the
exchanger thermodynamic effectiveness.

3. The number of exchanger heat transfer unit, N,
__ A
N, =AU /C, = [ UdA/C, [11-7]
0

where A is the transfer area used in the definition of U. Nu is a non-dimensional
expression of the "heat transfer size" of the exchanger. For small Nu, the exchanger
effectiveness is low. When Nu increases, the effectiveness, & approaches asymptotically
the limit imposed by flow arrangement and thermodynamic considerations.

In general the solution to the energy equation yields

& =t(N,,R, flow arrangement) [11-8]

11.2.3 Exchanger performance

This clause presents data to solve Eq. [11-8] for several flow arrangements used in practice. These data
are intended as illustrative cases. The user should resort to additional references when the particular
arrangement of its interest is not included here.

Most of the figures which appear in the following pages relate & to Nu. As a general rule ¢ increases
with Nu for a given capacity rate ratio. The data presented, however, show the asymptotic character of
this increase and, thence, the design engineer is confronted with the costs of attaining a large Nu in
terms of capitalisation, size, mass and power requirements. Since this clause deals only with the
thermal aspect of the problem, no data on which the estimate of these costs could be based are
reported here.

Figure 11-9 shows the &Nu relationship for a counterflow configuration. The effectiveness, ¢
approaches unity for large values of Nu, no matter the value of the capacity rate ratio, R. Note that the
smaller the capacity rate ratio, the higher the effectiveness for a given Nu.
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Figure 11-9: Heat transfer effectiveness, ¢ vs. number of heat transfer units, N, in
a counterflow exchanger. From Kays & London (1964) [102].

The parallel flow case is considered in Figure 11-10. Now the asymptotic value for effectiveness is less
than unity, except for R = 0. Obviously the maximum effectiveness is reached when the exit
temperatures of both flow streams become identical. For R = 1, the maximum achievable effectiveness
in parallel flow is only 0,5.
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Figure 11-10: Heat transfer effectiveness, g vs. number of heat transfer units, Nu, in
a parallel flow exchanger. From Kays & London (1964) [102].

Figure 11-11 and Figure 11-12 are for crossflow arrangements. Now the results depend on whether or
not cross mixing is allowed. In the case considered in Figure 11-11 it is assumed that each one of the
two fluid streams has been broken up into a large number of separate flow tubes with no cross
mixing. The resulting effectiveness is based on the mixed-mean temperatures of the outlet fluids, i.e.,
the temperature which the fluid, passing the cross-sectional exit area of any tube per unit time, would
have if collected and perfectly mixed with those fluids leaving the other tubes in the same time
interval.
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Figure 11-11: Heat transfer effectiveness, g vs. number of heat transfer units, Nu, in
a crossflow exchanger with fluids unmixed. Calculated by the compiler after
Mason (1954) [124].
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Figure 11-12: Heat transfer effectiveness, & vs. number of heat transfer units, Nu, in
a crossflow exchanger with one fluid mixed. From Kays & London (1964) [102].

In Figure 11-12 it is assumed that one stream is perfectly cross mixed, so that its temperature is
uniform on sections normal to flow direction.

The case when both fluids are mixed can be found in Kays & London (1964) [102].

It is to be noted that for the limiting value R = 0, the results in all the cases mentioned are the same,
indicating that the flow arrangement is irrelevant when one capacity rate is much larger than the
other.

It is usual to characterise the different crossflow arrangements by means of sketches similar to those
shown below.
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Multipass crossflow exchangers are extensively used in the aerospace industry. Nearly all of the
exchangers using the so called compact heat exchanger surfaces are of this type.

Stevens, Fernandez & Woolf (1957) [170] have analysed these exchangers for one, two and three
passes, with either countercurrent or current flow.

Ten different arrangements are possible for both two-pass and three-pass exchangers. Analytical
expressions relating the heat transfer effectiveness, ¢, to the (total) number of heat transfer units, Nu,
can be found in five of the ten cases. Data for the cases that require numerical computation are
presented by the abovementioned authors. These data are given in the form of correction factor, which
are the ratio of the exchanger effectiveness to the effectiveness of a pure counter or parallel flow
exchanger for the same values of R and Nu.

Figure 11-13 gives the effectiveness, ¢ versus the number of heat transfer units, Nu, for one, two and
three-pass counter-crossflow exchangers, when fluid A is unmixed throughout and fluid B mixed
throughout, and with passes connected in reverse order. Streams with the same capacity rate have
been assumed. Reverse order means that the mixed fluid surrounds a tube after the other in a certain
order when flowing through one of the passes, and it surrounds other sections of the same tubes in the
reverse order when flowing through the next pass.
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Figure 11-13: Heat transfer effectiveness, ¢, vs. number of heat transfer units, Nu,
for the case of n-pass counter-crossflow exchangers, when fluid A is unmixed
throughout and fluid B mixed throughout, and with passes connected in reverse
order. Calculated by the compiler after Stevens, Fernandez & Woolf (1957) [170].

Figure 11-14 gives similar data but now the passes are connected in identical order.
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Figure 11-14: Heat transfer effectiveness, ¢ vs. number of heat transfer units, Nu,
for the case of n-pass counter-crossflow exchangers, when fluid A is unmixed
throughout and fluid B mixed throughout, and with passes connected in identical
order. Calculated by the compiler after Stevens, Fernandez & Woolf (1957) [170].

Additional results can be found in Kays & London (1964) [102]. These data are for counter-crossflow
exchangers, with one to four passes, in the following three particular cases.

1. Both fluids mixed between passes, but unmixed in each pass.

2. One of the fluids mixed between passes, unmixed in each pass. The other fluid unmixed
throughout. Inverted order.

3. Both fluids unmixed throughout, both inverted order.

Comparison of data in Figure 11-13 and Figure 11-14 with those in Figure 11-9 demonstrates that the
larger the number of passes, the more nearly the performance approaches pure counterflow
performance, but a large number of passes is often not warranted. Trade-off studies performed by
Trusch & Nason (1975) [180], in connection with compact heat exchangers for the Space Shuttle,
indicated that, although there is a significant reduction in exchanger mass when the number of passes
increases from 2 to 4, the decrease in mass when the number of passes is further increased to 6 is
negligible.

Figure 11-15 to Figure 11-20 give the exchanger effectiveness for parallel counterflow configurations
when one of the fluids is mixed. This is the case of the shell-and-tube heat exchanger, which is one of
the most common configurations for general process applications. Simple versions of these exchangers
have been used in Spacecraft (Ebersole (1970) [41]). Nevertheless, light-weight compact exchangers are
of the counter-crossflow type, as has been said already, and this is so because of reasons which will be
made apparent very soon.
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Figure 11-15: Heat transfer effectiveness, g vs. number of heat transfer units, Nu, in
a multipass exchanger with 1 shell pass and 2 or more tube passes. From Kays &
London (1964) [102].
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Figure 11-16: Heat transfer effectiveness, g vs. number of heat transfer units, Nu, in
a multipass exchanger with 2 shell passes and 4, 8, 12, .... tube passes. From Kays &
London (1964) [102].

227



ECSS-E-HB-31-01 Part 13A
/ E CSS 5 Decembael; 2011
1

E =
1+ REYVI+RE (14 & T ) {1=T) .
r = %'\IIIH. RZ -
| | |

I
o 1 2 Nty 4 g

-

Figure 11-17: Heat transfer effectiveness, g vs. number of heat transfer units, Nu, in
a multipass exchanger with 3 shell passes and 6, 12, 18, .... tube passes. From Kays
& London (1964) [102].
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Figure 11-18: Heat transfer effectiveness, g vs. number of heat transfer units, Nu, in
a multipass exchanger with 4 shell passes and 8, 16, 24, ... tube passes. From Kays
& London (1964) [102].
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Figure 11-19: Heat transfer effectiveness, g vs. number of heat transfer units, N, in
a multipass exchanger with 5 shell passes and 10, 15, 20, ... tube passes. From Kays
& London (1964) [102].
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Figure 11-20: Heat transfer effectiveness, ¢ vs. number of heat transfer units, Nu,
for different number of shell passes, in a multipass exchanger with R = 1. The case
R =0 is also shown for comparison. Calculated by the compiler after Kays &

London (1964) [102].

The mathematical expression in Figure 11-15 is for one shell pass and two tube passes. Numerical
results for four, six, eight, ... tube passes are very close to those shown in the figure.

Figure 11-16 to Figure 11-18 present the effect of multipassing the basic parallel counterflow

arrangement.

Some of the results from the previous figures are summarised in Figure 11-20. Leaving aside the case
R =0, whose effectiveness, gdoes not depend on the number, n, of shell passes, one can deduce, from
considerations of the cases R = 1, that little is gained by increasing the number of shell passes over four

or five.

A comparison among the data presented up to the moment indicates that, for a given Nu, the largest
effectiveness is achieved with pure counterflow configurations (Figure 11-9), whereas the smallest
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effectiveness corresponds to parallel flow configurations (Figure 11-10). Crossflow-fluids unmixed-
configurations (Figure 11-11) yield results slightly below the pure counterflow case. Allowing one of
the fluids to be mixed lowers a bit the performance of the cross flow (Figure 11-12), but these
performances can be increased by multipassing as in the counter-crossflow configurations considered
in Figure 11-13 and Figure 11-14. On the other side, parallel counterflow arrangements of the shell-
and-tube type (Figure 11-20) yield performances substantially above those for the parallel flow but
still below those for crossflow.

Another way toward the pure counterflow performance is the liquid-coupled indirect heat exchanger.
The coupling-liquid capacity rate is an independent variable in such system, and this additional
freedom can be used to maximise the overall effectiveness for given heat transfer areas, given hot and
cold fluid capacities, and given overall thermal conductances.

Figure 11-21 to Figure 11-24 analyse the performance of a liquid-coupled indirect heat exchanger.
Subscripts 1 and 2 refer, respectively,to properties of the exchanger with smaller and larger flow
stream capacity-rate. Subscript L refers to properties of the liquid coupling stream.
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Figure 11-21: Optimum liquid flow capacity rate, C1/Cropt, to maximize the heat
transfer effectiveness vs. ratio of the number of heat transfer units Nu1/Nu2, of
exchanger 1 to exchanger 2. Calculated by the compiler after Holmberg (1975) [90].

230



ECSS-E-HB-31-01 Part 13A
/ E CSS 5 Decembael; 2011
1

T ' I —TNo =10
i / S -—1 2
8L Eanli BRISY
i i
u / e i
! st e T LH""'--._______- 1
-6 e ——— [y Tt
17 +==13=
i
£ N A S 12
. ',f"" T
’ ~ 1 __ I ___ 1 1 %]
| ’,--'"""- =
o
2 K Ntoy ., —— R=0
D‘ 1 L_,.m| 1 | I | I
0 5 1 1.5 2 25 3
CL/CLopt

Figure 11-22: Heat transfer effectiveness, ¢, vs. liquid flow capacity rate, C1/Cropt,
for different values of the overall number of heat transfer units, N°w. Ntu1/Nu2 = 1.
Calculated by the compiler after Holmberg (1975) [90].
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Figure 11-23: Heat transfer effectiveness, ¢, vs. liquid flow rate, C./Cropt, for
different values of the ratio between the number of heat transfer units of
exchanger 1 to exchanger 2, Nt1/Nu2. N°w = 2. Calculated by the compiler after
Holmberg (1975) [90].
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Figure 11-24: Overall heat transfer effectiveness, ¢, vs. area ratio between
exchanger 1 and 2, (A1/A2)/(A1/Az2)op, for the case of optimum liquid flow capacity
rate and R = 1. Calculated by the compiler after Holmberg (1975) [90].

The optimum liquid flow capacity rate, C1/Crot, is given in Figure 11-21 versus the ratio Nu1/Nusz, for
different values of the ratio, R, of cold fluid to hot fluid capacity rates. Optimisation is performed by
choosing the coupling-liquid flow capacity rate, Ci, so that the overall effectiveness is maximised for
given Nu values of both exchangers.

The relationship between the optimum value of the overall effectiveness and the overall number of
heat transfer units for the liquid-coupled system, Neu, is the same as that for pure counterflow
(Holmber (1975) [90]). Thence, Figure 11-9 can be used to calculate the overall effectiveness in the case
of optimum coupling-liquid flow capacity rate, once N°w is deduced from

-1
Ny = (L+L] [11-9]

Non-optimum performance can be discussed by means of Figure 11-22 and Figure 11-23. The overall
effectiveness, ¢, is represented in these figures versus Ci/Cropifor some values of the parameters R, Now
and Nui/Nu2. It can be seen that the achievement of optimum performance becomes critical only for
large values of New! and that it becomes less crucial when R goes to zero.

One could further optimise the area ratio Ai/A: for given total heat transfer area, A1 + A2, assuming
that the coupling liquid capacity rate is optimum. It is shown (Holmberg (1975) [90]) that

A j U,
— | = [11-10]
(AZ opt Ul

where U1 and U: are the overall thermal conductances for both streams.
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Figure 11-24 shows how a non-optimum distribution of total heat transfer area affects the overall
effectiveness. One can deduce from this figure that the optimum is very flat for all realistic values of
the parameters.

Heat exchangers can be combined to achieve a given heat transfer duty. One resorts to these
combinations either because existing exchangers are used, or because the optimum configuration is
impractical due to manufacturing limitations.

The exchangers can be combined in series, parallel, or series-parallel. They are often of non-identical
type (or size), and a multiplicity of associations are possible. Typical associations of exchangers are
shown below.

Tﬂ T] Tn
— - |- — — -
OVERALL PARALLEL FLOW 1 i n
- - - — — - e
t.:. t! tn
s T
—in] - ——-" [~
OYERALL COUMTER FLOW 1 z n
-] ! - — — | ot —
tn tl'.'l
tg €, c=c"
! I
T, T, t T,
FARALLEL IN ONE STREAM Ta—+ 1 o 2 e 1t
C;
¥ ¥
——p——— -
t t, t,

The results given in Figure 11-25 to Figure 11-28, which have been borrowed from Domingos (1969)
[36], are based on the following assumptions:

Figure 11-25: Overall heat transfer effectiveness, &, of an assembly of n identical
exchangers in parallel, vs. effectiveness, &, of a single exchanger. Calculated by the
compiler after Domingos (1969) [36].
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Figure 11-26: Overall heat transfer effectiveness, &, of an assembly of n identical
exchangers in counterflow, vs. effectiveness, ¢, of a single exchanger. Calculated
by the compiler after Domingos (1969) [36].

1 i T T T T 1 7 L s
.8 — ﬁ} R= :
i o SO rer
e, | R0
A ) fﬁ ol -
2
_ c*=c, i
I:Iﬂ' I .2 I A I B EI B | 1 I I

Figure 11-27: Overall heat transfer effectiveness, &, of an assembly of n identical
exchangers in parallel in the stream of lower capacity rate, vs. effectiveness, ¢, of a
single exchanger. Calculated by the compiler after Domingos (1969) [36].
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Figure 11-28: Overall heat transfer effectiveness, &, of an assembly of n identical
exchangers in parallel in the stream of higher capacity rate, vs. effectiveness, ¢, of a
single exchanger. Calculated by the compiler after Domingos (1969) [36].

1. The overall thermal conductance, U, is a constant for each exchanger.

2. Fluid capacity rate ratio, R, is constant.

3. Each fluid is completely mixed at the inlet and outlet of each exchanger.

4. In the cases considered in Figure 11-25 to Figure 11-28 all the exchangers are identical.

Analytical expressions for non-identical exchangers can be found in Domingos (1970) [36] where, in
addition to the assemblies sketched above, mixed assemblies are considered. In such assemblies some
elements are in overall counterflow and some others in overall parallel flow.

Data in Figure 11-25 to Figure 11-28 relate the overall effectiveness, &, of the association to those of the
components, g, irrespective of the type of exchangers involved.

Figure 11-25 shows the drawbacks associated to assembling in parallel an even number of exchangers.
The maximum achievable effectiveness of the association equals that for a parallel flow exchanger
(Figure 11-10). To increase the effectiveness of the individual component would give quite defective
results; the overall effectiveness would decrease! As a limiting case, notice that when two fluids with
the same capacity rate (R = 1), flow through two identical counterflow exchangers, with effectiveness &
= 1, associated in parallel, the exit conditions for the second exchanger are exactly equal to those
prevailing at the entrance of the first one.

The situation for counterflow assemblies is quite different (Figure 11-26). The overall effectiveness of
the assembly is greater than that for each individual component, and the gain increases with the
number of components.

Figure 11-27 and Figure 11-28 give data for assemblies in parallel in one of the streams. In these
assemblies one of the streams is equally divided between n exchangers, each with the same
effectiveness. In Figure 11-27 the stream of lower capacity rate is the one divided, whereas in Figure
11-28 the stream of higher capacity rate is the one flowing in parallel.

One can deduce from these figures that, when an assembly in parallel in one of the stream is used, the
stream with larger capacity should be that subdivided between the exchangers. But the advantages of
this configuration can be fully exploited when the number o exchangers, #, is, at most, equal to 1/R.
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The Table below summarizes the data on exchanger performance which are presented in the following
pages.

Arrangement | Description Sketch Input Output | Fig. References
Variables
Basic Counterflow s Nt € Figure | Kays &
arrangements R=0 119 |London
e 0,25 (1964) [102]
Parallel flow IR 0,50 Figure
0,75 11-10
1
Crossflow Fluids .@, Figure | Mason
Exchangers unmixed 11-11 |(1954) [124]
One fluid _qﬁ}, Figure | Kays &
mixed 11-12 | London
(1964) [102]
Counter cross- | Reverse Figure | Stevens,
flow order 11-13 |Fernandez
Exchangers. & Woolf
One fluid Identical Figure | (1957) [170]
unmixed order 11-14
Parallel One shell ‘E Nt Figure | Kays &
counterflow | pass R=0 11-15 | London
exchangers. , 0,25 (1964) [102]
One fluid Two shell |@‘ 0,50 Figure
unmixed passes e 0,75 11-16
(Shell-and- " hell | 1 )
tube Three she - Figure
exchangers) passes | %—_ 11-17
g .
Four shell Figure
passes 11-18
Five shell Figure
passes 11-19
One to six Nuw, R=1 Figure
shell passes n=12345,6 11-20
Indirect Liquid- Ntu1/New2 C1/Cropt | Figure | Holmberg
Transfer coupled R= 11-21 |(1975) [90]
Heat heat 0,0,25,0,50,0,
exchangers exchangers 75,1
CL/CLopt, Nw |& Figure
=0,5,1,2,10 11-22
Ntwi1/Nuw2 =1,
R=01
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Arrangement | Description Sketch Input Output | Fig. References
Variables
CL/CLopt, Not Figure
=2 11-23
Ntul/ NtuZ =
1,5, R=0,1
(A1/A2)/(A1/ Figure
A2)opr+U1/Uz= 11-24
0,51,2
R=1,CL=CLopt
+U1(A1+A2)/
Ci=5,10
Assembly of |Parallel T | e &t Figure | Domingos
identical heat |assembly R=0 11-25 |(1969) [36]
exchangers 0,5
Counterflow | 0=t 1 1 Figure
assembly n=2 11-26
In parallel in 250 4 Figure
the stream of RAE; 10 11-27
lower
capacity rate
In parallel in Figure
the stream of 11-28
higher
capacity rate

11.3 Exchanging surface geometries

The purpose of this clause is the geometrical description of the compact heat transfer surfaces for
which thermal and frictional data are given in Kays & London (1964) [102], Clause 14.

Besides the sketch, designation and dimensions of the surfaces, all of them reproduced in this clause,
the following data are enclosed in the original source.

1. Core geometry data which require some elaboration such as: hydraulic diameter, Dr; free
flow area ratio, @= Ar/Arr; area densities o or §, whichever significant, and so forth.

2. Fin material used for the tests. This could be significant because of the reasons indicated
in clause 11.5.3.

3. Heat transfer and flow friction data.

Heat transfer data are presented in terms of the Colburn factor, j = StPr??. Actually the tests were
made heating air either by means of a steady state steam-to-air system or by means of a transient,
heated wall, procedure.

Friction data are given in terms of the Fanning friction factor, f.
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The abscise are in both cases the Reynolds number, Re. To define Re the mean velocity is based on the
minimum free flow area. In the case of matrix surfaces the free flow area is deduced from the porosity,
¢, and the frontal area of the exchanger, Ar. The characteristic length for calculating Re is the

hydraulic diameter of the core.

The Reynolds number, Re, varies approximately in the range 200 <Re< 10%.

The following Table presents several symbols used by Kays & London (1964) [102] in connection with
the above data. The equivalence to the symbols used in this Part is also indicated.

Kays & London this Part Definition
(1964) [102]

G pV Flow stream mass velocity

Nrr Pr Prandtl number

Nr Re Reynolds number (Nr = 4raG/p)

Nt St Staunton number (Nst = h/Gep)

NstNp:23 j Colburn factor

f f Fanning friction factor
p D Porosity

4rn De Hydraulic diameter
a a Area density. (Heat transfer area/Total volume)
B B Area density. (Heat transfer area/volume between

plates)

G Ar Free flow area

11.3.1 Tubular surfaces

Sketch Fundamental Types of surfaces Table
Flow inside circular and flattened circular tubes Table
o 11-1
AN
Hé% Flow normal to banks of bare tubes Table
'-. 11-2
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Table 11-1: Flow Inside Circular and Flattened Circular Tubes

Sketch Surface Dimensions For heat transfer and
Designation @ friction data see the
following tables and
figures in Kays &
London (1964) [102]
Table Fig.
ST-1 See Sketch 10-1 10-1
— == JDL e
(Dimensions are
skt —J L3 given in mm)
RE57 V7 FT-1 10-1 10-2
il y [I’i 4t o
T
_|-1I -.—-g.|_;._..LLT_ rﬁ',”._
g b OPLE CEPTH FTD-1 10-1 10-3
D v
R B
O =D Cosc

2 Designation is the same as in Kays & London (1964) [102]. ST indicates flow inside straight tubes, while FT
refers to flattened tubes and FTD to flattened and dimpled tubes.
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Table 11-2: Flow Normal to Banks of Bare Tubes

Sketch

Surface
Designation

a

Dimensions ? [m]

For Heat Transfer
and Friction data
see the following
tables and figures
in Kays & London
(1964) [102]

ax10® | bx10® | ¢x10® | Table Fig.
me <] _ - -
"i . A 51,50-1,25(s) 6,4 9,5 7,9 10-2 10-4
$. C}.“rJ T
— _@}"’Q} S1-50-1,25 9,5 14,3 11,9 10-5
P N
(|) @——$—‘ S1,25-1,25 11,9 11,9 10-6
S1,50-1,00 14,3 9,5 10-7
S1,50-1,50 14,3 14,3 10-8
S2,00-1,00 19,1 9,5 10-9
S2,50-0,75 23,8 7,2 10-10
S 11,50-1,25(s) | 6,4 9,5 7,9 10-2 10-12
e '. 11,50-1,25 9,5 14,3 11,9 10-13
—_— @_E}_ti 7 7 14 7 7
DO P- 11,25-1,25 11,9 10-14
- 6% —‘| FT-2 See Sketch 10-2 10-17
Rl A (Dimensions are given in mm)
— D i — I I
- O0o—2t - 4
— O — ] I 3
ek e
e FTD-2 10-2 10-18
e
_:':'J'... [ B ‘1 o
oo = ;
— Gf:}_s'}_ -
e TFEI_ iR
_-IML- » ‘/_f 127 L
_ADRARLE DEFTH

@ Designation is the same as in Kays & London (1964) [102]. The capitals S or I indicate whether the circular
tubes are staggered or in line. The numerals which follow give respectively the transverse and the
longitudinal pitch ratios. FT refers to flattened tubes and FTD to flattened and dimpled tubes.

b Additional details on surface geometry are given in Kays & London (1964) [102], Table 11-2.
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11.3.2 Plate-fin surfaces

Sketch Fundamental Types of surfaces Table

Plate-Fin surfaces, plain fins Table
11-3

Plate-Fin surfaces, louvered fins Table
11-4

Plate-Fin surfaces, strip fins Table
11-4

Plate-Fin surfaces, wavy fins Table
11-6

Plate-Fin Surfaces, perforated fins Table
11-7

Plate-Fin Surfaces, pin fins Table
11-8

Table 11-3: Plate-Fin surfaces, plain fins

Sketch Surface Dimensions P [m] For Heat Transfer
Designation and Friction data
a see the following
tables and figures
in Kays &
London (1964)
[102]

ax10® | bx10%| cx10%| dx10° Table Fig.

— g —— P b — 2,0 305 | 19,1 | 13,6 10,2 10-3 10-19

-—'.l-l=ll T
i B 3,01 95 | 57 10-20
awl 3,97 6,4 48 10-21
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Table 11-3: Plate-Fin surfaces, plain fins (continued)

Sketch Surface Dimensions ? [m] For Heat Transfer
Designation and Friction data
a see the following
tables and figures
in Kays & London
(1964) [102]
ax10® | bx10® | cx10° Table Fig.
] 4,00 See Sketch 10-3 10-22
Lo o (Dimensions are given in mm)
& LEMATH = 457
o — s 6,2 10-3 10-24
N = ——1
—_— —L.
L—.’II:I'E —-J -i'-l;:l]
R PR 1,11(a) 10-3 10-27
2
- i+
il
————= e 53 63,5 11,9 9,6 10-3 10-23
o —— p— #
L e -
— 11,1 6,4 4,6 10-26
o — b
14,77 8,4 3,4 10-28
19,86 65,6 6,4 2,6 10-30
9,03 302 20,9 5,6 10-3 10-25
15,08 174 10,6 3,4 10-29
10,27 T 63,5 13,8 4,9 10-3 10-31
11,94 T 127 6,3 4,3 10-32
12,00 T 63,5 6,4 4,2 10-33
4645 T 66,8 2,5 1,1 10-37
16,96 T 127 6,5 3 10-3 10-34
25,97 T 63,5 52 2 10-35
30,33 T 8,8 1,7 10-36

2 Designation is the same as in Kays & London (1964) [102]. The numerals indicate fin density in fins per inch.
b Additional details on surface geometry are given in Kays & London (1964) [102], Table 13-3.
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Table 11-4: Plate-Fin surfaces, louvered fins

Sketch Surface Dimensions ? [m] For Heat Transfer
Designation and Friction data
a see the following
tables and

figures in Kays &

London (1964)

[102]
ax10°® | bx10% | cx10° | dx10% | ex10® | Table Fig.
L3 . 3/8-6,06 9,5 6,4 8,4 2,8 1,4 10-4 10-28
f
o —— 1/2-6,06 12,7 10-40
|_¢1J '.-I:1-.]

3/8-7,8 9,5 6,4 5,8 1,5 1,4 10-42

3/16-11,1 4.8 6,4 4,6 0,9 1,4 10-44

1/4-11,1 6,4 10-45

3/8-11,1 9,5 10-47

1/2-11,1 12,7 10-49

£ 3 s 3/8(a)-6,06 9,5 6,4 8,4 0,9 3,3 10-4 10-39

=8

e 1/2(a)-6,06 12,7 10-41

3/8(a)-8,7 9,5 6,4 5,8 0,9 2 10-43

4 = ghe 1/4(b)-11,1 6,5 6,4 4,6 0,9 14 10-4 10-46

la.l

d e =D | 3/8(b)-11,1 | 95 | 64 | 46 | 09 | 14 10-4 10-48
3/4-11,1 19,1 6,4 4,6 1,3 1 10-4 10-50

. b 3/4(b)-11,1 10,1 6,4 4,6 1,3 1 10-4 10-51

—a —--I-F

2 Designation is the same as in Kays & London (1964) [102]. The first numerals indicate fin length, a, in inches,
the second indicate fin density in fins per inch.

b Additional details on surface geometry are given in Kays & London (1964) [102], Table 13-3.
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Table 11-5: Plate-Fin surfaces, strip fins

Sketch Surface Dimensions ® [m] For Heat Transfer
Designation and Friction data
a see the following
tables and figures
in Kays & London
(1964) [102]
ax10® | bx10® | ¢x10® Table Fig.
" ! 1/4(S)-11,1 See Sketch 10-5 10-52
b 53‘_:::;‘:——;_: % (Dimensions are given in mm)
(X i~
- r;fr‘ = 3/32-12,22 24 12,3 2,1 10-5 10-53
r_::EE 1
o= ;.i
- Pz b 1/8-5,2 32 10,5 1,7 10-5 10-54
S
E:E 1/8-13,95 9,5 1,8 10-55
- A
1/2-11,94D) | 12,7 6 2,1 10-5 10-56
1/4-15,4(D) 6,4 5,2 1,7 10-57
1/6-12,18(D) | 4.2 9 2,1 10-58
1/7-1575(D) | 3,6 7,7 1,6 10-59
1/8-20,06(D) 3,2 51 1,3 10-60
1/8-19,82(D) 5.2 1,3 10-61
1/8-16,12(D) 52 1,6 10-62
1/8-16,00(D) 6,5 16 10-63
a 1/8-16,12(T) 3,2 8 1,6 10-5 10-64
.
= —_—
——

@ Designation is the same as in Kays & London (1964) [102]. The first numerals indicate fin length, a, in inches,
the second indicate fin density in fins per inch.

b Additional details on surface geometry are given in Kays & London (1964) [102], Table 13-3.
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Table 11-6: Plate-Fin surfaces, wavy fins

Sketch Surface Dimensions ? [m] For Heat Transfer
Designation and Friction data see
a the following tables
and figures in Kays
& London (1964)
[102]
ax10% | bx10%| cx10% | dx10° Table Fig.
o 11,44-3/8 W 9,5 10,5 2,2 2 10-6 10-65
b Sl
i BT % 11,5-3/8 W 95 | 22 2 10-66
L I—u_—l LY
17,8-3/8 W 10,5 14 2 10-67

a

inch and the second fin wavelength, a, in inches. W is for wave-fin surfaces.

b

Designation is the same as in Kays & London (1964) [102]. The first number indicates fin density in fins per

Additional details on surface geometry are given in Kays & London (1964) [102], Table 13-3.

Table 11-7: Plate-Fin surfaces, perforated fins

Sketch Surface Dimensions ® [m] For Heat Transfer
Designation 2 and Friction data see
the following tables
and figures in Kays
& London (1964)
[102]
Table Fig.
Pl 13,95 (P) See Sketch 10-7 10-74
R:E (Dimensions are given in
o —— 13 mm)
A
bod
ezt HOLES PER !

inch. P is for perforated.

Designation is the same as in Kays & London (1964) [102]. The first numerals indicate fin density in fins per

Additional details on surface geometry are given in Kays & London (1964) [102], Table 13-3.
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Table 11-8: Plate-Fin surfaces, pin fins
Sketch Surface Dimensions * [m] | For Heat Transfer
Designation and Friction data
a see the following
tables and figures
in Kays & London
(1964) [102]
Table Fig.
iz i fﬁ AP-1 See Sketch 10-7 10-68
12_ 3— 1 I = (Dimensions are given
1 in mm)
I —o—i I:I: i
WhnarM FREE -FLGW AREA
R AP-2 10-7 10-69
;— & dre H_?
o
R
S B
5 . ——I:: — PF-3 10-7 10-70
it ?'—é:
b4 ===
Jﬁ et
4 FRLLE PF-4(F) 10-7 10-71
aonary :
1 .
?- .1.rT" f Iy
s TR~
T o PE-9(F) 10-7 10-72
sy —
R =]
L O ]
BTN PF-10(F) 10-7 10-73
= QQ{*_‘ B 112
2 B o

Designation is the same as in Kays & London (1964) [102]. This designation is not descriptive of the surface.

Additional details on surface geometry are given in Kays & London (1964) [102], Table 13-3.
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11.3.3 Finned tubes
Sketch Fundamental Types of surfaces Table
Finned tubes, circular tubes, circular fins Table 11-9
Finned tubes, circular tubes, continuous fins Table 11-10
Finned tubes, flat tubes, continuous fins Table 11-11

Table 11-9: Finned tubes, circular tubes, circular fins

Sketch Surface Dimensions b [m] For Heat Transfer and
Designation Friction data see the
a following tables and
figures in Kays &
London (1964) [102]
ax10°® | bx10%| cx10%| dx10° | ex10%| £x103 Table Fig.
i " CF-7,34 248 | 20,3 97 23,4 3,5 0,5 10-8 10-75
& . Tk
QL@}QE M CF-8,72 2,9 10-76
@}@ CF-8,72(C) 10,7 | 21,9 | 29 10-77
~bJ el Lt CF-11,46 97 | 234 | 22 | 04 10-78
CF-7,0-5/8] 31,3 | 343 | 16,4 | 28,5 3,6 0,3 10-79
CF-8,7-5/8]-A | 31,3 | 343 | 16,4 | 28,5 2,9 0,3 10-80
CF-8,7-5/8]-B | 46,9
CF-9,05-3/4]- | 39,5 | 44,5 | 19,7 | 37,2 2,8 0,3 10-81
A
CF-9,05-3/4]- | 50,3
B
CF-9,05-3/4]- | 69,2
C
CF-9,05-3/4]- | 69,2 | 20,3
D
CF-9,05-3/4]- | 50,3 | 34,9
E
CF-8,8-1,0]-A | 498 | 52,4 26 441 2,9 0,3 10-82
CF-8,8-1,0]-B | 78,2

2 Designation is the same as in Kays & London (1964) [102]. CF refers to circular fins. The first numerals refer to
the number of fins per inch, the second refer to the nominal outside diameter of the tube, d, in inches.
b Additional details on surface geometry are given in Kays & London (1964) [102], Table 13-4.
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Table 11-10: Finned tubes, circular tubes, continuous fins

Sketch

Surface
Designation

a

Dimensions P [m]

For Heat Transfer
and Friction data
see the following
tables and figures
in Kays & London
(1964) [102]

ax103

bx10?

cx103 | dx103 ex103

Table Fig.

8,0-3/8T

25,4

22

102 | 3,2 0,3

Il
dk.

~-f

7,75-5/8T

38,1

44,5

172 | 3,3 04

10-83

10-84

2 Designation is the same as in Kays & London (1964) [102]. The first numerals refer to the number of fins per
inch, the second refer to the nominal outside diameter of the tube, ¢, in inches.

b Additional details on surface geometry are given in Kays & London (1964) [102], Table 13-4.

Table 11-11: Finned tubes, flat tubes, continuous fins

Sketch Surface Dimensions b [m] For Heat Transfer
Designation and Friction data see
a the following tables
and figures in Kays
& London (1964)
[102]
ax10® | bx10? cx10? Table Fig.
o e | 9,68-0,87 0 w | Other dimensionsare | 10-8 10-85
B — —L:) _—%_- given, in mm, in the
Ep—— ﬁ 9,68-0,87-R | 0,6 | 64 sketch 10-87
br =]
al= —.! Llﬁ
el
1 i 30— i 9,1-0,737-S 0 00 2,8 Other 10-8 10-86
B j— :%5 dimensions
',I_ E‘:’ — @ 9,29-0,737-SR | 0,6 | 64 | 27 | are given, in 10-88
L T Luf mm, in the
a3 avh _lle 11,32-0,737-SR 2,2 sketch 10-89

2 Designation is the same as in Kays & London (1964) [102]. The first numerals refer to the number of fins per
inch, the second refer to the tube dimension in the flow direction. S indicates staggered arrangement.

b Additional details on surface geometry are given in Kays & London (1964) [102], Table 13-4.
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11.3.4 Matrix surfaces

Table 11-12: Crossed-Rod, woven-screen and sphere matrices

Sketch Matrix Surface For Heat Transfer
Surface Description ® and Friction data
Designation 2 see the following
tables and figures
in Kays & London
(1964) [102]
Porosity | Transverse | Table Fig.
Pitch, st
e O° 2.5 'm. Crossed-Rod, 0,832 4,675 10-9 10-90
Inline
Stacking 0,766 3,356
0,675 2,417
0,602 1,974
0,500 1,571
Crossed-Rod, 0,832 4,675 10-9 10-91
Staggered
Stacking 0,766 3,356
0,675 2,417
0,602 1,974
0,500 1,571
d=2.5506*m. Crossed-Rod, 0,832 4,675 10-9 10-92
Random
Stacking 0,817 4,292
0,766 3,356
0,725 2,856
0,675 2,417
0,602 1,974
0,500 1,571
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Sketch Matrix Surface For Heat Transfer
Surface Description ® and Friction data
Designation 2 see the following
tables and figures
in Kays & London
(1964) [102]
Porosity | Transverse | Table Fig.
Pitch, st
_ o Woven-screen 0,832 7-8
e 1 79
— i 0,817
— Wil
— i v 0,766
0,725
0,675
0,602
| 1] ) | Sphere matrix | 0,37 to 0,39 10-10 7-10

2 Designation is the same as in Kays & London (1964) [102].
b Additional details on crossed-rod matrix geometry are given in Kays & London (1964) [102], Table 13-5.

11.4 Deviations from basic analysis

11.4.1 Introduction

The exchanger theory presented in Clause 11.2 is based on several idealisations. It is assumed, for
example, that thermal conduction in the flow direction can be neglected, and that the fluid flow does
not detach from the heat exchanger surfaces and is evenly distributed among the several flow
passages.

The conditions for the validity of these idealisations are usually met. Nevertheless, we can confront
configurations where one or another of the simplifying assumptions fails.

As an example of situation where the axial heat conduction along the exchanger core can hardly be
neglected, let us consider the heat exchangers used in typical cryogenic refrigeration cycles. These
exchangers are characterised by its very high effectiveness and limited pressure drop, and these
requirements are fulfilled by using large heat transfer surfaces and short flow passages, thence axial
heat conduction becomes significant.

Simplifying assumptions concerning the fluid flow pattern cannot be easily introduced in all cases. For
example, the flow in the shell side of shell-and-tube heat exchangers is so complicated that some
allowance for the departure of actual flow from that assumed in the theoretical predictions should be
taken into account. This departure from the ideal flow patterns is usually called maldistribution.
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Flow maldistribution appears in exchangers with parallel channels as an imbalance of the fluid mass
flow rate among the passages. This imbalance is mainly due to tolerances in manufacturing, pressure
drop in the manifolds, and deposition of impurities on the exchanging surfaces. The extent of the
problem increases rapidly as the desired efficiency is raised, and is also more severe with increasing
the number of heat transfer units. Although the magnitude of the deviations from the nominal
performances will vary with the care used in designing and fabricating the heat exchanger, there are
some upper limits to the manufacturing accuracy which cannot be exceeded at a reasonable cost, thus
some technique should be devised to compensate the imbalance whenever it is significant.

11.4.2 Longitudinal heat conduction

Is has been assumed up to now that there is no heat conduction in the flow direction, either through
the fluid or through the solid wall.

The effect of axial heat conduction through the fluid is usually neglected in conventional heat
exchanger design, since the thermal conductivity of fluids is small (liquid metals excepted). The order
of magnitude of the longitudinal fluid conduction compared with longitudinal fluid convection equals
the inverse of the Peclet number, Pe = PrRe, so that the effect of longitudinal conduction can be
ignored in comparison with longitudinal convection effects for Peclet numbers exceeding 100. The
analysis by Schmidt & Zeldin (1970) [159] could be used to estimate the heat transfer rate in the
entrance region of ducts taking into account the effect of longitudinal conduction.

Well-conduction effects may be important in heat exchangers designed for high effectiveness (> 0,9).
The effect of wall conduction is to reduce the temperature gradient along the fluid, thus decreasing
the heat exchanger effectiveness.

A rough estimate of the effect of heat conduction through the wall may be obtained by equating the
ratio between the decrease in effectiveness due to wall conduction, and the effectiveness in absence of
wall conduction, to the ratio between heat conducted through the wall and heat convected by the
flow.

S (k/L)A A

. . [11-11]

where k is the wall thermal conductivity, L the flow length of the duct, and A« the cross-sectional area
of the wall for longitudinal conduction. A is the conduction parameter, defined as shown. For high
effectiveness exchangers (¢= 1), the exchanger ineffectiveness, 1 - ¢, is approximately equal to A.

To obtain a better estimate of the effect of wall conduction it is necessary to solve the differential
equations describing the heat exchanger process with the appropriate boundary conditions. Kroeger
(1967) [110] carried out such an analysis, for the case of a counterflow exchanger, both for balanced
flow, R =1, and for unbalanced flow R <1, under the basic assumption of constant material properties.
Figure 11-29 to Figure 11-31 show the ineffectiveness, 1 — gas a function of the overall number of heat
transfer units,

1 1 1
= + [11-12]

tuy tu,

for three different values of R.
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Figure 11-29: Heat exchanger ineffectiveness, 1-¢, vs. number of heat transfer
units, Nu, for a counterflow heat exchanger. Results are shown for R =1 and
different values of the wall conduction parameter, A. From Kroeger (1967) [110].
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Figure 11-30: Heat exchanger ineffectiveness, 1-¢, vs. number of heat transfer
units, Nu, for a counterflow heat exchanger. Results are shown for R = 0,95 and
different values of the wall conduction parameter, A. From Kroeger (1967) [110].
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Figure 11-31: Heat exchanger ineffectiveness, 1-¢, vs. number of heat transfer
units, Nu, for a counterflow heat exchanger. Results are shown for R = 0,90 and
different values of the wall conduction parameter, A. From Kroeger (1967) [110].

Typical values of Nu range widely. For the Spacelab Freon to Water Interloop Heat Exchanger (see
clause 11.7) Nu varies from about 5 to about 20, depending on the operating conditions (Owen,
Sessions & Walker (1976) [139], pp. 54-55). On the other side, Cowans (1974) [28] describes a
counterflow heat exchanger, for a cryogenic life-support system, which was designed to operate at a
value of Nw as large as 200.

Figure 11-32 gives the ineffectiveness, 1 - ¢ as a function of the conduction parameter, A, for Nu = 50
and several values of the capacity-rate ratio, R.
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Figure 11-32: Heat exchanger ineffectiveness, 1-¢, vs. dimensionless wall
conduction, 4, for a counterflow heat exchanger. Results are shown for N =50 and
different values of the capacity-rate ratio, R. Calculated by the compiler after
Kroeger (1967) [110].

Curves labelled A = 0 in these figures relate the ineffectiveness, 1 - ¢ to the number of heat transfer
units, Nu, when wall conduction effects are absent, thence the increase in ineffectiveness for a given
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non-zero value of A can be estimated from the figures. It is seen that the wall conduction effects
increase with the number of heat transfer units. For large values of N the ineffectiveness approaches
an asymptotic minimum which, according to Kroeger (1967) [110], is given by:

lim(1-¢)= A forR-1 [11-13]
Ny = 1+2A
or
lim (1-¢)= 1_5? , forR<1
N> R+1 % [11-14]
3R-1

It should be indicated that while the expression for R = 1 is "exact", within the validity of the
assumptions used throughout the analysis, the expression for R <1 involves further assumptions.

The results presented in Figure 11-29 to Figure 11-32 also indicate that the capacity rate ratio, R, has a
strong influence on the ineffectiveness, the most severe deterioration arising when both fluids have
the same flow capacity rate (R =1).

11.4.3 Flow maldistribution

Flow maldistribution appears when the fluid flow is not uniformly distributed over the heat transfer
surface or, still worse, when portions of the stream bypass the surface entirely.

The problem of predicting performance as a function of flow maldistribution cannot be completely
solved because of the infinite number of ways the flow can distribute in a heat exchanger. The
purpose of this clause is then to discuss the several ways in which maldistribution can take place; to
predict performance degradation in some very simple cases; to indicate some cures to performance
degradation, and to introduce the relevant literature on the subject. No attempt is made here to relate
flow maldistribution to manufacturing tolerances, poor header design or in service degradation of the
exchanging surfaces, rather the level of maldistribution is defined by means of appropriate parameters
and the effect of these parameters on the performance is assessed. Manufacture and in service
degradation will be considered in Clause 11.5. The effect of header design on flow distribution has
been discussed by Cichelly & Boucher (1956) [26] and by Freas & Ozisik (1965) [67], among others.

11.4.3.1 Simple analyses

In order to introduce the subject let us discuss several simple examples where performance
degradation can be estimated without difficulty.

First we will consider the case of surface bypassing. The fluid velocity and, hence, the heat transfer
coefficient, h, are decreased by departure of a portion of the total outside stream from the available
area through the active surface. Thus the bypass stream reaches the exchanger outlet uncooled (for
unheated) in the worst conceivable case, and only there mixes with the active stream. The resulting
outlet temperature will be:

T, = 4T, +(1- T =T+ (T, -T2 [11-15]
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where ¢ is the mass fraction bypassed, and T’ is the outlet temperature of the active stream, whose
mass fraction is 1 - ¢ If the desired heat duty is to be accomplished, the active-outlet to inlet
temperature difference is increased according to:

T, -Ti= %(To -T) [11-16]

SN

This form of maldistribution appears in the shell side of shell-and-tube heat exchangers, and will be
discussed with some detail in clause 11.4.3.2.

Flow maldistribution is not so drastic in the case of parallel channels although performance
degradation can be more important if high efficiencies are required.

To illustrate the effect of flow maldistribution on the performance of heat exchangers formed by
parallel channels, we will consider the following simple example, borrowed from Weimer & Hartzog
(1973) [187]. Let us start with the problem of countercurrent flow between two fluid streams with the
same capacity rate ratio (Cr = Cc = C). Then, for a perfectly balanced exchanger (see clause 11.2.2),

Q=C(T,-T,)=C(T, -T,)= AUAT [11-17]
and
AU
N, =—— 11-18
w=Tg [11-18]

If the two fluids are not divided evenly among the several parallel sections of the exchanger, then for
one of these sections, 1, with the inlet temperatures fixed,

Qn = Ch,n (Thi _Tho,n ): Cc,n (Tco,n _Tci ): (AU)nTIm,n [11-19]

where the logarithmic mean temperature difference (see clause 6.2.1) is used since the hot fluid to cold
fluid temperature difference is no longer constant, along the passages because of the flow imbalance
(Ch,niCc,n).

. Thi _Tco,n - (Tho,n _Tci)
" T T [11-20]

!
Toon =T,

AT,

ho,n ci

Combination of the above equations yields:
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1.Qc

=N, (AU)”[ c_¢ J [11-21]

Q
N, QC,
1 @ Cc AU
N, QC,,

[lustrative results are given in Figure 11-33 and Figure 11-34. To calculate the data shown in these
figures the heat exchanger is assumed to be divided into two equal parts, each having surface A» =
A2, U n = U and Cen=C/2, but having the hot fluid maldistributed such that in one of the Exchangers

Cn1=C(1 + ¢)/2, whereas in the other Ci2 = C(1 - ¢)/2, ¢ being the maldistribution parameter. It is also
assumed that the fluid specific heat is independent of temperature.
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Figure 11-33: Relative capacity, ZQ./Q, of a simple two fluid heat exchanger vs. the
maldistribution parameter, ¢, for several values of the nominal number of heat
transfer units, Nn. From Weimer & Hartzon (1973) [187].
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Figure 11-34: Relative surface requirements, XA./A, of a simple two fluid exchanger
for fixed total duty vs. the maldistribution parameter, ¢. Results are shown for
several values of the nominal number of heat transfer units, Nu.. From Weimer &
Hartzog (1973) [187].
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Figure 11-33 shows the reduction in duty of the heat exchanger as a function of the maldistribution
parameter, ¢ for several values of Nuu.

It can be seen that the effect of a given degree of maldistribution is strongly affected by the nominal
number of heat transfer units in the exchanger. It should be said, however, that large values of ¢ are
highly unrealistic; for a countercurrent plate-fin exchanger, maldistribution parameters of 0,1 are
normally tolerated.

Figure 11-34 indicates how much surface should be added to the exchanger to achieve the same heat
transfer duty for a maldistributed case as for a perfectly distributed case.

Notice that for each design value of Nu there is a limiting degree of maldistribution beyond which no
further increase in exchanger surface can restore the original duty.

A slightly more general approach to performance prediction in terms of maldistribution has been
taken up by Fleming (1967) [65], who considered a split counterflow heat exchanger, Figure 11-35. One
side of this heat exchanger, the "uniform" side, has flow distributed uniformly among all its channels.
The other side, the "nonuniform" side, which carries the same total flow rate as the uniform side, is
divided into two parts, the first one carries a lower-than-average flow in each channel uniformly
distribution among the fraction Frow of the total channels, whereas the second part carries a higher-
than-average flow in each channel uniformly distributed among the fraction 1 - Frw of the total
channels.

FRACTION £, OF TOTAL ==
CHANNELS _e%

FRACTION 1-F,, OF TOTAL CHANNMELZL

Figure 11-35: Flow distribution model for the non-uniform side. From Fleming
(1967) [65].

The first problem considered by Fleming corresponds to the case of paired channels. Paired channels
means that each channel with hot fluid is in thermal contact with a single channel with cold fluid for
the whole length of the exchanger. A purely counterflow shell-and-tube exchanger or a plate-fin
exchanger almost fits into this category, although the channels are not paired strictly on a on-to-one
basis, but rather, each channel may exchange heat with more than one channel on the other side.

Representative results are given in Figure 11-36. Data on Figure 11-36a have been computed for a
nominal number of heat transfer units Nu = 10, and those in Figure 11-36b for Nt = 100.
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Figure 11-36: Overall effectiveness, ¢ and effective number of heat transfer units,
Nuuesr, vs. the fraction, Frow, of channels which carry lower-than-average flow on the
nonuniform side of a "paired channels" heat exchanger. Results are shown for
different values of the ratio of the capacity rate, Crow, of a single channel with
lower-than-average flow to the capacity rate, Cuig, of a single channel with higher-
than-average flow. (a) is for a nominal number of heat transfer units Nu =10 and
(b) for Nu =100. From Fleming (1967) [65].

It can be deduced from Figure 11-36 that the effect of flow maldistribution increases with increasing
the nominal number of heat transfer units and can be very severe for high Nu values, thence a strong
emphasis should be placed on good header design and on channel uniformity. As a demonstration of
the effect of flow maldistribution, suppose an exchanger designed with Nw = 100 for an overall
effectiveness of 0,99. If, however, half the tubes on one side each carries 0,8 of the flow carried by each
tube of the other half (Frow = 0,5, Crow/Chigh = 0,8 in Figure 11-36b) the actual overall effectiveness will be
only &= 0,944 and the effective number of heat transfer units, Nues= 16,5.

The situation is much more favourable if it is assumed that the uniform flow side is completely and
continuously mixed throughout the heat exchanger. An example of exchanger which comes close to
this case would be the purely counterflow shell-and-tube exchanger, if the tube side is considered to
be the nonuniform side. As a consequence of the complete mixing assumption the fluid temperature
in the uniform side is uniform at any cross section.

Results from calculations performed by Fleming (1967) [65] are given in Figure 11-37. It can be seen
that even for large non uniformities (Crow/Chign = 0,5) there is little effect on the exchanger thermal
performance, and that this effect is more pronounced for smaller values of Nu.
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Figure 11-37: Overall effectiveness, ¢, vs. the fraction, Frow, of channels which carry
lower-than-average flow on the nonuniform side of a heat exchanger with uniform
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side mixed. Results are shown for different values of the nominal number of heat
transfer units N, and of the ratio Crow/Chigrn. From Fleming (1967) [65].

Complete mixing at any cross section is an ideal limit which cannot be realised in any real heat
exchanger. A step in the direction of continuous mixing would be the collecting and mixing of one or
both streams at intervals along the exchanger length. This case has been also considered by Fleming
(1967). In order to move beyond the considerations presented above, it is necessary to particularise the
study to configurations of actual heat exchangers and to develop mathematical models for simulating
actual exchanger performance. Results for helical coil-wound exchangers and for plate-fin exchangers,
both two-fluid and four-fluid exchangers, have been given by Weimer & Hartzog (1973) [187].

11.4.3.2 Maldistribution compensating techniques in shell-and-tube heat
exchangers

The ideal flow distribution in the shell side of a baffled exchanger is shown schematically in Figure
11-38.

Figure 11-38: Ideal flow distribution in the shell side of shell-and-tube heat
exchangers.

The actual situation is far from ideal, however, unless especial provisions are taken to minimise the
adverse effects. The several fluid pathways which appear in practical cases are shown in Table 11-13.
Although the performance degradation associated with each fluid pathway can be estimated (see a
critical survey of the available design methods by Taborek (1974) [171]) engineering practices for
reducing maldistribution in the sell side of shell-and-tube exchangers are well known. These practices
are summarised in Table 11-14.
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Table 11-13: Fluid Paths in the Shell Side of Shell-and-Tube Exchangers ?
Stream Definition Sketch Source of Maldistribution Comments

B True crossflow stream Basis for comparison of
e
—i i both heat transfer and
i s e e i
E = 7= pressure drop.

A Flow through the gap —_— Standard baffle tube holes are | Fully effective for heat
between the tube and the = —?;_'zﬂ drilled 0,79x10+ m (1/32") over |transfer. Decreases the
baffle tube hole, which is E = __E;: the tube outer diameter for overall pressure drop.
induced by the pressure = = unsup-ported tube lengths
differential on the two sides I below 0,914 m. For larger
of the baffle lengths or for pulsating

conditions tube holes may be
drilled smaller than standard
(TEMA (1968) [176]).

C Flow bypassing the bundle Bundle-to-shell clearance. Partially effective for
Blocking devices are be used | heat transfer as the
when these clearances are fluid contacts the heat
larger than approximately one |transfer-ring surfaces
tube layout pitch. on one side of the

tubular field only

D Flow through open passages Open passages in tube layout | More effective for heat

in tube layout partitions
when they are in the
direction of the main
crossflow stream

partitions.
Use of blocking devices is
recommended.

transfer than C-stream.
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Stream Definition Sketch Source of Maldistribution Comments
E Leakage flow between baffle = — Shell-to-baffle clearance. For Very ineffective for
and shell. : _E heat exchangers of general heat transfer. It greatly
i_ 3 purpose applications this distorts the
— 2 clearance is equal to 2,54x10+ m | temperature profiles.

for nominal shell inside
diameters in the range 0,152 m
to 0,330 m (TEMA (1968) [176]).

@ Arranged by the compiler after Taborek (1974) [171]. Capital letters labeling the different pathways are those used by Taborek.

Table 11-14: Engineering Practices for Reducing Maldistribution in the Shell Side of Shell-and-Tube Exchangers ?

Configuration and correction practice

Sketch

Comments

Basic configuration.

Conventional 4 pass layout. No baffles are used.

The fluid in the tube side flows perpendicularly to the
plane of the figure.

In two of the bundles the fluid flow toward the observer,
and in the other two from the observer toward the figure,
thus the fluid in the tube side traverses four times the heat
exchanger before leaving it.

The flow in the shell side is essentially parallel to the
tubes, and because of the open space and the frictional
resistance of the tubes, the actual velocity in the vicinity
of the tubes is considerably less than the velocity through
the open spaces. Calculations of the heat transfer
coefficient based on the mean velocity through the shell
side will be in error.

Addition of segmented baffles.
A baffle cut of approximately 20% is provided as indicated
in the sketch.

Even assuming that clearances between inside diameter
of the shell and baffle diameter are kept to a minimum
and that other bypass paths are minimized, mere addition
of segmental baffles does not guarantee agreement
between theoretical prediction and actual performance.
The flow is partly parallel and partly normal to the tubes
and, in addition, bypass lanes still exist.
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Configuration and correction practice

Sketch

Comments

Addition of tie rods and concentric spacers may be so
chosen as to block the bypass area between the outermost
tubes and the inside of the shell.

Tie rods and concentric spacers are used to hold baffles in
position against mechanical forces during bundle
assembly or removal, and against fluid forces during
operation.

Insertion of rods or dummy tubes.

The aim of these rods is to block the bypass are in tube
layout partitions. The number and size of the dummy
tubes vary with the size of the tube bundle and the width
of the pass lane. It is considered good practice to use a
dummy tube at every fifth row.

@ Arranged by the compiler after Gilmour (1965) [72].
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11.4.3.3 Maldistribution compensating techniques in parallel counterflow heat
exchangers

A way to solve the imbalance problem in parallel counterflow heat exchangers has been suggested by
Cowans (1974) [28]. The device, which can only be used with gases, is based on the effects of
maldistribution upon the fluid temperature profiles along the heat exchangers, Figure 11-39.

ouT GAS oUT GAS

HEAT EXCHANGER

Figure 11-39: Schematic of the temperature distribution along the heat exchanger.
(a) Balanced case. (b) Imbalanced case. From Cowans (1974) [28].

Figure 11-39a shows the temperature profile for a balanced heat exchanger. The resulting curves are
parallel-straight lines. Figure 11-39b, in its turn, corresponds to a case of flow imbalance. It is realised
from these figures that when the mass flow rate of the hot flow becomes higher-than-average the
temperature profiles shift up, particularly in the middle of the heat exchanger, and that they will shift
down when the mass flow rate of the hot flow becomes below average. This shift in temperature
induces a shift in pressure drop.

For laminar flow,

d
P _# [11-22]
dx p
since dp/dx ~ um/p (see clause 7.2.2).
For turbulent flow, on the other hand,
d 0,2
@@ _H [11-23]
dx p

since dp/dx ~ Anw?/p and A ~ Re021 02 (see clause 7.2.2 and Table 7-2 in clause 7.2.2.1). In addition, for
most gases p~T06008 and p~T"'. Thus, dp/dx increases when the temperature increases for both laminar
and turbulent flow of gases.

The shift in temperature does not mitigate the flow imbalance in a typical heat exchanger since both
sides of the exchanger are affected in the same manner because the temperature profiles are quite
similar. Cowans (1974) [28] conceived the idea of shaping the two sides of the heat exchanger passages
differently (Figure 11-40) so that the temperature shift in the middle of the exchanger strongly affects
the pressure drop of the hot flow only. According to Cowans the power of this feedback is quite
substantial. He reports that the performance of a high-efficiency (¢ > 0,9925) balanced-flow
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countercurrent heat exchanger designed for operation at Nu =200, was so degraded by flow imbalance
that the actual effectiveness of the prototype was &= 0,95 and Nu = 20. After improvement of design
and manufacturing techniques the performance improved to ¢ = 0,97, Nu = 33. No further
improvements in manufacturing techniques could be attained. After the feedback compensation
technique was conceived another unit was designed and built identical to the last unit but with the
passages tapered from 0,7 x 10 m to 0,3 x 10? m in one dimension, as indicated in Figure 11-40. All
other parameters remained unchanged. The efficiency of the modified unit improved to ¢ = 0,994
giving Nu =167.

HOT FLOW ——

—
y—
—

[

[ a—

Figure 11-40: Flow imbalance compensating technique for gas to gas heat
exchangers. From Cowans (1974) [28].

This feedback compensation technique cannot be used with liquids since in this case p is practically
temperature independent whereas u decreases when the temperature increases. Thence, an increase in
temperature produces a decrease in pressure drop and conversely.

No information has been found on flow imbalance compensating techniques for liquid to liquid heat
exchangers.

11.5 Manufacturing defects

11.5.1 Introduction

The advantage which present heat exchangers employing high area density surfaces can be fully
exploited when manufacturing tolerances are kept under close control. Nevertheless, there are some
upper limits to the achievable accuracy. For instance, it is difficult to fabricate heat transfer surfaces to
a dimensional tolerance better than + 5%. This figure would be typical of very good practice.

The aim of this clause is to relate manufacturing imperfections to performance degradation in real
heat exchangers. In several instances analytical models exist which provide useful guidance in the
definition of the manufacturing tolerances. In other cases. however, one must resort to the testing of
representative configurations. The influence of manifold irregularities is difficult to assess since any
effect due to this factor can be hidden in the overall design by increasing the total pressure loss
through the exchanger core. According to Cowans (1974) [28], a + 5% variation in the pressure loss for
a given mass flow rate due to this cause could be considered excellent practice.

11.5.2 Variations of the flow passages

A theoretical analysis of the performance degradation in laminar flow regenerators (clause 11.1)
because of small variations in spacing between corrugations was made by London (1970) [118]. The
non uniformities considered are either of the "plate-spacing type", Figure 11-41a, or of the "fin-spacing
type", Figure 11-41b. The geometrical characteristics of the surfaces are summarised in Table 11-15.
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Figure 11-41: Plate spacing, (a), and fin spacing (b), type flow passage non-
uniformities. From London (1970) [118].

Table 11-15: Nominal Dimensions for Numerical Results

Glass-ceramic isosceles triangular
passage geometry

Stainless steel deppfold configuration

- —
L SYINES ¢
ool

r_.,'lf! an |

Cell base ¢ x 10: [m] :0,643

Cell height d x 10 [m] :0,457

Cell height-to-width ratio :0,710

Apex angle [angular degrees] :109,2
Passage count Nx10+ [Passages.m?] :3,4
Porosity =¢ :0,650

Area density *o [m2.m=] :7900

Flow area per passage Arn x 10¢ [m2] :0,190
Hydraulic diameter D: x 10: [m] :0,330

Passage width c x 10: [m] :0,360

Passage height b x 10 [m] :2,88

Passage aspect ratio b/c :8,00

Foil thickness a x 10s [m] :53,3

Fraction of foil surface coverage, y :0,125
Passage count N x 10+ [Passages.m?] :0,809
Porosity = ¢ :0,840

Area density *o [m2.m=?] :5250

Flow area per passage Ar x 10¢ [m?] :1,037
Hydraulic diameter Dt x 10: [m] :0,640

= Porosity, ¢, is the ratio of flow are to frontal area of matrix core.

®  Area density, ¢, is the ratio of heat transfer surface area (two sides) to core volume.

< Fraction of foiled surface coverage, y, is the fraction of foil stock surface that covers itself for the deepfold

surface. For exactly rectangular folding: y = (c+2a)/(2c+b+2a).

NOTE From London (1970) [118].

The assumptions on which the analysis is based are listed in Table 11-16. The approach can be applied
to other geometrical configurations, other types of non-uniformities and other flow conditions.
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Table 11-16: Basic assumptions for the theoretical analysis

1. Heat transfer coefficient and friction factor are constant with passage flow length.

2. The flow is assumed to be laminar (the passage Reynolds number, Re, is less than 500). Although
in the case of triangular passage geometry, the cells are isosceles triangles of apex 109 deg, data for
equilateral triangles are used in the analysis.

3. End losses are small enough relative to tube friction so that their influence is negligible.

4. Fluid properties, p, p and Pr are the same for all passages and can be treated as constant.

5. To deal with flow passage cross section non-uniformities, the following assumptions are made.
5.1. Wall temperature increases linearly along each passage reaching a common maximum value at
the exit.

5.2. The fluid bulk temperature at the passage entrance is the same in any case.

5.3. Wall to fluid temperature difference remains constant along the tube.

As a consequence of these assumptions the following simple relations between passage heat
transfer effectiveness, ¢, and passage number of heat transfer units, N«w, holds:

N

g, =—"— , n=12
1+ Ntu,n
where € and Nw are defined as follows:
g = oo~ Toi
Two _Tbi
hJZDE L Q
mc, mc,(T,-T,)

Nett for the combination 1-2 passage system can be expressed as
— gav
Wegs -
1-¢,
where &av represents the weighted average of the mixed flow outlet stream temperatures,
me, +m,é&,
m +m,

av

5.4. The mass flow rates m1 and mz through passages 1 and 2 respectively, are distributed so as to
ensure that the pressure drop is the same for both passages.

NOTE  Arranged by the compiler after London (1970) [118].

The results are presented in Figure 11-42 as a heat transfer performance penalty and a pressure loss
reduction (a gain) relative to the behaviour of the exchanger with uniform geometry, versus the
geometrical non-uniformity, which is measured in terms of the relative change of a characteristic
length of the passage cross section.
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Figure 11-42: Degradation in the heat exchanger thermal performance, measured
by Costnu, and relative gain in pressure loss, 1-(4p1/4p»), as functions of the
deviation in channel size, 1-(Dt1/Dex). Results in (a) apply to any cylindrical

passage provided that the non-uniformities are geometrically similar. Results in

(b) are for non-uniformities of the fin-spacing type. From London (1970) [118].

The degradation in the heat exchanger thermal performances is expressed by means of the cost
fraction

tUefr

Cost, =1- [11-24]

tu

Nu corresponding to the nominal configuration.

Manufacturing tolerances can be tentatively specified on the bases of these results. It is not yet clear
what statistical methodology should be used to relate manufactured cores, with a distributed range of
sizes, to the equivalent two-size-passage model used in the analysis. As a tentative proposal, based on
Figure 11-42a and b, the following manufacturing tolerance targets are recommended.

1. Geometries where the distortions tend to preserve geometrical similarity with the
nominal configuration

2
1—[ [[))E J =120 percent [11-25]

En
av

and 95 percent of the passages within + 40 percent. This corresponds to 1 - (De1/Dex) = 0,10
in Figure 11-42a.
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2. Deepfold plate-fin surfaces for fin-spacing non uniformities
C
[1——} = +10 percent [11-26]
C“ av

and 95 percent of the passages within + 20 percent.

11.5.3 Fin leading edge imperfections

This effect is particularly noteworthy when strip-fin surfaces, as those shown in Figure 11-3e, are used
in compact heat exchangers. Fins of this type are generally constructed by a machine-cutting process
that inevitably leaves a slightly bent and scarfed fin edge, whose geometrical characteristics depend
upon the fin material and upon the cutting tool. Since a few microns of scarfing can have a
considerable effect on the friction performance of the surfaces, it is difficult to either dimensionally
describe this effect or to exactly reproduce the test surfaces.

A soft material, such as aluminium, may be expected to yield fin edges which are somewhat different
that those obtained from a hard material, such as stainless steel. Thence, some experimental
uncertainty should be accounted for when performance data obtained with aluminium test surfaces
are applied to surfaces of stainless steel construction. In these situations, some conservatism in design
is advisable (Kays & London (1964) [102]).

11.5.4 Brazing

Brazing is used in compact exchanger surfaces for structural stability purposes and for insuring
adequate thermal contact between fin and base plate.

The influence of brazing on the heat transfer characteristics is small. Brazing results in coverage of
surface with consequent reduction of the total heat transfer area. This is detrimental in the case of
regenerators where brazing is used only for structural purposes.

On the other hand, the influence of brazing on flow friction is quite significant because of the
roughness it introduces. This roughness is of two types: 1) a fine grained surface roughness and 2) that
produced by the flow of excess braze material during the fusion process which partially blocks the
flow passages. The influence of brazing roughness decreases as the core becomes less compact,
because then both the dimensionless roughness, ¢/Dr, and the blocking of the flow passages are
reduced.

The influence of brazing on the performances of compact heat exchangers has been studied
experimentally by Shah & London (1970) [164]. Although these authors tested three different heat
transfer surfaces, only two of them will be considered here because their geometries are very similar
and because their performances were measured by used of the same experimental method.

The configurations chosen for the test are offset rectangular plate-fin surfaces of the plate-fin strip-fin
variety. The general features of the fins are depicted in Figure 11-43, whereas Table 11-17 provides a
comparison of the tested surfaces.
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Figure 11-43: Fin center of offset rectangular plat-fin surface. From Shah & London
(1970) [164].

Table 11-17: Characteristics of Offset Rectangular Plate-Fin Surfaces

Core Number » 501 501 MOD

Plate spacing, b x 10% [m] 0,673 0,665
Fin pitch, ¢ x 10° [m] 0,688 0,711
Fin offset length, 1 x 10° [m] 1,27 1,27
Plate thickness, a x 10° [m] 0,154 0,025
Fin thickness, & x 10° [m] 0,025 0,025
Porosity ®, ¢ 0,744 0,896
Area density ¢, o [m2.m?] 4610 6240
Area density 4, f [m2m?] 5650 6483
Hydraulic diameter, De x 10° [m] 0,645 0,574
Dimensionless core length in flow direction, L/De 101,2 113,2
Dimensionless fin offset length, 1/Dk 1,97 2,21
Aspect ratio, o* = (b-8)/(c-6) 0,977 0,933
Brazed construction yes no

2 Author’s designation.
b Porosity is the ratio of free flow air on one side of the heat exchanger core to frontal area of that side.

¢ Area density a is the ratio of total heat transfer area of one side of the heat exchanger to total exchanger
volume.

4 Area density b is the ratio of total heat transfer area on one side of a plate-fin heat exchanger to the volume
between the plates on that side.

NOTE From Shah & London (1970) [164].

269



ECSS-E-HB-31-01 Part 13A
/ E CSS 5 Decembael;‘ 2011

Both surfaces were built into cores for the heat transfer testing with a 82,5 x 10 by 82,5 x 10 m test
cross section and a 65,3 x 10 m air flow length. In Core 501, the fins were separated by plates of 0,152
x 10 m thickness and the core was brazed. In Core 501 MOD the fins and the plates both were 0,025 x
10° m thick and were stacked alternatively without brazing. Material for the plates and fins for both
cores was stainless steel (AISI 347 type).

The values of @, o, fand Dkt in Table 11-17 are calculated on the basis of some geometrical idealisation
of the cells constituting the core. Figure 11-44 shows the models used to derive these properties.

| ] o M ¢ —]
i ! N E|3
| \ | |
d e CIE S
{a) | | | () ]
1 : 1 i | b E
J_%,.__... N, 'ﬂ-.ﬁ. y : "
* ]
Ideal model Tor Revised model for Ideal model for
Covre 501. Core 301 MOD. Core 301 MOD.

Figure 11-44: Assumed core geometries. From Shah & London (1970) [164].

Model (b) represents fairly realistically the unbrazed surface, which did not exhibit as complete
mechanical contact between fins and plate as could be wrongly deduced from model (c). The values of
the relevant parameters as deduced from models (b) and (c) are compared in Table 11-18. It can be
seen that model (b) yields the higher area density, and consequently the lower De, by about 14
percent.

Table 11-18: Core 501 MOD Geometries Derived from Different Models

Table 11-17 | Rectangular Model | Modified Model
Figure 11-44c Figure 11-44b

Cell height, d x 10° [m] 0,691 SAME

Cell width, ¢ x 103 [m] 0,711

Plate thickness, a x 103 [m] 0,025

Fin thickness, 6x 103 [m] 0,025

Porosity, @ 0,896 2 0,893 0,902

Area density, o [m2m?] 6240 5381 6240
Hydraulic diameter, De x 10° [m] 0,575 0,667 0,574

2 Porosity determined gravimetrically.
NOTE From Shah & Londono (1970) [164].
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Heat transfer tests were made by the single-blow transient testing technique. A summary of the theory
underlying this technique, a description of an experimental facility, and comments on the applicability
of the test results can be found in Pucci, Howard & Piersall (1967) [145]. Pressure loss was measured
by the conventional steady-flow procedure.

The dimensionless heat transfer and fluid friction characteristics are presented in Figure 11-45 as
functions of the Reynolds number, Re, based on the hydraulic diameter, De. Heat transfer data are
presented in terms of the Colburn factor, j (see Eq. [11-12] in clause 8.2.4). Fluid friction data are given
in terms of the Fanning friction factor, f (see clause 7.2.2). Estimates of the experimental uncertainty
are as follows: j 13 %, f+ 3 % and Re + 2 %.

It can be seen from Figure 11-45 that both surfaces exhibit quite closely the same heat transfer
characteristics. At low Reynolds number the gross blockage due to brazing would reduce j slightly. At
high Reynolds number, however, brazing roughness induces an earlier transition to turbulence
improving the heat transfer. The different slope of the two curves could be also due to a 10 percent
difference in 1/Dk, as indicated in Table 11-17.

T TTT7 1 T [

I

. O £ 509 -
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|
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’ | W) 501MOD
!
f+F 07
[
A
2
1p-2
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5 nd 2 2 5 10f
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Figure 11-45: Heat transfer, j, and friction, f, characteristics as functions of
Reynolds number, Re, for surfaces 501 and 501 MOD. From Shah & London (1970)
[164].

The frictional characteristics are, on the other hand, strongly influenced by brazing. The surface with
the greatest relative roughness (Core 501) has 35-50 percent higher friction factor relative to the
smooth surface (501 MOD).

Figure 11-46 shows the flow area goodness factor, measured by the ratio j/f, as a function of the
Reynolds number, Re.
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Figure 11-46: Flow area goodness factor, j/f, as a function of Reynolds number, Re,
for surfaces 501 and 501 MOD. From Shah & London (1970) [164].

11.6 In service degradation

11.6.1 Introduction

Performance degradation of real heat exchangers could be due to incompatibility of the working fluid
with the material surfaces and to impurity deposits. Data on material compatibility of typical liquid
coolants with both metals and elastomers are given in clause 10.3, Table 10-2 to Table 10-9. The effect
of impurity deposits can vary enormously. If the stream is pure and the time between overhauls short,
the effect can be nil. Because of the relatively short orbital time of present manned spacecraft, which
are the only satellites in which the use of relatively sophisticated fluid loops is envisaged, the effect of
impurity deposits is negligible. Nevertheless, the problem will become more acute in the future with
the advent of reusable space vehicles.

11.6.2 Fouling

The term fouling is used in the literature to describe any undesirable deposit on heat exchanger
surfaces which increases resistance to heat transfer. There are a great variety of fouling forms
(polymerisation, chemical reaction deposits, crystallisation, sedimentation, corrosion, etc.). This fact,
prevents a systematic treatment of the problem.

In general, the effect of fouling is described in terms of a fouling resistance, rr (often referred to as
fouling factor), which is added to the inverse thermal conductance (see Eqs. [11-2] in clause 11.2.2).

The expression for Us, thus becomes

- 1 a 1 ﬂ -1 -
Uh{f?hhh+(AN/Ah)k+(AC/Ah)qchc+rf+Acrfc} [11-27]
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where the value of r in each particular case can be found in some experience-based table. The most
comprehensive source of fouling data has been compiled by the US Tubular Exchanger Manufacturers
Association (TEMA Standards). Some useful values are given in Table 11-19.

Table 11-19: Fouling Resistance of Several Common Materials 2

Material rrx 104
[K.m2.W-1]

Gases and Vapors

Steam 0,88
Refrigerant Vapors 3,5
Compressed Air 3,5
Industrial Organic Heat Transfer Media 1,8
Liquids

Distilled Water 0,88
Refrigerant Liquids 1,8
Hydraulic Fluids 1,8
Industrial Organic Heat Transfer Media 1,8
Molten Heat Transfer Salts 0,88

2 From TEMA Standars (1968) [176].

While the fouling process is obviously a time function, a constant value of the fouling resistance is
generally used for design. This if then interpreted as a value to be reached in some reasonable time at
which the user of the equipment is willing to clean it. However, the fact that during short times the
equipment is clean and, therefore, will operate under frequently drastically different conditions is
rarely examined. Designing with a large fouling resistance, which is thought to be reached after a
certain time, often leads to a more rapid deterioration of the exchanger (Taborek, Aoki, Ritter, Palen &
Knudsen (1972a) [173]).

In practice, large fouling resistances occur often as a consequence of poor design. To avoid this, care
should be taken to prevent stagnant regions, by-passes, flow maldistributions, inadequate location of
baffles and rods, etc. (Gilmour (1965) [72]).

For many typical heat transfer processes, an improvement in the ability to predict the heat transfer
coefficient will be useless, unless accompanied by a correspondingly increased understanding of
fouling.

Yet, the efforts presently devoted to fouling are almost negligible. According to Taborek et al. (1972a)
[172], the main reasons for this state of affairs are:

1. Fouling is ill-suited for university-based investigations.

2. It is difficult to control the relevant parameters in a laboratory.

3. A continuous supply of flow, always under the same conditions, is required.
4. Long time is needed to obtain meaningful data.

5. There are many different types of fouling.

6. Fouling is influenced by many different factors.

Predictive methods for fouling behaviour are scarce. A good review of the models proposed in the
past has been recently completed by Taborek et al. (1972b) [173].
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The different forms of fouling, and the effect of the different parameters for each fouling process are
discussed in the following tables, especial emphasis is placed on those processes relevant in thermal
control technology. Table 11-20 describes the various fouling mechanisms. The effects on fouling of
different physical parameters are summarised in Table 11-21.

Table 11-20: Fouling Mechanisms *

Mechanism Description
Crystallization of . One of the most common causes of fouling.
inverse solubility salts.b L ) . ) . .
. Crystallization fouling exhibits different behavior depending on

whether the solution contains a single salt or a mixture of salts.

1. When the solution contains purely (or primarily) a single salt, the
crystalline formations show freat adherence to the surface and between
themselves. Because of this strong bond, the removal mechanism is
ineffective or negligible, so that fouling is insensitive to flow velocity and
thickness of the deposit layer. Thence:

o Fouling-time curve is growing function with no asymptotic value.

o Generally, an induction period exists during which no fouling
deposit occurs, until suddenly fouling starts and keeps growing
thereafter. The induction period is a function of surface material and
roughness.

2. When the solution is a mixture of salts, crystalline clusters build up in
irregular patterns, forming cavities between them which permit deposition
of suspended particles, thus decreasing the crystalline cohesion. In this case
the removal mechanism is a function of the flow velocity, and of the
thickness of the deposit layer. Thence:

o Fouling-time curve approaches an asymptotic value.

. The variety of crystalline forms, makes fouling initiation less
sensisitive to the size and distribution of nucleation cavities.

Sedimentation

. Occurs in many practical cases under normal gravity conditions.

. Some of the sedimented particles can act as catalysts or enter into
complex reactions.

. There are many types of fouling by sedimentation and therefore it is
difficult to state conclusions.

° Very sensitive, in general, to flow velocity.
Chemical Reaction . In many cases combined with crystallization.
and Polymerization . . . . .
. A critical variable is the surface temperature, since the reaction rate

will be very sensitive to changes in surface tempearture.

. Normally the fouling-time curves approach an asymptotic value,
indicating the existence of flow velocity-dependent removal
mechanisms.

Organic Material U Common to untreated water.
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Mechanism Description

th . . - . .
Grow o In most cases combined with crystallization or sedimentation

fouling, it can, however, exist as the predominant form.

. Existing studies are largely confined to specification of proper
treatment material.

Corrosion o Due to two different mechanism.
1. Creation of a crusty, heat resistance producing layer, such as rust.

2. Roughening of the surface, invariably connected with corrosion, will
produce nucleation sites for cyrstallization and sedimenetation.

J Systematic studies on this form of fouling are rare since it is often
difficult to separate corrosion fouling from other fouling processes.

2 Arranged by the compiler after Tabored, Aoki, Ritter, Palen & Knudsen (1972a) [172]

Inverse solubility salts are those exhibiting decreasing saturation concentration beyond a certain temperature.
As a consequence deposits start to form when such solutions contact heated surfaces. Water could contain
many salts of the inverse solubility type, especially CaCOs and CaSOa.

Table 11-21: Effects of Different Physical Parameters on Fouling *

Parameter Effect
Flow velocity Very strong effect on most fouling processes
Wall surface temperature Affects many fouling processes particularly crystallization and

chemical reaction

Fluid bulk temperature Affects reaction and crystallization rates

Material Important effect on fouling initiation.
Possible catalytic action and corrosion

Surface finish Important effect on fouling initiation. Roughness, size and
density of cavities will affect crystalline nucleation,
sedimentation and adherence tendency of deposits.

Equipment design, geometry Considerable differences exist depending on flow patterns,

and flow pattern velocity and wall temperature distribution, turbulence level, etc.

2 Arranged by the compiler after Taborek, Aoki, Ritter, Palen & Knudsen (1972a) [172].
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11.7 EXxisting systems

FREON TO WATER INTERCHANGER

1. Developer: Hamilton Standard, Division of United Aircraft Corporation (now United
Technologies Corporation), Bradley Field Road, Windsor Locks, Conn. 06096.

2. Function: Transfers heat from Space Shuttle Atmosphere Revitalisation Subsystem (ARS)
water loop to the Freon Coolant Loop (FCL). Normally heat is transferred from one of the
two redundant water loops to both Freon loops. In an abort situation, only one of the two
Freon loops may be operational.

3. Sketch:

ARS-Hy D
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4. Description: Plate-fin configuration, Counterflow arrangement except for the "tent top"

area at both ends of the core.
Fins Part. Area Core Size Dry
Sheets || Density Mass
a [kgl
Height || Thickness || Fins per || Thickness, || [m2m-] Hot Clod No
hx103 ax10® meter a’x10® Flow Flow Flow
[m] [m] [m] [m] Length, || Length, || Length,
Lo [m] || Le[m] || Ln¢ [m]
ARS 0,51 0,051 1260 0,127 6300 0,102 0,610 0,048 15,01
Water
FCL 0,51 0,051 1260 6300
Freon
21

Material: Fins, parting sheets, headers, bosses, etc. - Stainless steel.
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5. Performances:
Heat Temperatures Fluid Mass | Effectiveness| Pressure drop Ap x

transfer Flow rate, m € 107 [Pa]

rate [W] || TiIKI] To [K] [kg.s]
ARS 14140 321,52 280,5 0,058-0,129 0,93° 20,7 for m = 0,120 kg.s
Water 1
FCL 277,5 318 a 0,567 18,6 for m = 0,567 kg.s°
Freon 21 (2 loops) 1

2 Data from Hamilton Standard, CEI No. MC 250-0001-0040. Item No. 7.7. Post-landing conditions.

b

From the previously quoted temperatures.

References: The data are from Trusch & Nason (1975) [180], unless otherwise stated.

Developer: Hamilton Standard, Division of United Aircraft Corporation (now United
Technologies Corporation), Bradley Field Road, Windsor Locks, Conn. 06096.

Function: Rejects heat from the Space Shuttle Freon Coolant Loop (FCL) to the Ground
Support Equipment (GSE) coolant loops, during prelaunch and ground checkout mission
modes. Normally heat is transferred from one of the two redundant GSE loops to both

6.
GSE HEAT EXCHANGER
1.
2.
FCL loops.
3. Sketch:
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Description: Plate-fin configuration. Counterflow arrangement except for the "tent top"
area at both ends of the core. The FCL loop flow uses the way of minimum pressure drop
to minimise in flight Freon pumping power, whereas the GSE loop uses the way-side
ports, which lead to higher pressure drop, even though the mass flow rate is greater than
that for the FCL. This is no because pumping power of the GSE is of less concern.

Fins Part. Area Core Size Dry
Sheets | Density Mass
a [kgl
Height || Thickness || Fins per || Thickness, | [m2.m] Hot Clod No Flow
hx10° ax10? meter a’x10? Flow Flow Length,
[m] [m] [m] [m] Length, | Length, | L [m]
Lo [m] || Lc[m]
FCL 0,51 0,051 1260 0,127 6300 0,063 0,198 0,086 6,58
Freon
21
GSE 0,51 0,051 1260 6300
Freon
21
Material: Fins, parting sheets, headers, basses, etc. - Stainless steel.
Performances:
Heat Temperatures Fluid Mass || Effectiveness| Pressure drop Ap x
transfer Flow rate, m € 10 [Pa]
rate [W] | Ti[KI] To [K] [kg.s1]
FCL 31,194 355,54 275 0,693 88 P 12,1 for m = 0,693 kg.s™
Freon 21 (2 loops)
GSE 264 286 2 1,260 103,4 for m = 1,260 kg.s™
Freon 21
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Data from Hamilton Standard, CEI No. MC 250-0001-0025. Item No. 7.5. The heat exchanger described in this
document from HS, which resulted from a pre-contract award study, slightly differs from that described here.
Nevertheless, input and output temperatures are presumably the same for both heat exchangers. The quoted
temperatures correspond to prelaunch conditions.

b From the previously quoted temperatures.

6. References: The data are from Trusch & Nason (1975) [180], unless otherwise stated.

AVIONICS HEAT EXCHANGER

1. Developer: Hamilton Standard, Division of United Aircraft Corporation (now United
Technologies Corporation), Bradley Field Road, Windsor Locks, Conn. 06096.

2. Function: Cools re circulated air in three closed compartments of the Space Shuttle which
contain air-cooled electronic equipment. It is a component of the Atmosphere
Revitalisation Subsystem.

3. Sketch:
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4. Description: Plate-fin configuration. The core is composed of alternate layers of air,
primary coolant, and secondary coolant fins separated by parting sheets.

Air is circulated by one of two redundant fans which are mounted directly to the split
inlet header. Air cooling is provided by one of two redundant water coolant loops, both
of which pass through the unit in a four-pass counter crossflow manner.
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Fins Part. Area Core Size Dry
Sheets | Density Mass
a kgl
Height || Thickness || Fins per || Thickness, || [m2.m"] Hot Clod No Flow
hx10° ax10? meter a’x10? Flow Flow Length,
[m] [m] [m-] [m] Length, | Length, | L [m]
Ln [m] Lc[m]
ARS 5,08 0,051 945 0,102 2350 0,066 0,284 0,122 6,31
Air
ARS 1,27 0,051 1102 3900
Water
Material: Fins, parting sheets, headers, basses, etc. - Stainless steel.
5. Performances:
Heat Temperatures Fluid Mass || Effectiveness || Pressure drop Ap x 10-
transfer Flow rate, m € 3 [Pa]
rate [W] T: [K] To [K] [kg.s]

ARS 1541 331,52 311 0,110 0,65¢b 0,164 for m =0,110 kg.s!

Air

ARS 300 31354 0,040 9,997 for m = 0,044 kg.s!

Water

a

b

.-l"'---.-.-'-._.-.-.J
|

i}

mH G

-0

Data deduced from the values of & m and ¢y for Air and Water. See Eq. [11-16] in clause 11.2.2 With R = 0,664.

Additional data on the predicted performance of this heat exchanger are plotted below.

Effectiveness, & of the Avionics Heat Eschanger vs. water mass flow rate, mm0, for several values of

air mass flow rate.
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6. References: The data are from Trusch & Nason (1975) [180], unless otherwise stated. The
last sketch is from Hamilton Standard, CEI No: MC621-0008-0002. Item No. 2,30.

FREON TO WATER INTERLOOP HEAT EXCHANGER

1. Developer: Microtecnica, Via Madama Cristina 147 - Casella postale 210/Ferr., 10100
Torino (Italy).

2. Function: Transfers heat from a Freon loop, cooling the pallet-mounted equipment, to the
Spacelab water loop.

A heat exchanger based on an identical core is also provided for additional equipment
cooling. This heat exchanger is called Experiment Dedicated Heat Exchanger (EDHX).

3. Sketch:
—— SPATCLAB W, 0 LG
T pasLoas FACGH 3P 1005
4. Description: Plate-fin configuration. Counterflow arrangement once folded. The strip-fin-

plate-fin surface designed 1/8-19,82(D) is described in Table 11-5, clause 11.3.1.

Fins Part. Area Core Size Dry
Sheets || Density Mass
a [kgl
Height | Thickness || Fins per || Thickness, | [m2.m?3]| Hot Clod || No Flow
hx10° ax10° meter a’x10? Flow Flow || Length,
[m] [m] [m~] [m] Length, || Length, | Lu [m]
Li [m] || Lc[m]
Payload 521 0,102 780 0,152 2231 10,22
Freon 21
Spacelab || 5,21 0,